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Supercritical CO2 power systems are investigated as bottoming cycles of combustion turbines, limiting the power
output of the topping cycle to the range of 5-10 MW. Actually, the conventional combined cycle with a bot-
toming steam power plant is not convenient for a number of commercial combustion turbines. In particular, the
partial heating supercritical CO2 cycle, with a limited number of components compared to other cycles, is the
layout chosen in this work based on a relevant trade-off between heat recovery and cycle efficiency. Single-stage
radial turbomachines are selected for the power system components, considering the investigated range of power
production. Focusing on a number of cases, all related to commercially available combustion turbines, interesting
considerations about the size of both turbomachinery and heat transfer equipment composing the supercritical
CO» power cycle are possible thanks to scaling effects. However, proposing a customized supercritical CO cycle
for each combustion turbine is anything but a reasonably sound solution. Thus, a properly unified one-size-fits-all

supercritical COs-based power system should be duly considered from a more practical point of view.

Introduction

Combustion turbines are a widely used technology in electric power
generation as well as for aviation and marine ship power due to their
high efficiency, compactness and flexibility. However, combustion tur-
bine exhaust has large waste heat available. Actually, combustion tur-
bines with power output of around 10 MW run with efficiency in the
range of 30-35 % [1], so there is a lot of energy as waste heat in the
exhaust gas. As a matter of fact, around 20 MW of thermal power can be
recovered from a 10 MW combustion turbine, so small combustion
turbines offer a serious opportunity for waste heat recovery. In detail,
since utility and quality of the waste heat are determined by its available
temperature, combustion turbines are in the middle quality range [2],
though the exhaust temperature also depends on the operating load and
environmental conditions.

Combining a bottoming cycle to a combustion turbine is an effective
solution for exploiting the residual heat from the turbine exhaust.
Additional energy can be produced and the final efficiency of the com-
bined power system will increase. In general, recovering waste heat
from thermal engines as well as industrial processes is one of the main
pathways for cutting fossil fuel consumptions and carbon dioxide
emissions, hence alleviating current severe energy and environmental
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situation.

Combined cycle thermal power plants have great interest in the field
of power generation, due to their higher efficiency and lower environ-
mental impact compared to combustion turbine cycles and steam
Rankine cycle-based power plants independently. On the other hand,
supercritical carbon dioxide (sCO3) Brayton cycles have been investi-
gated in the recent years as alternative bottoming cycles of combustion
turbine units [3-7]. Initially proposed by Feher [8] and Angelino [9]
around fifty years ago, compared to other power systems, sCO; cycles
are simpler, offer a greater power density and have interesting cost
advantage for the use of very compact equipment, which is a conse-
quence of the high density and pressure of the working fluid [10].

The partial heating supercritical CO5 cycle

There are lots of possible sCO5 cycle layouts for power generation,
even suitable for waste heat recovery applications [11]. They consist of
many heat exchangers, compressors and turbines. However, an impor-
tant feature for such cycles is the relatively simple layout. Fig. 1 shows
the partial heating cycle, where two sCO3 streams are separated at the
outlet of the compression system (C): the first extracts heat in a low-
temperature heater (LTH) and the second recovers heat in a recuper-
ator (REC), then the two streams meet before entering a high-
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Nomenclature

a speed of sound, m-s~!

A area, m?

AMC Acceleration Margin to Condensation
CR heat capacity rate ratio

D diameter, m

h specific enthalpy, J-kg~*

HT high temperature

HTH high temperature heater

REC recuperator

sCO, supercritical carbon dioxide

SR speed ratio

T temperature, K

u peripheral velocity, m-s~!

18) overall heat transfer coefficient, W-m 2K *

UA product of overall heat transfer coefficient and heat

transfer area, W-K~!

Greek letters

LMTD  log mean temperature difference, K A difference‘ .
LT low temperature @ flow .coefﬁc1ent )
LTH low temperature heater o rotational speed, rad-s™
m mass flow rate, kg-s™? Subscripts
Ma Mach number C Compressor
Ns specific speed in inlet station
NTU number of transfer units is isentropic
Q volumetric flow rate, m>.s ™ out outlet station
Q heat transfer rate, W T turbine
R? coefficient of determination
heated cascade cycle [22] in place of the partial heating cycle have
\TH HTH highlighted no significant improvement for the power output. This result
has been achieved despite a slightly more complicated cycle layout with
two expanders and a compressor whose shaft rotates more slowly
compared to the turbines. In detail, the two turbines can certainly rotate
on the same shaft, but directly driving the compressor at the turbine
T rotational speed is not possible, as emerged from preliminary consid-
REC erations about (i) the size of the turbomachinery impellers and (ii) the
passage areas for flow rate accommodation [22]. As a matter of fact, the
C impossibility of direct matching compressor and turbine shafts had
cooler never been previously addressed in other literature works dealing with
cascade cycle architectures [3,5,6,11,13], mostly focused on cycle

Fig. 1. Schematic layout of the partial heating sCO; cycle for waste heat re-
covery (stream in red). (For interpretation of the references to colour in this
figure legend, the reader is referred to the web version of this article.)

temperature heater (HTH) and expanding through the turbine (T). The
stream exiting the turbine passes through a recuperator to transfer heat
to the low-temperature fluid, then through a cooler before entering the
compressor (C). This power cycle has been studied in a number of works
dealing with waste heat recovery [4-6,12-14], although higher effi-
ciency could be achieved by more complex cycles. In particular, Li et al.
[14] evaluated and compared six sCO5 cycles for waste heat recovery of
combustion turbine, but they finally recommended the partial heating
sCO; cycle as the most potential cycle according to its low economic
cost, simple system architecture and high total heat recovery efficiency.
After realizing the advantages of this sCO5 cycle for harvesting the
exhaust gas waste heat, a number of researchers have recently oriented
their investigations also to the optimal heat exchanger allocation [15],
the part-load operation strategies and off-design performance [16,17] as
well as the integration of the partial heating sCO3 cycle in more complex
system layouts [18-20].

Recent investigations by Bonalumi et al. [21,22] have focused on
sCO; cycles bottoming a 4.7 MW combustion turbine. After setting a
proper limit for the turbomachinery load, around 1600 kW can be
recovered by the partial heating cycle, though a techno-economic
optimization would guide towards an optimum point with slightly
more than 1500 kW of power output and a specific cost for the tech-
nology of around 2000 $/kW [21]. Later, investigations of the single-

thermodynamics. Further calculations of more complex cycle architec-
tures, even including intercooled compression, compared to both the
partial heating and the single-heated cascade cycles have been carried
out as well. Anyway, the performance improvements are not much more
interesting in comparison to the partial heating cycle, especially if
attention is paid also to technical issues of the sCOz-based power system
components.

Aim and novelty of the work

According to the considerations above and to thorough in-
vestigations of the partial heating sCO5 cycle as reported in a previous
study [21], the current work focuses again on the partial heating sCO5
cycle, as an interesting cycle architecture with simple layout and a
limited number of components. In detail, this work aims at extending the
analysis of the partial heating sCO2 cycle in combined cycles where
combustion turbines with power output in the range of 5-10 MW are
used as topping cycle. Actually, these combustion turbines combined
with a sCOy-based power system would maintain the advantage of
compactness and increase the overall efficiency of the power plant.

Starting from those solutions and conclusions and adopting the same
approach [21], attention is here paid (i) to the thermodynamics of the
sCO cycle and (ii) to its components as regards the compressor, the
turbine and the heat exchangers. Interesting considerations about the
size of these components, along with scaling effects, are reported as well
as specific remarks about the possibility to use the proposed research. As
a matter of fact, the proper design of a unified one-size-fits-all sCO»-
based power system should be considered as a good solution from a
more practical point of view.
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Table 1
Specifications and performance of combustion turbines as input data for the
calculations [1].

No. Power, MW Efficiency, % Gas flow rate, kg/s TOT, °C
1 4.71 32.6 17.4 511.0
2 5.05 30.2 19.5 545.0
3 5.38 32.3 21.3 493.9
4 5.40 31.0 20.9 541.0
5 5.47 29.5 21.7 541.7
6 5.53 29.6 21.7 545.0
7 5.67 31.5 21.6 510.0
8 5.82 32.2 21.4 522.2
9 6.50 33.1 21.2 537.8
10 6.63 32.2 26.1 505.0
11 6.74 30.3 27.0 512.8
12 6.80 30.3 27.0 515.6
13 7.80 33.6 27.2 522.8
14 7.80 33.2 29.4 490.0
15 7.90 30.6 30.2 542.2
16 8.18 34.4 26.7 515.6
17 8.60 34.2 30.3 504.4
18 10.36 34.8 33.8 507.8
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Fig. 2. Isentropic efficiency and speed ratio of the radial-inflow turbine [32].

Calculation of the sCO; cycles

This section includes some brief considerations about the calculation
assumptions for the sCO; cycle, though more detailed information is
reported in a previous work [21]. In particular, attention is paid to (i)
the sCO, temperature at compressor inlet, (ii) the selection of
compressor and turbine efficiency values, (iii) the load set for the
compressor and (iv) the calculations of the heat exchangers because of
the significant variation of CO; specific heat capacity under different
temperatures and pressures.

Initially, a list of combustion turbines with power output in the range
of 5-10 MW, as the scope in this work, is reported in Table 1. The
combustion turbine market offers a number of units for this power range
and Table 1 details various performance figures. Specifications of effi-
ciency, exhaust gas flow rate as well as turbine outlet temperature (TOT)
[1] are included, without reporting any information related to manu-
facturers and models just to avoid commercialism.

As regards the sCO5 cycle calculations, it is worth highlighting that
lots of researchers set compressor inlet conditions relatively near to the
two-phase region, with a minimum cycle temperature as low as 32 °C
[3,4,13,14,23-28]. Actually, low CO4 temperatures at compressor inlet
reflect on lighter compression works. This result is due to the higher CO4
density near to the critical point, where the temperature is around 31 °C.
Nevertheless, possible phase change in the inlet flow passages of the
compressor is not duly taken into account and such an event could occur
owing to local flow acceleration causing reduction in static pressure and
temperature. A non-dimensional criterion named Acceleration Margin
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Fig. 3. Polytropic efficiency and head coefficient of the centrifugal
compressor [33].

to Condensation (AMC) was introduced by Monje et al. [29,30], who
proposed and quantified the margin between the expected fluid prop-
erties in the inducer and the saturation line. In detail, they defined the
AMC as the Mach number at the throat of the impeller when the static
properties of the fluid lie on the saturation line and suggested a reference
value of AMC equal to 0.6 [29,30]. Based on this figure, the minimum
sCO;, cycle temperature in this work is set at 40 °C. On the other hand,
lower temperatures will require water as cooling carrier for heat rejec-
tion, which should be as cold as possible, thus limiting the applicability
only to some specific geographical areas.

Turbomachinery performance strongly affects the overall cycle effi-
ciency [31]. In detail, a radial-inflow turbine and a centrifugal
compressor, both as single-stage turbomachinery, are considered in this
work. As regards the turbine, the approach suggested by Aungier [32] is
adopted. Fig. 2 shows the isentropic efficiency depending on the specific
speed of the turbine:

Qnu iy
Nsr = or o %hoésT (€]

is, T

When Nsr is equal to 0.55, it is possible to achieve the maximum effi-
ciency, i.e. 0.87 [32]. In detail, the rotational speed of the turbine shaft
results from Eq. (1). As a matter of fact, the enthalpy drop can be quickly
determined after setting the maximum sCO3 cycle temperature as well as
inlet and outlet turbine pressures and the CO5 flow rate results from an
energy balance at the high-temperature heat exchanger (HTH in Fig. 1).
Fig. 2 also details the speed ratio:

ur
V 2 e Ahjr

Thus, the blade peripheral velocity (ur) and the rotor diameter are
calculated based on the enthalpy drop and the speed ratio [32].

As regards the compressor, the rotational speed is the one previously
calculated for the turbine. Fig. 3 summarizes the approach proposed by
Aungier for centrifugal compressor performance assessment [33], sug-
gesting optimal values of polytropic efficiency and head coefficient as
functions of the flow coefficient:

40Q;c

— 3
Pc n-Déouc 3)

SR = (2)

According to Aungier’s approach, the diameter of the compressor
impeller can be finally calculated.

Always referring to the compressor, it has been anticipated that the
minimum cycle temperature and the AMC value have been set equal to
40 °C and 0.6, respectively. A former work [21] thoroughly investigated
both the minimum and maximum cycle pressures in order to achieve the
best sCO; cycle performance. Actually, cycle pressure variations affect
the compressor load, which can be related to the compressor Mach
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Fig. 5. Schematic solving procedure for assessing the performance of the
sCO, cycle.

number (Mac). The latter is the ratio between the impeller peripheral
velocity and the speed of sound of the working fluid at the turboma-
chinery inlet:

Uc
MaC =

@
Ain,C

Based on previous parametric analyses [21], the minimum cycle
pressure and the compressor Mach number are set equal to 95.6 bar and
0.85, respectively, for the new cycle calculations. As for the CO, pres-
sure at the compressor outlet, calculations show that it is around 265
bar, with really negligible variations from case to case.

Focusing on the heat exchangers in the sCO5 cycle layout, a specific
feature is the UA product:

_Q

" LMTD

)
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In detail, U is the overall heat transfer coefficient, A is the heat
transfer area, Q is the heat transfer rate and LMTD is the log mean
temperature difference across the heat exchanger. However, considering
CO4, specific heat capacity significantly varies under different tempera-
tures and pressures, as detailed in Fig. 4, the non-linear trends of the
thermal profiles must be duly taken into account [34]. Thus, a proper
value of the UA product for each heat exchanger present in the layout
schematized in Fig. 1 is calculated and reported in the next section. In
detail, each heat exchanger is divided into one hundred segments and
the overall LMTD results as

-1

_ |1, Q
LMTD = 5 JZLMTDj 6)

Other main calculation assumptions are the temperature difference
at the cold side of the high-temperature heater (HTH in Fig. 1) and the
effectiveness of the recuperator, which are set equal to 20 K and 0.9,
respectively. As regards further assumption and calculation details, the
reader is addressed to the previous work [21].

In addition, use of the REFPROP database [35] is made throughout
the cycle calculations, according to the equation of state proposed by
Span and Wagner [36].

Fig. 5 outlines the solving procedure adopted in this research by
means of a basic flow chart. After inputing specifications and perfor-
mance for each combustion turbine, according to the details in Table 1,
as well as the main design parameters of the sCO; cycle, the calculation
procedure is run until the maximum power output is obtained. An
optimization solver controls this target by modulating two specific
design parameters, namely the flow splitting fraction at the compressor
outlet and the maximum cycle temperature (all the other cycle param-
eters are frozen as fixed assumptions). In particular, the latter is worth of
attention, as reported in the next section.

Results

This section deals with the results obtained after running the sCO,
power cycle simulations. In detail, as many cases as the combustion
turbines whose specifications are included in Table 1 are reported and
discussed.

Focusing on the sCO; cycle thermodynamics, a clear result is shown
in Fig. 6, where higher exhaust gas temperatures reflect on higher
maximum temperature of the sCO5 cycle, i.e. the CO, temperature at the
inlet of the radial turbine. Neither the combustion turbine efficiency nor
the exhaust gas flow rate seem to affect the trend in Fig. 6. This result is
certainly beneficial to the cycle efficiency, also considering that the
minimum cycle temperature is always fixed as a calculation assumption
(40 °Q).
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Fig. 9. Power production at the bottoming cycle vs exhaust gas flow rate at
combustion turbine outlet.

In addition, when considering cases of combustion turbines with
higher TOT, the exhaust gas at the cold side of the low-temperature
heater is released less and less warmer. This result, as shown in Fig. 7,
is interesting from the point of view of the heat recovery, though it does
not seem to be immediately justifiable. Thus, attention is paid to the
results of CO, mass flow rate throughout the bottoming closed cycle.

Actually, as detailed in Fig. 8, the higher the exhaust gas flow rate,
the higher the CO, flow rate. These flow rates are an interesting figure
suggesting the size of the bottoming power system components, as
presented in the following. However, the trend in Fig. 8 is not so regular
as the one in Fig. 6 and results from different values of efficiency of the
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combustion turbine and, in particular, TOT (see Table 1). As an example,
attention is paid to cases 15 and 17, with almost the same gas flow rate
(30.2 and 30.3 kg/s) and two different TOT values (542.2 °C and
504.4 °C). As a matter of fact, the lower TOT directly reflects on the heat
per unit mass that can be recovered to drive the sCO; cycle, so less CO2
flows throughout the bottoming cycle for case 17 compared to case 15.
Always focusing on these two cases and returning to Fig. 7, the gas exits
the low-temperature heater at different temperatures (118.4 °C for case
17 and 111.7 °C for case 15). Thus, two values of CO5, flow rate in Fig. 8
for almost the same gas flow rate are justified for these two cases, but
similar considerations can be repeated for other singular cases in Fig. 8.
Of course, singularities in CO5 flow rate will also reflect on different heat
duty of the high- and low-temperature heaters.

Fig. 9 reports the power output of the sCO3 cycle as a function of the
exhaust gas flow rate, but the same singularities already highlighted in
Fig. 8 are evident in Fig. 9. Once again, attention is paid to cases 15 and
17, with almost the same exhaust gas flow rate, and the power pro-
duction at the sCO4 cycle is higher for case 15 (3066 vs 2674 kW). This
result can be simply justified as the higher TOT reflects on higher CO2
flow rate for case 15. On the other hand, when replacing the exhaust gas
flow rate with the CO5 flow rate according to Fig. 8, the new trend in
Fig. 10 is more regular.

However, focusing on the power output of the sCO5 cycle, there is
another factor which plays a significant role together with the mass flow
rate, i.e. the expansion work as shown in Fig. 11. Actually, the greater
power output is the result not only of greater CO, flow rate but also of
different values of the maximum sCO; cycle temperature (see Fig. 6). In
detail, the compression work is almost constant (around 30 kJ/kg) for all
the cases as the result of the fixed Mach number (0.85) for the
compressor, but the expansion work increases with higher maximum
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cycle temperature. As a matter of fact, the minimum cycle pressure is
fixed and the maximum cycle pressure (around 265 bar) results from the
selected compressor Mach number. Thus, the higher the maximum sCO,
cycle temperature, the higher the enthalpy drop across the turbine, as
reported in Fig. 11.

If some of the considerations above can result from scaling effects,
attention is now paid to the cycle components, with particular reference
to compressor and turbine. As anticipated in the previous section, the
specific speed of the turbine (Nsr) is always fixed at 0.55 for the
maximum isentropic efficiency (0.87). Thus, Eq. (1) can be interestingly
revised to find a relation between the rotational speed and the mass flow
rate. Based on the sCOz cycle thermodynamics, when the maximum
temperature increases (see Fig. 6), the enthalpy drop across the turbine
rises, as reported in Fig. 11, but a similar trend can be appreciated also
for the specific volume at the end of the expansion process. Thus, it is
possible to justify the results shown in Fig. 12 where the rotational speed
is inversely proportional to the square root of the CO, mass flow rate (R2
>0.99).

In compliance with this trend, Fig. 13 details greater rotor diameters
for both compressor and turbine when the CO, flow rate increases.
Similarly to Fig. 12, the dotted lines in Fig. 13 are used to highlight a
specific trend: in this case, the rotor diameter is proportional to the
square root of the CO; flow rate. Nevertheless, this result is not sur-
prising because the turbomachinery load depends on the peripheral
velocity of the impeller, which is almost constant for the compressor and
slightly variable for the turbine (see Fig. 11). Thus, based on Eq. (1), the
square root trends in Fig. 13 are fully justified and turbomachinery size
correctly increases for accommodating larger flow rates.

Looking at Fig. 1, in addition to one compressor and one turbine,
there are four components as heat transfer equipment. Attention is first
paid to both the high- and low-temperature heaters (HTH and LTH in

Energy Conversion and Management: X 17 (2023) 100341

150
n
n
[ ] m B
_ 120 .
N2 ] [
3 Fa
3 90 ': -
n
" :‘ high-temperature heater
- low-temperature heater
n
n
60
30 40 50 60 70

CO, flow rate [kg-s]

Fig. 14. UA values for both high- and low-temperature heaters.

0.95
anmE
mu s

 0.93 - ==
§ high-temperature heater
< low-temperature heater
3]
L
=
w

0.91 i

g umu® "
n n
0.89
480 500 520 540 560
TOT [°C]

Fig. 15. Effectiveness values for both high- and low-temperature heaters.

Fig. 1) and Fig. 14 reports the UA products, where U is the overall heat
transfer coefficient and A is the heat transfer area. As shown in the
figure, the higher the CO; flow rate, the greater the UA product. In
detail, the mass flow rate reported in the horizontal axis refers to the
stream passing through the high-temperature heater, before expanding
through the turbine. As a matter of fact, the CO, flow rate through the
low-temperature heater is lower due to flow splitting at the compressor
outlet (see Fig. 1).

From a heat transfer point of view and focusing on the CO; path for
the sake of simplicity, the heat transfer rate is

Q = UA e LMTD = rico; ® Ahcos @

Considering the ratio between enthalpy difference and LMTD does
not experience significant variations for the investigated cases, a kind of
proportionality between UA values and mass flow rates is justified. Thus,
the higher the flow rate, the bigger the dimensions of the heat
exchanger, so UA can be revised as a figure of the size of the heat transfer
equipment.

In detail, the UA values reported in Fig. 14 for both the high- and
low-temperature heaters are very close to each other. This result can be
justified after considering that the heat transfer rate at the high-
temperature heater is around 2.2-2.3 times greater than at the low-
temperature heater. However, the latter is characterized by a much
lower LMTD, as it is possible to realize according to the temperature
values in (i) Table 1, (ii) Figs. 6 and 7 and (iii) the temperature differ-
ence at the cold side of the high-temperature heater which is set equal to
20 K throughout the calculations. As a further detail, focusing on case 1
as an example, the temperature profiles as functions of the heat transfer
rate for these heat exchangers are reported in the Appendix A.

Another result for both high- and low-temperature heaters is shown
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in Fig. 15, where the effectiveness slightly increases in case of higher
TOT. Actually, after setting a specific flow arrangement, the effective-
ness of a heat exchanger depends on the number of transfer units (NTU)
and on the heat capacity rate ratio (CR) [37]. In detail, the effectiveness
increases for higher NTU and fixed CR as well as for lower CR and fixed
NTU [37]. Focusing on the high-temperature heater, for the sake of
brevity, calculation results suggest a weak increase of the number of
transfer units (almost equal to 3.7) as well as a slight reduction of the
heat capacity rate ratio (almost equal to 0.44) in case of higher TOT.
Both these results are fully sufficient to justify the trends in Fig. 15,
where effectiveness values always lower than 0.94-0.95 are reported,
beyond which the cost of the heat transfer equipment would rise
unsustainably [38].

Along with the high- and low-temperature heaters, Fig. 1 shows the
sCO;, cycle also requires a recuperator and a cooler. In detail, the recu-
perator is the heat exchanger with the highest UA value [21] and a rate
of heat transfer around 1.2-1.3 times higher compared to the high-
temperature heater. Fig. 16 shows the UA product at the recuperator
as a function of the CO, flow rate at the turbine outlet, i.e. at the hot path
of the heat exchanger (see Fig. 1). In this case, the reported trend is more
regular in comparison with the ones in Fig. 14 where some scattering is
evident. In particular, compared to the UA values in Fig. 14, differences
are significant even though the technology of these heat exchangers is
not the same: fin tube for the high- and low-temperature heaters vs
printed circuit for the recuperator [39].

Always in Fig. 16, another regularly linear trend can be appreciated
for the UA product at the cooler. As regards the heat rejection, the ratio
between the heat duty at the cooler and the one at the high-temperature
heater is around 1.1, slightly lower than the recuperator. However,
lower UA values compared to the recuperator result in this case because
of the higher LMTD at the cooler.

Final remarks

The results presented and discussed in the previous section specif-
ically refer to calculations of bottoming sCO, cycles related to about
twenty commercial combustion turbines with power output from 5 MW
to 10 MW (see Table 1). These results can be enlarged in case of raising
the power threshold up to 15 MW or even more. In detail, the com-
bustion turbine market offers less than ten units with power output in
the range of 10-15 MW so, based on the current results, it is not difficult
to imagine the performance behaviour of other sCO5 cycles as bottoming
solutions for more powerful combustion turbines. However, when
considering the recovery of larger amounts of waste heat, the radial
turbine could be replaced by axial-flow turbomachinery, even multi-
stage, due to better expansion efficiency [31]. Actually, the selection
of an axial-flow instead of a radial-flow expander lies outside the scope
of the current work, which is oriented to consider sCO2 bottoming cycles
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as compact as possible for definitely improving the performance of
small-power combustion turbines.

Nevertheless, an ultimate consideration is necessary. The results of
specific calculations referring to a number of small combustion turbines
are presented in this work. Even considering the market of these power
generation systems, a customized sCO; cycle for each combustion tur-
bine is anything but a reasonably sound proposal. Thus, a smart stan-
dardization should be suggested at least at the thermodynamic level,
resulting in a unified bottoming cycle with the same turbine inlet tem-
perature and pressure, as well as other thermodynamic parameters in
common. On the other hand, different combustion turbines have
different exhaust gas temperatures and mass flow rates, as already
detailed in Table 1. These features could prevent the creation of unified
cycle components otherwise particularly designed for each specific case.
Thus, if time of development and final investment are very strict, then
the proper design of a unified one-size-fits-all sCOz-based power system
should be considered as a good solution. Of course, the cost of stan-
dardization will reflect on efficiency and power output, since some of
the waste heat in the exhaust gas will be inevitably lost.

Conclusions

According to the calculation methodology adopted in a former study
and starting from those previous results [21], partial heating sCO; cycles
as bottoming power systems of small combustion turbines have been
investigated in this work. In detail, the current analysis has been ori-
ented to sCO- cycle calculations referring to combustion turbines with
power output from 5 MW to 10 MW.

Considering that about twenty cases of small combustion turbines
have been investigated, with various features as detailed in Table 1, first
conclusions are reported as regards the thermodynamics of the sCO5
cycle: the higher the exhaust gas temperature, the higher the maximum
sCO; cycle temperature, which leads to higher turbine work. At the same
time, effectiveness values for both the high- and low-temperature
heaters slightly increase according to higher TOT. On the other hand,
when focusing on the exhaust gas flow rate, a clear relation can be found
with the power output of the sCO5 cycle, which really benefits from the
use of single-stage radial turbomachinery. The higher the exhaust gas
flow rate, the higher the power output of the sCO, cycle as well as the
larger the turbomachinery dimensions. In detail, according to Aungier’s
correlations [32,33], which also allow for a preliminary turbomachinery
sizing, the diameters of both compressor and turbine impellers increase
according to the square root of the CO; flow rate. The higher the mass
flow rate, the lower the rotational speed since it is inversely proportional
to the square root of the CO3 flow rate. Ultimately, the UA parameter of
the heat exchangers, calculated as the product of the overall heat
transfer coefficient and the heat transfer area, also increases with the
CO,, flow rate.

As a concluding remark, proposing a customized sCO- cycle for each
combustion turbine does not seem to be a reasonable solution. Thus, a
properly unified one-size-fits-all sCO»-based power system should be
duly considered from a more practical point of view. A thorough analysis
of the combustion turbine market, along with considerations about the
most best-selling unit in the investigated power range (5-10 MW), will
guide further specific investigations as future developments of the cur-
rent research.
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Fig. A1. Temperature profiles as functions of the heat transfer rate at the high-
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temperature heater for case 1.
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Appendix A

This section reports two plots with the temperature profiles for the
high-temperature heater (in Fig. A1) and the low-temperature heater (in
Fig. A2), referring to case 1 in Table 1 as an example, but similar plots
result from the analysis of the other cases. Looking at these two figures,
it is possible to realize that LMTD is greater for the high-temperature
heater.
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