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Abstract. This paper addresses the optimization of the tribological characteristics of
lubricating oils used in the process industry. In many cases, the machines are organized
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in several “stands” to form “lines” and are equipped by spindles supported by oil-film
journal bearings that are fed by the same oil. The modelling of a steel roll forming line is
presented by using a thermo-elasto-hydro-dynamic model for the calculation of the
power dissipated in each journal bearing. The optimal lubricating oil characteristics are
defined by means of a multivariate optimization on the parameters of viscosity,

temperature and thickness of the oil-film. The results of the experimental tests are shown

for the oil used in the real plant and the new oil formulated by simulations.
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1 Introduction

Oil-film journal bearings are still widely employed in industry because of their simplicity
and low cost in high-load or high-speed applications [1-6]. Typical applications in the
process industry are represented by machines with medium/large diameter shafts, even
operating at low Sommerfeld numbers [7], and characterized by both low tangential
speeds and high loads. Conversely, other applications, such as in power generation or in
the oil & gas fields, can be characterized by high speeds and low loads.

In this paper, the case of a steel roll forming machine equipped with several oil-film

journal bearings [7-9] operating in different conditions is considered.

Steel roll forming is a continuous process for forming sheet, strip, or coiled metal stock
into long shapes of uniform cross-section. The material passes through multiple pairs of
contoured rolls that progressively form the workpiece to meet the desired specifications
[10]. Roll forming machines typically have a number of dual-spindle roll forming stands,
where two counter-rotating rolls or wheels are used to obtain the desired cross section
shape in each stand. Roll-forming technology belongs to the nonlinear problem of large
plastic deformation, and finite element method theory is usually employed for the
estimation of stresses and deformations in the workpiece and the forming forces involved
in the process [11]. As the cross-section decreases from the inlet of the material to the
outlet of the forming machine, the length of the workpiece will change (see Fig. 1a). The
first stands have lower speeds, whereas the last stands usually have high rotational

speeds.
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Fig. 1. a) Example of a steel roll forming machine and b) arrangement of each stand.

Power losses in oil-film journal bearings are usually neglected in the field of process
industry. In the literature, several papers address the reduction of power loss in oil-film
journal bearings, especially in the case of automotive engines [12, 13, 14, 15]. Allmaier et
al. in [16] accurately investigates the friction in journal bearings of automotive engines by
considering the friction due to metallic asperity contact between sliding surfaces in mixed
lubricated regime. Experimental results for different lubricants on a test-rig are compared
with elasto-hydrodynamic calculations in [16] and thermo-elasto-hydrodynamic
calculations in [17]. Models for the asperity contact friction in mixed lubrication

conditions are well summarized in [18].

Reduction of power losses due to mechanical friction can be obtained by reducing the oil
viscosity [19, 20] or by modifying the surface topography with textures and the material

of the mating surfaces.

Gritzmacher et al. in [21] proves the reduction of power losses in mixed lubrication

regime by adding surface patterns on the shaft of journal bearings. Murthy and



Raghunandana in [22] investigate the effect of dimples on journal bearing bushing to
reduce the friction using Taguchi method. Kalogiannis in [23] investigates, by simulations
and experiments, the power loss reduction in the bearings of a diesel engine crankshaft
by adopting polymer coated bearings. Wei et al. in [24] study the effect of dimensional

tolerances on the power loss for a journal bearing.

A lot of literature deals with tribological properties of oil additives for friction reduction.
Simmons and Glavatskih in [25] investigate higher viscosity index lubricants with lower
viscosity base oil by experiments on a full-scale journal bearing test rig. Nanoparticles
have been used by Gulzar et al. in [26] as lubricant additive. Marx et al. in [27] investigate
by experiments the dependence of the viscosity on the shear rate for several blends of

base oil with viscosity modifier additives and detergent-inhibitor package.

In this paper, the modelling of the steel roll forming line is presented by using a TEHD
(thermo-elasto-hydro-dynamic) model for the calculation of the power dissipated in

each journal bearing [28-30].

The detailed analysis of the behaviour of all the bearings in the machines has been
reported, by considering the mineral oil commonly used in steel roll forming machines,

referred to in the following as the reference oil.

Then, the optimized dynamic viscosity curve of the oil that reduce the overall power loss

is obtained and can be used for the formulation of a new oil.

The results of the experimental activity performed by means of a test rig are reported. In
the experimental tests, two different oils are investigated: the first is the current one used
in the real plant, and the second is a new oil formulated to obtain the viscosity designed

by the simulations.



For reasons of confidentiality, some data of the forming machine and the results of
simulations have been normalized with respect to the maximum values obtained in the

investigation.

2 Description of the steel roll forming machine

The steel roll forming machine considered in the paper is composed by N =10 equal
stands with increasing rotational speed. Each stand is composed of two spindles in parallel
configuration rotating at the same speed in opposite direction, as shown in Fig. 1b. The
rotational speed of the spindles is also synchronized by two gears.

Each spindle is supported by two oil-film plain journal bearings, namely, the front and the
rear one. The rear bearing is smaller than the front one. All the stands are equal and
equipped with the same components to reduce the number of spare parts. This dynamic
allows the costs of maintenance operations to be reduced and allows the flexibility of the
machine to be increased by adding or removing stands in the machine depending on the
workpiece to be produced. In general, the use of too few passes can cause loss of

tolerance, whereas the use of too many passes increases the final tooling cost.

The rotational speed and load in each stand are shown in Fig. 2. As previously stated, for
confidentiality reasons, the rotational speed in each stand has been normalized with
respect to the maximum rotational speed of the last stand and the estimated load on the
bearings with respect to the maximum load obtained in the front bearing of the first
stand. For example, the speed in the last stand is approximately 5 times the speed in the
first stand, and the load in the rear bearing of the last stand is approximately 25 times
lower than the load in the front bearing of the first stand. The loads have been calculated

by the machine manufacturer by modelling the steel forming process.
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Fig. 2. Operating speed and load of the bearings.

3 Bearing model

The bearings supporting the spindle have the shape shown in Fig. 3; each bearing is
characterized by two axial grooves located in the unloaded part [7]. An additional groove
in the circumferential direction is in the middle of the bearing and connects the two axial
grooves. The oil enters from the inlet hole and fills all the grooves during the shaft
rotation. The bearing mainly consists of a base steel part with a layer of anti-friction alloy

in the inner surface.
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Fig. 3. Simplified drawing of the bearing installed in the steel forming machine, with the

load directed upwards.

For the sake of simplicity, the load shown in Fig. 3 is assumed to be in the vertical direction
only, even if in the real application it is composed of the two components in the
perpendicular and tangential directions with respect to the direction of the roll forming
process (see Fig. 1). The bearings in the real machine have an angular configuration that
accommodates the actual average direction of the load. In this paper, the configuration
of all the bearings is the same, and an average value of the real load direction in the stands
is assumed for all the bearings of the model.

The TEHD model of the bearing includes the laws of hydrodynamic lubrication, the
thermal effect due to shear stresses in the oil-film and the deformation of the bearing due
to mechanical and thermal stresses.

For a given static load, the following conditions must be satisfied:



- convergence of the pressure distribution in the oil-film;

- convergence of the temperature distribution in the system;

- convergence of bearing deformation;

- equilibrium of the forces on the shaft.

The simulation code was developed by the authors based on Matlab®. The optimization
toolbox was used for solving the equilibrium position of the system, the partial differential
equation toolbox was used for solving the three-dimensional thermal model for the
temperature distribution, and the three-dimensional structural-mechanics model was

used for the bearing deformation.

3.1 Hydrodynamic problem
The hydrodynamic part of the model is based on the well-known Reynolds equation (see,

for example, [3,4,6]):

o[ ph®o o[ ph’o o ( phuU
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where X is the tangential direction, z is the axial direction, h is the oil-film thickness, p
is the pressure, u is the dynamic viscosity and U,V represent the velocity terms in the

tangential and radial directions of the shaft, respectively.

3.2 Cavitation problem
The cavitation problem has been solved on the basis of the algorithm presented by
Giacopini et al. in [33] that uses the “complementarity concept” and ensures the mass

conservation. In the active (non cavitated) region, the fluid density p is constant and



equal to p,. In the cavitated (non-active) region, the density becomes lower because of
the presence of vapor and gas bubbles. In contrast, the pressure has a complementary

behaviour. The pressure is zero in the cavitated region, whereas it has a greater value in
the other parts of oil bearing. If pressure p is multiplied by (,00 —p) , then the Reynolds

equation can be rewritten as a complementary problem in the complementary variables

p andr:

3 3
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where Kk, and K, are turbulent flow coefficients that will be described in the next section.

The solution of eq. (2) can be obtained using the finite different method. By discretizing

the derivatives in eq. (6) on the grid, it is possible to obtain the pressure p,; and the

complementary variable r; at node (i,j) of the mesh grid as a combination of

corresponding values of adjacent nodes:

a Pyt Pt P+, Py +tas P+

_ 3
+br, b, b b r b +c=0 (3)

By considering all the nodes of the mesh grid, it is possible to obtain a linear system as

follows:
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[A]lp+[B]r+c=0 (4)

where p is the column vector that contains the value of pressure for all the nodes of the
grid domain used in the finite-difference method. Vectors p and r include unknown
values p, and r, respectively, to be evaluated, and known values p, and r, are given by
the boundary conditions (zero pressure or known density at boundaries) or by the

supplied pressure in correspondence of the grooves. Therefore, it is necessary to

rearrange eq. (4) as follows:

B, B T, c
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Thus, the solution of complementary problem in the unknown variables p, and r, can

be obtained using a linear complementarity problem (LCP) solver that is able to solve

the following linear system:

pu =[Luu]ru +qu
p,=0
r,20

(6)

p, 'r,=0

u

where
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3.3 Turbulence problem

Turbulence can occur in the bearings of the last stand of the steel roll forming machine
that operate at high speed. In general, its effect is a slight increase in the maximum
pressure in the oil-film. In this study, was simply considered by means of Ng and Pan

model by considering the coefficients k, and k, in eq. (2):

k, =12+0.0136-Re"’

8
k, =12+0.0043-Re"* (8)

where Re is the Reynolds number assumed in the equations. The three flow regimes are
delimited by the two well-known Reynolds numbers, namely, Re; =800 and Re, =1500.
The Reynolds number is then evaluated as a function of the local Reynolds number
Re, =hpu/ u as listed in Table 1, where the coefficients @ for the transitional flow

regime allow the continuity of Re and of its first derivative:

a, =-2(Re’Re,*)/(Re, —Re,)’

a, = Re,(Re,Re, +4Re,” + Re”) / (Re, —Re, )’
a, =-2(ReRe, +Re,” +Re*)/(Re, —Re, )’
a, = (Re, +Re,)/(Re, —Re,)’

(9)
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Table 1. Flow regime and range of Reynolds number

Flow regime Range of local Reynold number
Reynolds number Re,
Laminar Re, <Re, Re=0
Transitional Re, <Re, <Re, Re=a, +aRe, +a,Re’ +a,Re’
Turbulent Re, > Re, Re=Re,

3.4 Thermal problem

The distribution of the temperature in the entire bearing is obtained by means of a three-
dimensional thermal model that includes a portion of the shaft (S), the oil-films (O) and
the bearing (B). Because of the presence of the two axial grooves, the bearing is
considered as a two-lobes bearing, neglecting the circumferential groove because of the
complexity of such modelling. Regardless, this approximation can be acceptable,
considering that the circumferential groove is placed in the unloaded part of the bearing,
in which the pressure is quite negligible, and the shear stresses are mainly caused by the

Couette flow. Therefore, two oil-film bodies are considered in the model.

The energy equation for each oil-film is as follows:

C uﬂ+vﬂ+wﬂ =k 82T+82T+82T + 8_u2+@2 (10)
Pola Ty T )T e oy o) My ) Ty

where ¢, and ko, are the heat capacity and the thermal conductivity of the oil,

respectively.
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The energy equation (10) is valid for laminar flow. For the case considered in the paper
the turbulence effect is quite negligible and it has been considered for the evaluation of
the pressure distribution. In case of turbulent flow, all the terms in eq. (10) can be seen as

the sum of an average value and a fluctuation term.

The use of a two-dimensional thermal model based on the assumption of adiabatic
conditions at shaft and bearing surfaces and constant oil temperature in the oil-film
thickness can lead to the overestimation of the temperature in the oil-film, especially in
the case of bearings operating at high speeds, where shear stresses may be very high.
Therefore, a more accurate three-dimensional model must be adopted for the
temperature distribution [30]. As a result, the temperature distributions in the bearing

and shaft at steady state are governed by the following equations:

~V (Kgag VT

)=0
-V ( kSHAFT 4

)=0 (11)

where Kgae and K7 are the thermal conductivity coefficients of the bearing and shaft,

respectively.

Equations (10) and (11) have been solved by means of the finite element approach using
a structured mesh for the oil-films and unstructured meshes for the bearing and shaft, as
shown in Fig. 4, for the front bearing of the upper spindle in the first stand, where the oil-
film have been magnified in the radial direction. The presence of a portion of the shaft of
length equal to approximately three times the length of the bearing allows the heat
exchange of the shaft to be considered with a good approximation. The bearing part is

composed of the simplified shape of the bearing shown in Fig. 3 and the ring representing
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a portion of the bearing housing in the real machine (see, for example, the picture of the
bearing assembly in Fig. 12 described in the section of experimental tests). Steel was

assumed to be the material for the bearing and shaft parts.



Fig. 4. Bodies and meshes of the thermal model.
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The boundary conditions (BC) applied to the faces of the bodies of the model are listed in

Table 2.
Table 2. Boundary conditions of the thermal model.
REGION C# | FACE# DESCRIPTION BC TYPE
1 o1 Oil inlet Fixed temperature @ oil inlet temperature
2 02 Oil outlet Convection with oil @ supply oil temperature
k-th 3 03 Lateral Convection with oil @ supply oil temperature
OIL PART 4 04 Lateral Convection with oil @ supply oil temperature
5 05 Bearing interface | Heat flux from bearing
6 06 Shaft interface Temperature from shaft (axial distribution)
7 B1 External surface Convection with oil @ supply oil temperature
BEARING 8 B2 Oil interface Temperature from oil parts
9 B3 Lateral Convection with oil @ supply oil temperature
10 B4 Lateral Convection with oil @ supply oil temperature
11 S1 Cylindrical Convection with air @ room temperature
12 S2 Oil interface Heat flux from oil parts (axial distribution)
13 S3 Cylindrical Convection with air @ room temperature
SHAFT 14 S4 Lateral Fixed temperature @ supply oil temperature
15 S5 Lateral Fixed temperature @ supply oil temperature
16 S6 Lateral Convection with oil @ supply oil temperature
17 S7 Lateral Convection with oil @ supply oil temperature

The bodies of the model are connected at interfaces, where the temperature and the heat
flux of two adjacent bodies must be the same. By considering the k-th oil-film body, the

conditions are (see Fig. 5):

TOS,k Bk
Qos.k - QBz,k 12
TSz.k = T06 k ( )

Qsz,k - Qoﬁ,k
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where the heat flux density g =kVT is given by:

0o = kOVT
ds = kBVT (13)
qs = ksVT

BEARING

Fig. 5. Boundary conditions at the interfaces.

For the interface between the bearing and the oil-film parts (faces O, — B, as shown in
Fig. 5), the temperature distribution from the k-th oil-film surface O;, is applied to the k-
th active surface B,, of the bearing. A linear temperature distribution along the

circumferential direction is applied in the non-active remaining parts of the bearing inner

surface corresponding to the position of the axial grooves. The linear interpolation in the
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groove parts connects the outlet temperature of one oil-film part to the inlet temperature
of the other oil-film part. The heat flux from the k-th active surface B,, of the bearing is

then applied to the outer surfaces O;, of each oil-film part:

TOk—>Bk (y,@) :T051k (y» ‘9)

. . (14)
qu -0, ( Y, 9) = qu’k ( Y, 0)

Similar conditions are assumed at the interface between the shaft and the oil-film parts.
By considering the rotation of the shaft, a constant temperature along the circumferential

direction of the shaft can be assumed. The average temperature along the circumferential

direction of the shaft surface S, is applied to the inner surface O, of each oil-film part.
A constant and averaged heat-flux from the inner surfaces O, of each oil-film part is then

applied to the external surface S, of the shaft.

Ts—>ok = ZL f
0

)

k=1

(15)

quS

o'—.xQ

Ao, (.6)d0

S’|~

Furthermore, the inlet temperature T, of each oil-film part was simply evaluated by
considering the mixing of the supply oil at the cold supply temperature T, and the outlet
hot oil from the previous oil-film part at temperature T, ,_, by means of the “hot-oil

carry over” coefficient m:
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TIN,k =m 'TOUT,k—l +(1- m)'Ts (16)

where T, ., represents the average temperature of the oil at the trailing edge of the

previous oil-film part.

The solution of the thermal model is obtained by iterating the solution of each subsystem
until the convergence criteria based on the relative iteration error of interface conditions
is reached. A smooth function between consecutive iterations was adopted on the

boundary conditions at interfaces to reduce the oscillations of the numerical solution.

3.5 Lubricant model

The viscosity of lubricating oil is influenced by the temperature T and the pressure p.
Furthermore, multigrade engine oils with additives as viscosity index improvers show a
shear thinning, that is the non-Newtonian behaviour of the oil which viscosity decreases

with the increase in the shear rate 7 . In general, the so-called Vogel/Barus/Cross

equation for the dynamic viscosity ,u(T, p,j?) can be adopted [31, 32]:

j 1-r
dr4—m o — (17)

T,p,7)=A-exp| a-p+ —
u(T,p.7) Xp( p (< 7)

T+C

where «a is the piezoviscous coefficient and r,m, K are coefficients representing the

viscosity shear thinning.
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All the coefficients in eq. (17) depend on the oil type and additives that may not be known
in advance. The experimental kinematic viscosity and density as a function of the

temperature, are available only for the reference oil.

It is common to assume that the effect of the pressure on the dynamic viscosity for
industrial oils is significant for pressures higher than 500-1000 bar. The maximum
estimated pressure in the bearings of the steel roll forming machine is about 300 bar and
is reached in a small portion (see Fig. 8) of the bearing of the first stand that operates at
high load, low speed and low temperature. It is possible to assume that the error in the
estimation of the local viscosity can be not negligible but the effect on the power loss can

be negligible.

In general, the contribution of the shear thinning to the oil viscosity is more evident for

oils with additives. A standard mineral oil is employed in the machine. The shear rate can
be estimated to be less than 1-10° 1/s and is quite the same for all the bearings in the

steel roll forming machine because both the speed (Fig. 2) and the minimum oil-film

thickness (Fig. 7c) increase from the first to the last stand.

Therefore, also by considering the parametric analysis that will be shown later for the
definition of a new oil formulation only the temperature dependence of oil viscosity has
been considered in the paper. The analysis for the reduction of power losses is not
performed in absolute terms but in relative terms, in comparison to the reference oil,

therefore the error introduced in the estimation of the viscosity can be neglected.

Furthermore, Walther’s viscosity model [6] was used for the evaluation of the kinematic

viscosity K, of the lubricant as the function of the temperature T instead of common

Vogel’s formula:
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k, (T)=exp[ exp[ A-BIn(T)]]-0.7 (18)

The knowledge of the kinematic viscosity of the oil at 40 °C (KV,y..) and 100 °C (KV,pc )

allows the two constants A and B to be evaluated as:

ln[ln(kvloooc +o.7)j

In (kv,q.c +0.7)

ln(Tlomc j (19)
T40°C

A=1n(In(kv,uc +0.7))=B-In(T,.c)

The normalized kinematic viscosity and density curves as a function of the temperature are
shown in Fig. 6 for the reference oil, where all the data are normalized with respect to the
corresponding values at 40°C. In Fig. 6 it is possible to observe the good fitting between
Walther curve (obtained from 40°C and 100°C points), and the experimental points in the

range 40-100°C, where the maximum relative error is about 5% at 60°C.
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Fig. 6. Normalized viscosity and density curves for the reference oil.

Mass density o and specific heat capacity ¢, are also given as follows:

p(T)=C-D-T

c,(T)=E+F-T 20

where C,D, E,F are all positive constants.

By considering the type of analysis that will be shown later for the definition of a new oil
formulation, the use of the simple Walther oil model allows an easy interpretation of the
results being the temperature behaviour of the oil completely defined by only the two

values of the kinematic viscosity at 40 °C and 100 °C.
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The temperature distribution in the oil-film parts obtained by the thermal model is then

used for the evaluation of the average value of viscosity x = x(T) and density p = p(T)

in the oil-film to be used in equation (2).

3.6 Bearing deformation

The effect of the deformation of the bearing caused by the pressure distribution and
thermal stresses was considered and evaluated by means of a finite element model. The
resultant deformation of the bearing surface was transformed in the change of the oil-
film thickness.

By considering an isotropic material, the deformation of the bearing (displacement vector

u) caused by thermal and mechanical stresses is governed by the elasticity equation:

~-V(C®Vu)= a VT (21)

1-2v

where C is the tensor of mechanical properties, ¢, the thermal expansion coefficient, E

the Young’s modulus, and v the Poisson’s ratio of the material.

Additional boundary conditions are applied on all surfaces of the bearing to consider the

equivalent traction stresses for the evaluation of the thermal deformation.

4 Results for the reference oil

The bearings of the steel roll forming machine operate in a wide range of conditions in
terms of load and rotational speed. The bearings in the first stage run at low speed and
high load, whereas the bearings in the last stand operate at high speed and low load (see

Fig. 2).
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By considering the reference oil, the behaviour of all the 40 bearings in the steel roll
forming machine was simulated by assuming the same supply conditions of the oil for all
the bearings that, for this application, are typically represented by the temperature of

30+50°C and feeding pressure of 0.1+0.5 MPa.

The maximum power loss and the maximum oil-film temperature are obtained, as
expected, in the front bearing of the last stands that runs at high speed, as shown in Fig. 7,
in which all the values were normalized with respect to the maximum corresponding
value. The temperature in Fig.7b was normalized by considering the original

temperatures expressed in °C.

The total power loss in the bearings of the forming machine can be evaluated as:

N 2
Plosszzzz QuRbrshaﬂdA (22)

u=l b=14a

where € is the rotational speed of the u-th stand, R, is the radius of the b-th bearing

(front and rear), and 7, .. is the shear-stress on the shaft.

shaft

The maximum temperature is obtained, as expected, in the front bearing of the last stands

that runs at high speed.

Conversely, the minimum oil-film thickness is obtained in the front bearing of the first
stand of the machine that operate at the maximum load, as shown in Fig. 7c, where the
minimum oil-film thickness was normalized with respect to the maximum value obtained

in the last stand.
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Therefore, from this analysis, it appears possible to reduce the power loss in the bearings

of the forming machine mainly by adopting a new oil with lower viscosity.

Conversely, the design of the new oil must consider a trade-off between the reduction of
power loss in the last stands and the limit on the minimum oil-film thickness reached in

the first stands of the machine; this trade-off must be carefully investigated.

In eq. (22) it is assumed that only hydrodynamic losses occur in the lubricant, that is no

mixed lubrication or friction due to asperity contact between sliding surfaces takes place.

The reduction of the oil viscosity will lead to a reduction of the oil-film thickness.
Therefore, it is necessary to evaluate the permissible value of the minimum oil-film

thickness under which mixed lubrication and wear can occur.

According to standard ISO 7902-3, the permissible value of minimum oil-film thickness

h,, for plain journal bearings can be determined from the following equation:

Ny = RZB + RZJ +% By+% y+ h\NaV,eff (23)

lim

Eq. (23) takes into account the sum of the mean peak-to-valley heights (roughness) of the

bearing (Rz; ) and the journal ( Rz, ), the misalignment within the bearing length (%By ),
the mean deflection (%y) and the effective waviness in circumferential direction.

The arithmetical mean roughness for the shaft and the bearing can be extracted by the

design specifications and are equal to Ra; =0.2um and Ra; =0.4um that correspond

roughly to mean roughness Rz; =0.8um and Rz, =1.6um. By considering only the
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effect of roughness, the minimum oil-film thickness can be estimated as h, =2.4um.

The same standard ISO 7902-3 provides a table with empirical permissible values as a
function of shaft diameter and sliding velocity of the shaft, in which a mean peak-to-valley

height of Rz; <4um for the shaft, minor geometrical errors of the sliding surfaces,

careful assembly and adequate filtering of the lubricant are assumed. For the case

considered in the paper, this empirical value is h, =12um.

Another approach for the evaluation of the permissible value of minimum oil-film
thickness is based on the use of the Greenwood and Tripp contact model [16, 18]. The
friction force caused by asperity contact depend on the asperity contact pressure
p,=K-E"-F,,(H,) where H_ is a dimensionless clearance parameter. The expression

of the form function F,,(H,) states that the friction force is null for H, > 4 . Therefore, this

condition can be assumed as lower limit for the oil-film thickness:

hmin = 40_5 + é_‘S (24)

where o, is the combined asperity summit roughness and 55 is the combined mean

summit height. These last two quantities can be evaluated by experimental measurement

of the bearing and shaft surface profiles.
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For the sake of brevity, only the results of the front bearings of the upper spindles for the
first and last stands are shown in the following. The pressure and temperature
distributions for the reference oil are shown in Fig. 8 and Fig. 9 for the first and last stand,
respectively, and the corresponding bearing deformations are shown in Fig. 10. The
colours in the pressure distribution in Fig. 8b and Fig. 8c range from blue to red, with blue
and red corresponding to the minimum and maximum value obtained in each individual

simulation, respectively.

In Fig. 9, the oil-film parts are magnified, and the colour range is the same for both the
first and the last stands. The same scale factor is used for the deformations in Fig. 10a and

Fig. 10b.

Large oil-film pressure and non-negligible bearing deformations are obtained in the
bearing of the first stand that operate at high load. Conversely, the maximum
temperature is obtained in the last stand, which operates at the maximum speed and

where high shear stresses occurred.

The maximum radial deformation of the bearing in Fig. 10 for the first stand is of the same
order of magnitude of the minimum oil-film thickness and therefore cannot be neglected.
Conversely, the maximum radial deformation of the bearing of the last stand is one order

of magnitude lower than that of the first stand.

For the bearing in the first stand and the reference oil, an overestimation of about 28%
occurs in the maximum pressure of the oil-film if simple Gumbel’s boundary condition is
used and if the bearing deformation is neglected. By considering the LCP method for the
pressure distribution, the effect of the bearing deformation can be estimated in a

reduction of the maximum pressure of about 12%.
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First stand
Last stand

a) b) C)
Fig. 8. Pressure distributions: a) comparison between first and last stands in the cross

section, b) 3D for first stand and c) 3D for last stand.

a) b)

Fig. 9. Temperature distributions in the cross section (middle plane) of the bearing for the

first stand (a) and last stand (b) using the same colour range.
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Fig. 10. Bearing deformations in the cross section (middle plane) of the bearing for the

first stand (a) and the last stand (b).

5 Characteristics of the new oil

In this section, the behaviours of all the bearings of the machine were investigated for
different oil properties defined by the two kinematic viscosities kv at 40°C and 100°C. The
percentage variation of the power loss with respect to the reference oil, that is the actual
oil used in the forming machine, is shown in Fig. 11a, in which the black dot represents
the reference condition. The kinematic viscosities of the oils were normalized to the
viscosity of the reference oil. The range of analysis for the kinematic viscosity at 40°C is
approximately 45-120% of the viscosity of the reference oil (horizontal axis of and
Fig. 11a) and a range of 20-115% is considered for the kinematic viscosity at 100°C
(vertical axis of and Fig. 11a). In Fig. 11a, note that the highest power loss reduction can

be obtained by reducing the viscosity of the oil. For example, by using an oil defined by
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the lower values of the range of analysis (bottom-left corner of Fig. 11a), a reduction of
approximately 45% of the power for the reference oil can obtained. This reduction could
appear trivial if considered in general, but the analysis of Fig. 11a shows that the power
loss does not follow a linear mode. However, the two viscosity parameters kv,,.. and
KV,oec are not independent themselves. Real oils show a behaviour represented by a
limited range of viscosity index that relates the two kinematic viscosities. The dashed

black line in Fig. 11a represents the typical behaviour of industrial oils.

Conversely, the reduction of the oil viscosity leads to a reduction of the minimum oil-film
thickness, as shown in Fig. 11b. The value of the minimum oil-film thickness is critical for

the bearings in the first stand that operate at high load and low speed.

Variation of power loss w.r.t reference oil [%] Variation of mini oil-film thi

w.r.t. reference oil [ pm]

g g
o 0
8 8
® ®
@ &
g g
EO 26
50 B0 70 80 a0 100 110 50 60 70 B‘D 90 100 110
kv kv, e @ 40°C [%] KV KV 1 rer @ 40°C [%]
a) b)

Fig. 11. Variation of a) power loss and b) minimum oil-film thickness with respect to the

reference oil.
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6 Experimental tests

The previous analysis shows that it is possible to obtain a reduction of approximately 20-
30% of the power loss in the bearings of the forming machine, corresponding to several
tens of kilowatts, by reducing the viscosity of the lubricant.

An experimental activity was performed using a test rig equipped with a bearing having
similar dimensions to those of the front bearings of the machine described in the paper
[7]. Experimental tests were performed to evaluate the behaviour of the bearing and the
reduction of the power loss for two different oils, the current one used in the real

machine, and a new oil with lower viscosity, approximately half of the reference one.

6.1 Test rig description

The main components of the test rig are a rigid shaft driven by a 15-kW motor through a
flexible coupling and able to rotate to the maximum speed of 1465 rpm. The shaft is
supported by two rolling element bearings at the two ends of the shaft that rotates in
counter-clockwise direction from the non-driven end (NDE) view. The vertical load is
applied on the top of the bearing case through two hydraulic actuators with the maximum
available force of 400 kN. The vertical load acting on the housing support is in the
downward direction corresponding to a load applied on the shaft in the upward direction
(Fig. 12).

The bearing, which is centrally placed on the rotating shaft, has the nominal diameter of
160 mm and length of 145 mm. The bearing is equipped with 9 temperature probes (T1
to T9in Fig. 12) and 3 pressure probes (P1, P2 and P3 in Fig. 12) both placed in the loaded
part of the bearing, whereas the relative position of the shaft with respect to the bearing

is monitored by 2 proximity probes (XC and YC in Fig. 12).
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Fig. 12. Picture of the test rig, position of the sensor in the bearing and picture of the
holes of the pressure probe in the loaded part of the bearing.

6.2 Experimental results

The tests of the two oils were performed using the same operating conditions: supply oil
temperature at 40 °C, supply oil pressure at 2.5 bar and rotational speed of 1200 rpm. The
tests performed for the reference oil were repeated without any system modification by
simply changing the oil in the lubricating circuit. As already stated, the new oil has a

viscosity of approximately half of the reference oil. The static and dynamic behaviour of
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the bearing was investigated by applying a load in the range of 40-180 kN. The procedure
for the evaluation of the dynamic coefficients is the same as that described in [7].

The behaviour of the bearing operating with the two oils shows the increase in the
temperature as function of the increase of the load (Fig. 13). The maximum temperature,
measured by probe T7, is approximately 7 °C lower for the new oil because of the lower

shear stresses caused by the lower viscosity of the new oil than the reference one.

Temperature REF. OIL [°C] Temperature NEW OIL [°C]
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==\ = 58.8kN
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=0\ = 158.2kN
W =178.2kN

|
N |
>~ /\/—1\7‘
~/s by

/\\ \|/ -

,,L,:%i,

Fig. 13. Experimental temperature distribution for the two oils.

By increasing the load in the upward direction, the static position of the shaft moves in
the upward direction, as shown in Fig. 14a, where the position of the shaft has been
normalized with respect to the maximum position for the reference oil in vertical
direction. The difference between the static centre positions for the two oils is
approximately 7-8 um in the vertical direction. Because the bearing used in the tests the
same for the two oils, and considering the position of the minimum oil-film thickness
provided by a model, it is possible to estimate a reduction in the oil-film thickness lower

than 7-8 um for the new oil.
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The shaft centre position for the new oil is cross checked by the analysis of the pressure
measured by the fixed pressure probes. By considering Fig. 12 and the direction of shaft
rotation, the pressure distribution shows a maximum close to the position of pressure
probe P3. By increasing the load, the pressure measured by the three probes increased
for both oils, as shown in Fig. 14b. From Fig. 14b it is possible to observe the light
reduction of the pressures P1 and P3 and the increase of pressure P2 for the new oil with

respect to the reference one.

The reduction of the oil-film thickness is eventually confirmed by the increase of the

dynamic stiffness coefficient Kyy in the direction of the load for the new oil, as shown in

Fig. 14c.
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The power loss in the bearing has been evaluated by means of the motor current provided

by the inverter of the motor and knowing the current constant K, of the motor that allow

the evaluation of the motor torque. The total torque given by the motor includes the
shear stresses in the oil-film, the friction in the two rolling element bearings that support
the shaft, and the dissipation of the motor itself. Therefore, it is assumed that, for two
different oils, all the dissipations are the same except the effect of the viscosity in the

shear stresses of the oil-film bearing.

The friction torque M of the two rolling element bearings (SKF 24030) was evaluated

friction
by means of formulas provided by bearing manufacturer. The friction torque is given by
the sum of the torque M, which is independent of the load, and the componentM ,

which is a function of the load:

M friction — MO + Ml
M, =107 f,(v-n)"’d,? (25)
M, = fl'Pla'dmb

where f,=6.5 is a coefficient that is a function of bearing and lubrication type,
f, =0.0008 is a coefficient that is a function of bearing and load type, a=1.5,b=-0.2
coefficients are each a function of the bearing type, n =1200rpm is the rotational speed,
dm=0.5(d+D):187.5mm is the pitch diameter of the rolling element bearing,
V=15mm2/s is the kinematic viscosity of the 1SO-VG46 oil at 70 °C used for the
lubrication of the rolling element bearings, and P is the load acting on each rolling

element bearing (half of the load applied to the oil-film bearing).
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By subtracting the friction torque of the two rolling element bearings from the motor
torque, it is possible to obtain the power loss of the oil-film bearing for the reference and

the new oils.

By using the fitting curves of the power loss for the reference and the new oils, the

percentage reduction of power loss with respect to the reference oil can be evaluated as:

AP 9 = PREF.OIL - PNEWOIL .100

loss 70

(26)

I:)REF,OIL

The power loss reduction is a function of the load and can be estimated as approximately

21-27% in the load range investigated in the experimental tests, as shown in Fig. 15.
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Fig. 15. Estimation of power loss reduction of the new oil w.r.t. the reference oil.
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7 Conclusions

The reduction of the total power loss caused by shear stresses in the oil-film bearings of
a steel roll forming machine was investigated in this paper.

The analysis was performed by simulating the behaviour of all the bearings by means of
an accurate TEHD model. The machine studied uses the same lubricant for all the
bearings; furthermore, the machine is equipped with the same bearings for all the stands.
Therefore, the bearings operate in a wide range of loads and speeds. The result is that the
maximum power loss is obtained in the bearings operating at high rotational speed.
Conversely, the minimum oil film-thickness is obtained in the first stand of the machine
operating at minimum speed and maximum load. The reduction of the power loss can be
obtained by the reduction of the oil viscosity. The results of simulations showed that the
overall power loss in the bearings of the forming machine can be reduced of
approximately 30% by using an oil with kinematic viscosity of approximately half the value
of the reference oil. Moreover, the behaviour of a bearing having similar dimensions and
operating in similar conditions of one of the first stands of the machine considered in the
simulations was investigated. The reference oil used in the experimental activity was the
same oil used in the real machine. Furthermore, an oil having the kinematic viscosity of
approximately half the value of the reference oil was tested. In the experimental test, a
reduction of the power loss in the range of 20-25% with respect to the reference oil was

obtained with the new oil.
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