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1. Introduction

Of many different types of actuators for active vibration sup-
pression in flexible structures, piezoelectric (PZT) transducers are
considered the best compromise among achievable performances,
costs and reliability (see e.g. [5,7,11,31,13,27,34,1,29]).

Piezoelectric materials are sensitive to electric fields due to the
permanent dipole of their crystal structure [22]. This kind of mate-
rial strains when exposed to a voltage and provides a voltage when
strained. So, in the first case, it can be used as an actuator, while in
the second case it can be used as a sensor. The piezoelectric mate-
rial is usually manufactured as a film and cut in small patches
which can host both sensing and actuation on the same device.

The vast research activity of the last two decades devoted to
piezoelectric materials can be divided into two mainstreams: the
study of the material properties and behaviors (see e.g.
[15,18,26]) and the research about control techniques and applica-
tions of devices based on piezoelectric materials (see e.g.
[4,12,17,32,23,25]). This work belongs to the latter group.

For mechanical vibration reduction, piezoelectric patches can
be used in either active control systems or passive ones. In a typical
active control application, a piezoelectric patch actuates forces
over a flexible structure while vibrations are measured by an
appropriate sensor which is usually embedded in the actuator or
collocated with it (see e.g. [10,2,36]). This approach is frequently
used on a small flexible structure (the case of the present paper)
where the problem of sensor/actuators placement is less critical
than in the case of a large structure (for some example see
[1,28]) The passive approach consists in the use of piezoelectric
actuators shunted to a passive electric circuit that converts
mechanical energy into electricity: so, the passive piezo-circuit
system provides an extra-damping to the mechanical system (for
some examples see [38,16]).

However, any passive framework can be emulated by an active
control, which may also guarantee fine tuning on the vibration fre-
quency, therefore achieving better performances. This is paid in
terms of control design complexity, since only a passive framework
is ensured to be stable with respect to any adopted configuration.

http://crossmark.crossref.org/dialog/?doi=10.1016/j.mechatronics.2014.01.010&domain=pdf
mailto:previdi@unibg.it


This paper deals with a control application of piezoelectric actu-
ators for mechanical vibration suppression using an active control
scheme. In particular, this study is focused on the use of a collo-
cated piezoelectric patch and an accelerometer sensor for vibration
and noise reduction in a kitchen hood (Fig. 1). As a matter of fact,
the vibration reduction in a kitchen hood is extremely important
since it directly affects the perceived noise. Actually, a low noise le-
vel is probably the most significant quality factor in kitchen hoods,
together with design.

Roughly speaking, the noise produced by the hood has two
main sources:

� The electric motor, which generates a mechanical vibration
(@50 Hz and multiples) that is directly transmitted to the hood
structure and produces an annoying single tone noise with high
intensity.
� The turbulent motion of the air flowing inside the chimney,

which causes a broad-band aerodynamic noise with low
intenstity.

The aim of this work is the suppression of the most tiresome
component of the noise, i.e. the one due to the mechanical vibra-
tion of the hood produced by the electric motor. To this aim, an ac-
tive vibration control system has been designed using a
piezoelectric actuator to contrast the hood wall vibration mea-
sured by a collocated accelerometer. The control design has been
carried out according to the Generalized Minimum Variance
(GMV) approach [39,40,8,14]. This method has been chosen for
two main reasons: it can easily accommodate adaptive control
strategies, and it can accomplish control action penalization. The
first feature has been exploited to adaptively tune the controller
parameters depending on the motor speed. The second one is very
important in piezoelectric based control systems to avoid the use
of excessive control energy. More specifically, a broad-band Mini-
mum Variance controller is able to provide the theoretically best
performance in terms of noise reduction, by deleting noise (no
matter its source) over a given bandwidth. On the other side, a sin-
gle-tone Minimum Variance controller (resonant controller) will
provide noise cancellation only at given frequency values, selec-
tively deleting only the noise due to the motor vibration. This ap-
proach is of particular interest in view of the use of soundproof
materials to reduce aerodynamic noise. At the best of our knowl-
edge, this paper contains the following innovative contributions:

� The topic of vibration reduction with PZT actuator in a kitchen
hood has never been explored. To this aim a description of the
experimental set-up and a control-oriented model of the system
are provided.
Fig. 1. The kitchen hood object of this work.
� A vast experimental activity has been carried out and here
reported in order to assess the effectiveness of the proposed
control system. Final tests have also been held in an anechoic
chamber to explore the relationship between the reduction in
terms of vibration and in terms of noise.

The paper is organized as follows: the control system and the
experimental set up are presented in Section 2. The model of the
plant and the mathematical description of the disturbance are re-
ported in Section 3. The control design and experimental tests of
two active resonant control laws are described in Section 4, where
some tests in an anechoic chamber are also reported. Finally, Sec-
tion 5 contains some conclusive remarks.

2. Plant description

The kitchen hood used in this work is a prototype designed by
Faber S.p.A. – Italy (Fig. 1). Such hood model is composed of two
main parts, described in Fig. 2:

� The external part, including the chimney, the hood base and the
air filters.
� The internal part, called ‘‘motor-box’’ (the grey part in Fig. 2),

which is fixed to the back side of the external structure. The
motor-box is made of a small fan and an electric motor encap-
sulated in a cubic box.

As commonly used in domestic appliances, the hood is
equipped with a universal AC-motor fed by the public power net-
work. As a consequence, the main rotation frequency of the motor
is 50 Hz (European standard). The motor speed can be controlled
by a triac, which saturates, at adjustable values, the input current
to the motor. This way the modulation of the motor speed can eas-
ily be obtained. Unfortunately, current saturation introduces pure-
tone disturbances (at frequencies in multiples of 100 Hz, such as
100 Hz, and 200 Hz) in the torque delivered by the electric motor.
This disturbance is at the origin of the motor induced vibrations.

The control system uses a piezoelectric actuator to contrast the
hood wall vibration on the basis of its measurement performed by
an accelerometer. Notice that, for control purposes, the sensor is
collocated with the actuator.

The piezoelectric actuator used in this project is a P876-A15
DuraAct Patch produced by PI Ceramic (Germany, Fig. 2). The actu-
ator is characterized by the following features that make it appro-
priate for this kind of application: a maximum holding force of
775 N and a �250 V to +1000 V operating voltage. The patch is dri-
ven by a voltage amplifier designed by PI which is governed by a
�5 V to +5 V analog voltage signal and delivers to the patch a con-
trol action in the �250 V to +750 V range over a bandwidth of
5 kHz with a power consumption up to 48 W.

Vibrations are measured by a ±50 g accelerometer designed and
distributed by PCB Piezotronic and featuring a 0.2 Hz–20 kHz
bandwidth.

The experimental final control loop is depicted in Fig. 3:

� The hood vibration a(t) is measured by the acceleration trans-
ducer. The resulting voltage signal is then electronically condi-
tioned (amplified and translated) as ac(t) and sampled by the
ECU at a 10 kHz frequency.
� The ECU is a fast-prototyping system MicroAutobox by dSPACE,

which runs at a control frequency of 10 kHz. The control unit
computes the driving voltage v#(t) according to the designed
control law. The ECU is also responsible for the data logging.
� The sampled-and-hold output of the ECU is electronically con-

ditioned and then amplified by the PI driver as the command
signal va(t).



Fig. 2. Simplified scheme of the hood (left) and graphical description of the PZT patch (right).

Fig. 3. Experimental set-up: control loop scheme.
� The voltage va(t) drives the piezoelectric patch, which delivers a
torque s(t) on the hood surface.

3. Vibration measurements and Characterization of the system

The aim of this section is to present the performance evaluation
metrics for vibration measurements and to characterize the vibra-
tions’ intensity of the hood structure.

The performance evaluation is carried out according to the fol-
lowing two indexes:

� The spectral density of the measured accelerations of the sen-
sor-actuator pair ac(t), namely A(x), where x is a frequency
where the spectral density is evaluated.
� The total cumulative sum of the acceleration spectral density,

namely CðxÞ ¼
Rx

0 AðxÞdx. Notice that this second index is
a measure of the energy in the acceleration signal up to
frequency x.
Fig. 4. Positioning of the
Both indexes A(x) and C(x) are computed by assuming 60 s
experiments with 10 kHz sampling frequency (namely 600.000
samples per minute).

An example of a vibration intensity evaluation (results of an
experiment with medium motor speed with sensor/actuator on
the motor-box side – see Fig. 4) is reported in Fig. 5, which depicts
both A(x) and C(x) over a frequency domain up to the Nyquist
frequency of the sampled measurements (namely 5 kHz). From
Fig. 5 it can be easily argued that the largest part of the vibration
energy (about 90%) is concentrated below 500 Hz, as experienced
in other similar applications (see for instance [29]. See also
[20,21] for other interesting applications of spectral analysis
techniques).

To obtain a complete characterization of the vibration intensity
in different positions and speed conditions, several experiments
have been performed. Specifically, the dependence on the sensor/
actuator position has been evaluated over a grid of 10 points for
each side of the hood (left side; right side; motor-box side – see
sensor-actuator pair.
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Fig. 5. Example of vibration evaluation. In detail: spectral density A(x) of acceleration signal ac(t) (top) and cumulative sum of spectral density C(x) (bottom).
Fig. 4). The position of the sensor/actuator pairs depends also on
feasibility reasons. Basically, in view of industrial applications, they
must be places on the motor-box side. Also, as expected, the vibra-
tions are higher close to the motor-box and the controllability is
better the closer to the motor-box are the actuators. The effect of
the motor speed has been evaluated by experiments at the three
available speed values (small, medium and large). The results of
the position/speed analysis are shown in Fig. 6, where the fre-
quency analysis has been limited to 500 Hz (see again Fig. 5).

By inspecting Figs. 5 and 6 some conclusions may be drawn:

� The spectral density plot A(x) shows a finite number of signif-
icant resonant modes. The 100 Hz mode is usually dominant
over all the others. Other high power harmonic components
are visible at about 200 Hz and 300 Hz. These resonant modes
are excited by the triac motor speed control. Interesting enough,
the 50 Hz, 150 Hz, etc. modes are not as evident as the 100 Hz
one (and multiples). This is not surprising as the hood structure
has its proper resonant modes at about 100 Hz and multiples
(as discussed in the next section).
� Close to the resonant frequencies in multiples of 100 Hz, other

modes are clearly visible, produced by the modulation of the
motor rotation frequency. These modes are not so evident in
A(x) since little energy is concentrated at that frequency. For
instance, at medium speed, the nominal motor rotation fre-
quency is about 10 Hz. Thus, other modes appear in correspon-
dence of each primary peak �x : �xþ 10 Hz (e.g. 110 Hz) and
�x� 10 Hz (e.g. 90 Hz). This phenomenon has been observed at
any rotation speed.
� As previously noticed and as evidenced by Fig. 5, the 90% of the

vibration energy is concentrated in the frequency range 0–
500 Hz, where the main resonances of the system can be found.
For this reason, in the remaining part of the paper, the analysis
will be focused over the frequency range 0–500 Hz.
� The vibration energy measured at the motor-box side position is

overall four times as large as the one measured on either the left
or right position. In fact, the motor-box, which is the main
vibration source, is attached to the back panel of the hood
(the ‘‘motor-box’’ side). Similarly, the vibration energy mea-
sured at medium motor speed is about twice as much than at
the other two possible speed values. So, the motor side position
at medium motor speed is the most promising and challenging
experimental condition in terms of vibration suppression.
Following these observations, a simplified approach has been
adopted (which is consistent with the proposed control-oriented
perspective) based on linear modeling and control of collocated
actuator-sensor, as detailed in the next sections.

4. Plant dynamic model

Due to the collocated sensor-actuator layout, the plant consid-
ered in this work can be effectively modeled by a linear system
with two inputs and a single output [26,19,11]:

� The input Va(t) is the voltage driving the piezoelectric actuator
(measurable control action).
� The second input w(t) is the motor vibration (a non-measurable

disturbance).
� The output is the acceleration a(t) associated with the hood

vibration (the controlled variable).

The measured acceleration can be viewed as the superimposi-
tion of the effects of the piezoelectric voltage command Va(t) by
the transfer function GaV(s), and of the disturbance w(t) by Gaw(s),
namely

aðtÞ ¼ GaV ðsÞVaðtÞ þ GawðsÞwðtÞ
4.1. Collocated sensor-actuator model

As the accelerometer sensor and the piezoelectric actuator are
collocated and fixed on a flexible structure, the transfer function
GaV(z) can be modeled as follows [26,19,11]:

GaV ðsÞ ¼ e�sssg
XM

i¼1

ci

s2 þ 2nrixrisþx2
ri

!
ð1Þ

where M ?1 and ci P 0.
Eq. (1) describes the elastic response of the vibrating structure

to an exciting input signal generated by a piezoelectric actuator.
Notice that, practically, M is a finite number, arbitrary large, which
represents the number of vibrating modes considered in the mod-
el. The condition ci P 0 holds since the sensor and the actuator are
collocated [17]. Notice that ci ¼ 0 only if the sensor and the actua-
tor are positioned where the i-th mode is unobservable. The
parameters xri and nri, represent the natural frequency and the



(a) 

(b) 

100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
Right

100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
Motor

100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
Left

Ab
s 

Ac
c 

/ M
ax

 A
bs

 A
cc

 [-
]

100 200 300 400 500
0

0.2

0.4

0.6

0.8

1

Frequency [Hz]
100 200 300 400 500

0

0.2

0.4

0.6

0.8

1

Frequency [Hz]
100 200 300 400 500

0

0.2

0.4

0.6

0.8

1

En
er

gy
 / 

M
ax

 E
ne

rg
y 

[-]

Frequency [Hz]

0 100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
Low Speed

0 100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
Medium Speed

0 100 200 300 400 500
0

0.2

0.4

0.6

0.8

1
High Speed

Ab
s 

Ac
c 

/ M
ax

 A
bs

 A
cc

 [-
]

0 100 200 300 400 500
0

0.2

0.4

0.6

0.8

1

En
er

gy
 / 

M
ax

 E
ne

rg
y 

[-]

Frequency [Hz]
0 100 200 300 400 500

0

0.2

0.4

0.6

0.8

1

Frequency [Hz]
0 100 200 300 400 500

0

0.2

0.4

0.6

0.8

1

Frequency [Hz]

(c) 

0 5 10 15 20 25 30 35 40 45 50
0

0.02

0.04

0.06

0.08

0.1
velH: 1796rpm

vel4: 1281rpm

vel3: 1102rpm
vel2: 933rpm

vel1: 592rpm

Fig. 6. Comparative analysis of the vibration intensity in three different positions over the hood structure (a) and at three different fan speeds (b). Top and bottom figures
represent the spectral density A(x) and the overall energy associated C(x), respectively. In (c) the changes in the frequency of the first mode depending on the fan speed.
damping of the i-th vibrating mode of the flexible structure,
respectively. Notice that the model of Eq. (1) includes a derivative
contribution of order g. In fact, as already described, the piezoelec-
tric material strains when a voltage is applied. This induces a
deformation of the flexible structure where the patch is mounted.
The deformation is measured by an accelerometer, so that the
dynamical relation between the applied voltage and the monitored
acceleration includes, usually, a double derivative contribution,
namely s2.
The parameters of Eq. (1) have been estimated by identification
in the frequency domain. Specifically, a measurement of the fre-
quency response GaV(jx) has been obtained by applying a sinusoi-
dal sweep voltage signal with linearly increasing frequency from 5
to 500 Hz. Then, the model parameter values have been estimated
by a two-step procedure:

� First, a structural identification issue has been tackled, aiming at
estimating the vibrating mode number M.



Table 2
� Second, for the estimated value of M, the remaining parameters
have been tuned by minimization of the variance of the error
between the experimental and the simulated frequency
response data.

The results of the identification procedure are reported in Ta-
ble 1 and depicted in Fig. 7, where the experimental and simulated
Bode plots are compared. By inspecting Fig. 7 it can be noticed that
the structural identification procedure captures three main poorly
damped resonant modes (101 Hz, 147 Hz and 192 Hz) in the con-
sidered frequency band. Notice that, as already pointed out, the
main harmonic component of the motor disturbance occurs at
100 Hz. High order modes are not visible due to both the sensor
characteristics and the limit of the identification method, the sinu-
soidal sweep. In fact, it is known that, as the input signal frequency
increases, the signal to noise ratio falls, and the identification accu-
racy is low. This is usually acceptable in control applications where
high frequency model accuracy is not necessary.

4.2. Disturbance model

The transfer function Gaw(s) describes the effect of an external
non-measurable disturbance w(t) on the hood. On the assumption
that w(t) is a white noise with zero mean and unitary H2 norm,
Gaw(s) can be written as the sum of a set of poorly damped reso-
nant filters describing the multi-tone disturbance, i.e. the vibration
source:

GawðsÞ ¼
XN

i¼1

ai
s2 þ 2rixdis

s2 þ 2rixdisþx2
di

ð2Þ

where xdi is the i-th frequency of the multi-tone disturbance, as
experimentally measured. The parameters ri and ai are obtained
by minimization of the error’s variance between the experimental
Table 1
Parameters of the resonant modes of the Model GaV(s).

Parameter Estimated value

M 3
g 2
s 0.0023 s
xr1, nr1; c1 (1st mode) 0.63 krad/s (101 Hz); 0.030; 0.1781
xr2, nr2; c2 (2nd mode) 0.93 krad/s (147 Hz); 0.025; 0.1102
xr3, nr3, c3 (3rd mode) 1.21 krad/s (192 Hz); 0.025; 0.8130
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Fig. 7. Comparison between the experimenta
and the simulated data. The results of the identification procedure
are reported in Table 2 and represented in Fig. 8, where the exper-
imental and the simulated spectral densities of the output of Gaw(s)
are compared. Notice that the values of the parameters ri, i = 1, � � �, 8
are practically negligible, as expected.
5. Control design and results

In this section, the control algorithms design will be outlined
according to the Generalized Minimum Variance (GMV) approach.
We decided to start with a SISO architecture, leaving the investiga-
tion of the MIMO approach to future work. One of the reason is
practical industrial feasibility of the system, which cannot use
more than a couple sensor/actuators for cost reasons. Moreover,
the main vibration source is on the motor box side and it is wise
to start our preliminary analysis on that side only.

We used GMV because it is the discrete time optimal predictive
control for linear systems affected by noise. Moreover, GMV is a 2-
DOF controller that will have an easy implementation in view of
adaptive control. Finally, GMV allows parsimonious control by
introducing penalization of the control action in a very easy way.
So, we decided to use a broadband GMV controller as a starting
point for our analysis.
5.1. Broad-band GMV controller (BB-GMV): the benchmark

For control design and implementation purposes the measured
acceleration is sampled y(k) = a(kT), where fs ¼ 1

T ¼ 20 kHz is the
sampling frequency. Similarly, discrete time sampled transfer
functions of the model are computed by the use of Tustin
200 300 400 500

experimental
model

200 300 400 500
y [Hz]

l and the estimated Bode plots of GaV(s).

Parameters of model Gaw(s).

Parameter Estimated value

N 8 (Experimentally observed)
xd1, r1; a1 (1st tone) 0.56 krad/s (90 Hz); 0.0001; 0.0003
xd2, r2; a2 (2nd tone) 0.63 krad/s (100 Hz); 0.0001; 0.0013
xd3, r3, a3 (3rd tone) 0.69 krad/s (110 Hz); 0.0001; 0.0004
xd4, r4, a4 (4th tone) 1.19 krad/s (190 Hz); 0.00015; 0.0016
xd5, r5, a5 (5th tone) 1.26 krad/s (200 Hz); 0.00008; 0.0008
xd6, r6, a6 (6th tone) 1.32 krad/s (210 Hz); 0.00008; 0.0008
xd7, r7, a7 (7th tone) 1.88 krad/s (300 Hz); 0.00008; 0.0006
xd8, r8, a8 (8th tone) 1.95 krad/s (310 Hz); 0.0001; 0.0019
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Fig. 8. The spectral density and the overall associated energy of the accelerations induced by the disturbance. Comparison between estimated (red) and measured data (blue).
(For interpretation of the references to colour in this figure legend, the reader is referred to the web version of this article.)
transform, namely the disturbance model eG~an ðzÞ, being
n �WGNð0; k2Þ, and the plant model eG

~aeV ðzÞ, being u(k) = Va(kT).
As represented in Fig. 9, through an appropriate algebraic manipu-
lation, the plant may be described by an ARMAX model as follows:

AðzÞyðkÞ ¼ BðzÞuðt � dÞ þ CðzÞnðkÞ ð3Þ

with nð�Þ �WGNð0; k2Þ.
The GMV ARMAX-model-based control law u(k) is designed by

minimization of the following cost function:

J ¼ E½ðPðzÞyðkþ dÞ þ QðzÞuðkÞ � y0ðkÞÞ2� ð4Þ

where
� y0(k) is the reference trajectory to be tracked;
� PðzÞ�1 ¼ PDðzÞ

PN ðzÞ
is a reference model for the closed loop system;

� QðzÞ ¼ QN ðzÞ
QDðzÞ

is a weight filter penalizing the use of large control
energy.

It can be proven that, under mild assumptions on the filters P(z)
and Q(z) (see Astrom, 1970; [14], the optimal controller is 2-DOF
and is given by the following equations:

GðzÞuðkÞ ¼ HðzÞy0ðkÞ � FðzÞyðkÞ ð5Þ

where

GðzÞ ¼ PDðzÞ½BðzÞQ DðzÞEðzÞ þ CðzÞQ NðzÞ� ð6:aÞ
Fig. 9. Discrete time model of the plant.
FðzÞ ¼ eF ðzÞQ DðzÞ ð6:bÞ
HðzÞ ¼ CðzÞPDðzÞQ DðzÞ ð6:cÞ

being E(z) and eFðzÞ defined, respectively, as the solution and the
remainder of the following Diophantine equation:

PNðzÞCðzÞ ¼ PDðzÞAðzÞEðzÞ þ z�deFðzÞ ð7Þ

It is worth noting that in the present case, the peculiarity of the con-
trol problem allows a significant simplification of the above equa-
tions. In fact:
� The reference acceleration is y0(k) = 0; so, it is not necessary to

compute Eq. (6.c), because Eq. (5) reduces to
G(z)u(k) = �F(z)y(k).
� Since the aim is perfect rejection of the resonant mode, a uni-

tary reference model has been chosen, so PN(z) = PD(z) = 1 and
Eq. (7) simply become CðzÞ ¼ AðzÞEðzÞ þ z�deFðzÞ.
� Using a constant penalization of the control action, i.e. QN(z) = q

and QD(z) = 1, FðzÞeFðzÞ and G(z) = B(z)E(z) + qC(z) are obtained in
Eqs. (6.a) and (6.b).

By plugging a full plant model with disturbance (1) and (2) into
Eq. (3), and by solving Eqs. 5, 6.a, 6.b, 6.c, 7, it is possible to com-
pute the BB-GMV controller for the hood. The results on the vibra-
tion suppression are reported in Fig. 10, and obtained in simulation
by using experimental signals.

By inspecting Fig. 10 it is evident that the BB-GMV controller is
able to suppress the structural harmonics of the hood (100, 200
and 300 Hz), while it is less effective on those harmonics that are
due to motor speed disturbances. Overall the vibration suppression
is around 95%, and the resulting closed loop vibration presents an
almost flat spectrum, which is typical of a white noise. Under this
perspective, due to optimality, this closed loop system represents a
benchmark hard to be overcome for any other control strategy
(with the same set of sensors and actuators).

However, as experimentally proven, this kind of controller can-
not be implemented, since unstable behaviors arise. This is not sur-
prising since at the 300 Hz mode, the transfer function from the
control action to the vibration measure GaV shows a phase-shift
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of the motor velocity

Fig. 11. Scheme of the GRC-GMV controller including the motor speed estimation
algorithm.
of about 180�, which represents a critical limit for the stability of
the closed loop system (see Fig. 7).

5.2. GMV resonant controllers

In order to ensure stability for the closed loop system, two kinds
of GMV resonant controllers are herein proposed.

As well known in active vibration control, it is possible to design
the controller by exploiting the peculiar nature of the disturbance,
which presents a number of poorly damped resonant poles. This al-
lows the design of a resonant controller, which is able to guarantee
unconditional stability of the closed loop system [4,6,24]. Resonant
controllers are extremely effective when correctly tuned in corre-
spondence of the disturbance modes [31].

In order to design a resonant GMV controller, first of all, con-
sider the significant case of when the disturbance is a pure-tone
undamped vibration with frequency �x. According to Eq. (2) the
disturbance can be described, in a discrete time with a sampling
period T, by the following transfer function:

eG~anðzÞ,
CðzÞ
AðzÞ ¼

1� ð1þ cosð �xTÞÞz�1 þ cosð �xTÞz�2

1� 2 cosð �xTÞz�1 þ z�2 ð8Þ

At frequency �x, according to the theorem of frequency response,
the plant model can be described by a gain l and a time delay
s = d�T. In this setting, it is possible to solve the Generalized Mini-
mum Variance problem for every frequency of interest. Then the
resulting controller is the sum of the single resonant controllers
so designed.

Finally, two kinds of resonant controllers are herein proposed in
such a way:

� A Simplified Resonant Controller (SRC-GMV), which acts with-
out the information of the motor speed velocity and aims at
suppressing the tones at 100 Hz, 200 Hz and 300 Hz.
� A General Resonant Controller (GRC-GMV), which exploits the

information on the motor speed velocity. In this situation it is
possible to act on the structural tones at 100 Hz and multiples,
and further on those frequencies related with the motor distur-
bance (e.g. if the motor disturbance is at 10 Hz, then the other
harmonics due to modulation are at 90 Hz, 110 Hz, 190 Hz,
210 Hz, 290 Hz, and 310 Hz). Notice that the hood’s motor is
not provided with a velocity sensor. Therefore, the control
scheme must include an on-line estimation procedure of the
motor rotation speed (see Fig. 11). In this work, an adaptive
notch filter has been used, designed according to the algorithm
in [30]. For the sake of honesty, it is worth saying that in liter-
ature many algorithms can be found to tackle the rotation fre-
quency estimation problem (see for instance [9,37,33,35] and
references cited therein). The final framework of the GRC-
GMV, with an on-line adaptation of the motor speed velocity,
is depicted in Fig. 11.

5.3. Experimental results

The resonant controllers previously designed have been imple-
mented in the fast prototyping ECU (dSPACE) and experimentally
evaluated. The comparison is made with respect to the open loop
system and the closed loop with BB-GMV (simulated). Figs. 12–
14 collect the results. Some conclusions may be drawn:

� GRC-GMV is able to effectively reject the disturbance tones of
vibrations. It is comparatively less effective at the harmonics
of the motor disturbance. Overall the reduction of the vibra-
tions’ level is around 85% when compared to an open loop con-
figuration. The degradation compared to the BB-GMV controller
(simulated) is around 5%. This makes the GRC-GMV an
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Fig. 12. Experimental vibration evaluation for an open loop system and a closed loop system with GRC-GMV and SRC-GMV controllers, compared to the lower bound
provided by BB-GMV controller.
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Fig. 13. Experimental vibration evaluation in three different hood positions: with the sensor/actuator placed on the motor side, for an open loop system (blue) and a closed
loop system with GRC-GMV controller (red). Vibrations are significantly reduced also on the other sides of the hood. (For interpretation of the references to colour in this
figure legend, the reader is referred to the web version of this article.)
implementable good approximation of optimal controller
(BB-GMV) for vibration suppression. This is paid in terms of
complexity of the motor speed velocity’s on-line estimation.
� The SRC-GMV is simpler because of the presence of only three

harmonics to reject. The simple layout is paid in terms of overall
performance. The reduction of vibrations is around 75%, with a
degradation of about 15% with respect to the optimal BB-GMV
controller.
� With both controllers the harmonics at 100 Hz, 200 Hz, and

300 Hz, are fully suppressed with a reduction of 55db (600
times less) of the spectrum in correspondence of those tones.
The control is less effective on those harmonics that arise due
to the non-linear nature of the system.
� Positioning the actuator/sensor close to the motor-box pro-

duces a significant vibration reduction also on the other sides
of the hood (see Fig. 13).
This section is concluded with the results about some tests held
in the anechoic chamber to show how the reduction of vibration
may influence the perceived acoustic noise. The test facility is
located at the Sound Laboratory of the R&D department of Faber
S.p.A. at Fabriano (Ancona – Italy).

The acoustic noise is measured as the pressure variation of the
air by a microphone. The measured signal is sampled at 1 MHz and
then processed by a real time sound level meter. While the micro-
phone has an approximately constant gain on a large frequency
range, this is not the case of the human ear. Specifically, the human
ear is significantly less sensitive to lower frequencies, up to about
1 kHz. So, the sound analyzer weights the measured data through
the so called inverse isophonic curve ‘‘A’’, which emulates the hu-
man ear reaction to perceived sounds with different frequencies.
The analyzer provides a sound level index, usually represented in
logarithmic scale and expressed in dBA.
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From Fig. 15, the following conclusions can be drawn:

� The bandwidth of the acoustic noise is significantly much wider
(up to 4 kHz) than the bandwidth of the vibration disturbance.
In fact, the acoustic noise is mainly of aerodynamic origin (the
air passing through the hood filter and chimney). As a conse-
quence, the activation of control mainly reduces noise at about
100 Hz where a reduction of almost 6 dB is registered.
� The test confirms that the reduction of vibrations has an influ-

ence upon the acoustic noise in the frequency range of interest,
but the aerodynamics noise is much more important and, as
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Fig. 15. Sound intensity index in dbA as measured in anechoic chamber. Compar-
ison between open and closed loop systems. Notice that the sound intensity has
been reduced in the interesting frequency range.
expected, it is not affected by the control of the accelerations
measured over the flexible structure. Some results in aerody-
namic noise reduction might be obtained by feedback of a direct
measure of the acoustic noise (genuine active noise control).

6. Concluding remarks

In this paper, the full analysis and development of a system for
vibration reduction of a kitchen hood has been presented. The con-
trol system is an active feedback control based on voltage driven
cost effective piezoelectric patches. Two kinds of resonant control-
lers have been designed, with or without considering the motor
velocity information. For benchmarking purposes a broad-band
generalized Minimum Variance controller has been designed and
simulated. The effectiveness of both controllers has been shown.
In particular, through the information about the motor speed, the
best performances are guaranteed with a reduction of 85% of the
vibrations (5% of degradation with respect to the benchmark).
However, the resonant control system without the motor speed
information seems to provide the best compromise in terms of per-
formances and complexity of the implemented system (75% of
reduction and 15% of degradation).

Finally, tests held in anechoic chamber have shown the influ-
ence of the vibration reduction upon the acoustic noise.

Future work can be performed in the direction of using the pro-
posed method in the framework of classical control methods for
collocated actuators and sensors, i.e. Integral Resonant Control
(IRC – [3]. For instance it is advisable to develop a discrete time
implementation and (possible) development of a tuning method
based on Minimum Variance criterion for IRC. Also it could be
developed an Adaptive Internal Resonance Control scheme by
designing suitable scheduling algorithms, in order to fulfil the
requirements of the present application, i.e. to have a controller
dependent on the fan speed.
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