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Abstract: This paper focuses on the potential of supercritical carbon dioxide closed cycle for
waste heat recovery applications. The valorization of waste heat released from glass,
steel and cement production facilities is recognized as one of the most effective
solutions for the reduction of carbon footprint of the industrial sector. Common
solutions rely on steam Rankine cycles and organic Rankine cycles while only few
sCO2 power plants have been manufactured and operated so far as this technology
has not yet reached the technical and commercial maturity. In spite of the large interest
on sCO2 power plant from industry, institutions and academia, the role of this solution
in future waste heat recovery applications is still unclear, highlighting the need of
research studies focused on the performance assessment of these novel systems in
both design and off-design conditions.
This paper aims at bridging the gap between preliminary numerical studies and the
design of real power systems by focusing on different aspects scarcely investigated in
literature. The first section of this study deals with cycle design and provides a full
description of the numerical complexity related to sCO2 power plant optimization, with
a detailed description of the assumptions and the models implemented for the design
of cycle components. Five different cycle configurations for the exploitation of a heat
source consisting of a 50 kg/s stream of flue gas at 550°C have been analyzed and
optimized: results are presented with a set of sensitivity analyses and the most
promising configurations are analyzed from both a thermodynamic and a techno-
economic perspective. Simple recuperative cycle, simple recuperative cycle with
recuperator bypass and turbine split flow configurations are compared in detail proving
that sCO2 technology can reach overall efficiencies up to 27.5%, a value higher than
ORC for the same power output (around 6 MWel), and with a similar specific cost
(2000 $/kW). Simple recuperated cycle with recuperator bypass is selected as the most
promising configuration and it is further studied in off design conditions in the second
section of the paper. Five different part-load strategies have been implemented
allowing to assess the part-load performance of the selected cycle, considering both
variable CO2 inventory and constant CO2 inventory systems. Results highlight that
sCO2 recuperative cycles equipped with a CO2 storage vessel present a very high and
almost constant efficiency down to 50% of the normalized flue gases mass flow rate,
while a lower efficiency is expected for constant inventory systems. Both solutions can
be operated down to 30% load with no difficulties on system components and with a
minimum plant efficiency still competitive against ORC technology.
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General comment from the Authors to Editor and Reviewers 

 

The authors would like to thank the Editor for the suggestions and the selection of three very expert 

reviewers. Their comments allowed us to improve the clarity of the manuscript pointing out several 

sentences that were misleading for the readers. In this document we provide an answer to all the 

reviewers comments and we clearly reported in yellow the sentences that have been modified 

following their suggestions. The revised manuscript includes more changes(always highlighted in 

yellow) implemented thanks to reviewers observations. It was not an easy task, as demonstrated by 

the length of this document, and we hope the reviewers will appreciate the effort in following their 

comments regarding the content and they will understand our reasons behind the need of keeping 

some parts unchanged from the point of view of paper structure. In particular, we are aware of the 

length of the paper, but we previously discussed with ATE editorial board members who confirmed 

us that this Journal has removed the page limit. Regarding your suggestions, reviewer 2 did not 

highlighted the need of length reduction, while reviewer 1 and 3 suggested to cut on different 

sections which did not allow us to understand how to properly modify the paper. Moreover, 

reviewer #3 asked to expand some parts in order to ensure replicability. This was particularly 

challenging because providing more information on model structure in both design and part load 

without going through all the equations and further increase the length of the paper was not easy. 

We propose the following flow diagrams which we believe summarize all the interconnections 

between assumptions, calculated values, results and optimization routine. Some minor comments 

are still open and, if reviewers would like to provide us more information about them, we will be 

glad to include them in the final version. 

Thanks a lot again for your time and your valuable comments, 

The authors 
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Response to Reviewers



Editor  

 

1. The Abstract should contain answers to the following questions:  

What problem was studied and why is it important? What methods were used? What are the important 

results? What conclusions can be drawn from the results? What is the novelty of the work and where does it 

go beyond previous efforts in the literature? Please include specific and quantitative results in your Abstract, 

while ensuring that it is suitable for a broad audience. References, figures, tables, equations and 

abbreviations should be avoided. 

Thanks for the comment, we revised the abstract and we think that now the abstract includes what is 

requested. The goal of the paper is clearly stated as well as the main numerical results. Let us know if 

something else in specific should be changed and we will make our best to improve this section. 

 

2. The originality of the paper needs to be stated clearly. It is of importance to have sufficient results to justify 

the novelty of a high-quality journal paper. The Introduction should make a compelling case for why the study 

is useful along with a clear statement of its novelty or originality by providing relevant information and 

providing answers to basic questions such as: What is already known in the open literature? What is missing 

(i.e., research gaps)? What needs to be done, why and how? Clear statements of the novelty of the work 

should also appear briefly in the Abstract and Conclusions sections. 

Thanks for the comment, we revised the last paragraph of the introduction trying to follow Editor 

suggestion. The new version is reported below: 

These aforementioned studies highlight the potential of sCO2 power cycles for WHR applications and justify 

the academic and industrial interest in the development of this technology. However, the currently 

available scientific literature lacks in research studies dealing with both the cycle optimization and the 

evaluation of part load performance. The present work aims to investigate this topic of high relevance for 

WHR applications providing results that can be useful to guide studies on system dynamic or control for 

future sCO2 power systems. First, a fair comparison of five cycle configurations in design conditions is 

presented, also including techno-economic and layout complexity considerations. Optimization of each 

cycle configuration has been implemented considering all the free design parameters instead of fixing some 

of them, in order to avoid suboptimal solutions and improve the accuracy and reliability of the results. 

Three cycles configurations are selected and discussed in detail and techno-economic analysis highlights 

that considering heat exchangers mass and cost is crucial when comparing different cycle architectures. 

Recuperative cycle with recuperator bypass has been selected as the most promising cycle configuration 

for this application and it has been eventually studied in part load conditions proposing and comparing 

different possible control strategy options based on both constant and variable inventory solutions. 

 

3. An updated and complete literature review should be conducted and should appear as part of the 

Introduction, while bearing in mind the work’s relevance to ATE and taking into account the scope and 

readership of the journal. The results and findings should be compared to and discussed in the context of 

earlier work in the literature. 

Thanks for the comment, bibliography already included 77 reference in the draft paper and introduction 

provides a complete description of the most relevant works in literature. Now we reduced down to 74 

limiting self-citing. If Editor would like to suggest any specific reference to be included, we will be happy 

to read it and cite it into the text  



Reviewer #1 

A) This study analyzes the performance of various sCO2 cycle configurations based on the; (1) operating 

parameters, (2) economic evaluation and, (3) part load operation. The study is extensive but some of the 

information is trivial such as section 2.1, 2.2 and 4.1.   

Thanks for the comment. We are glad the study has been considered extensive in content. Regarding 

sections highlighted we would like to underline that: 

 Section 2.1 describes the different cycle configurations. We understand that for an expert reader 

on sCO2 power cycles the advantages of the recompressed cycle and the role of recuperator bypass is clear 

and straightforward. However, we believe that without this section a generic reader will not be able to 

follow the remaining part of the paper. Also, this section allows us to introduce the methodology and the 

thermodynamic streams indexing. 

 Section 2.2 describes all the assumptions and the methodology and the optimization procedure. 

We understand that it would be relatively trivial for some readers, but it ensures the replicability of the 

results. Actually, Reviewer 3 suggested to provide more details on this part, so we need to find a 

compromise. 

 Section 4.1 could be a bit out of the context because it does not exclusively deal with the numerical 

procedure. However, referring to real plant operation allows to support some of the numerical choices 

taken in the paper. Moreover, it is not common to have this level of discussion is a research paper and we 

believe that for a generic reader, especially from industry, this information could be more interesting than 

numerical optimization analysis. The other two reviewers did not highlight the necessity of removing this 

part, so we are inclined to keep it into the paper. 

 

B) The show the validation of the results and HX's sub routines to calculate HX area can be useful.  

Thanks for the comment. As reported in the text the numerical model has been implemented on the base 

of the Dostal PhD Thesis model which is a common standard in CO2 power plant modelling and integrated 

with some manufacturer data on plate thickness and channels hydraulic diameter. The model has been 

used within the H2020 sCO2-flex project and presented in different conferences (ASME TE, ORC seminars 

and sCO2 conference) but we included only one reference in order to limit self-citing. Results regarding the 

overall heat transfer coefficient are reported in Table 6 and validated as order of magnitude against the 

design of Fives Cryo (partner in sCO2-flex project) which detailed results on HX design are unfortunately 

confidential. We believe that we provided all the information in order to ensure a complete understanding 

of the methodology and the main results are clearly reported. However, a validation against real size 

equipment for this application is not possible due to the lack of experimental data. If the reviewer can 

share a reference which allows for model validation on PCHE we will be happy to consider it for this or 

future publications. 

 

C) Authors may consider adding some of the details and figures to supplementary information such as 

the discussion of economic analysis and so on, so the readability and the coherence of the manuscript can 

be improved.  

Thanks for the comment, we are aware of the length of the paper and we discussed about this with the 

editor before the submission. Since Applied Thermal Engineering removed the limit of max number of 

pages, we agreed to keep the whole paper content in a single paper (avoiding splitting it in part A & B) and 

limiting the use of supplementary material which is not taken into account by many readers. We will report 



your observation to the Editor, however, we are not sure to be able to follow this suggestion without a 

clear indication of all the parts to be moved in supplementary material section or the sections that should 

be shortened. Regarding economic analysis we believe that is just one page long and gives interesting 

information on the competitiveness of CO2 cycles against ORC which is not something easy to find. 

Moreover, this part also explains that from a specific cost perspective the three cycle architectures are 

rather similar and it guides the choice of the plant to be studied in part load operation. 

 

D) In section 3.2, the main results discussion is focused on the isothermal mixing, however, this require 

more explanation and justification (See comment 6).  

Thanks for the observation: Comment 6 of Reviewer 1 refers to isobaric mixing which is probably a typo. 

Mixing is always isobaric in design (if not a lumped pressure drop is added on the high-pressure stream) 

while it can be isothermal or not (and this is a design choice). Isothermal mixing is the common design 

criteria, supported by second law analysis considerations, and adopted in many different papers. 

Coherently the sensitivity analysis on Tpp of recuperators (3.2) adopts this assumption. However, this 

assumption is then modified in section 3.3 in order to explain to the readers that this is not always the 

optimal choice, but it is strongly influenced by the cycle layout and the application. We added a short 

sentence trying to be clearer about this point: 

This constraint involves the adoption of a specific split or bypass ratio (depending on the cycle 

configuration) which may lead to suboptimal solutions. 

 

E) The study concluded sCO2 is superior to ORC and that the simple recuperative cycle with bypass 

outperforms the other sCO2 cycle configurations. The key conclusion of the manuscript in the reviewers' 

opinion are: (a) the desired configuration of sCO2 cycle depends on the heat source but it has been reported 

before. (b) the metal mass of Heat exchanger (HX) or the characterization of HX's is important while 

comparing different sCO2 configurations, and (c) and investigating the part load operation strategies. It is 

recommended to emphasize on (b and c) and discussed them in the introduction. Right now, there is hardly 

any study in the introduction that discusses what has been done in the scope of (b) and (c). 

Thanks for the comment, we modified the introduction trying to highlight these aspects as follow: 

Optimization of each cycle configuration has been implemented considering all the free design parameters 

instead of fixing some of them in order to avoid suboptimal solutions and improve the accuracy and 

reliability of the results. Three cycles configurations are selected and discussed in detail and techno-

economic analysis highlights that considering heat exchangers mass and cost is crucial when comparing 

different cycle architectures. Recuperative cycle with recuperator bypass has been selected as the most 

promising cycle configuration for this application and it has been eventually studied in part load conditions 

proposing and comparing different possible control strategy options based on both constant and variable 

inventory solutions. 

F) The results pertaining to the part load operation are more interesting and certainly valuable for sCO2 

researchers community. 

Thanks for the comment, we are glad the reviewer appreciated this part of the paper. 

 

G) Lastly, the provision of line no could have eased the mentioning of a certain manuscript section while 

making comments. 



Thanks for the suggestion, we added line numbering. 

 

1. Improving the overall readability, flow of the manuscript, and sentence structure is recommended. Check 

for typos and punctuation. E.g. in section 3.1, the "id" should be "is", 3.2, "similarly to the previous example". 

Check the color of Fig. 4 (middle) 

Thanks for the comment, we revised the text trying to limit typos. If the reviewer can highlight more typos 

we will be glad and happy to correct them. Regarding Figure 4, we corrected the colour of HTR duty label? 

 

2. Avoid lumping the references. Also, the literature survey can be improved. Some latest and pioneering 

work addressing the sCO2 cycle configuration analysis, applications, and development should be cited. 

Thanks for the comment, the paper has now 74 cited papers which is certainly a consistent number. We 

tried to include the most relevant references in our opinion. If the reviewer would like to suggest any 

specific reference, we will take them into consideration, we will read them and we will be happy to add 

them in bibliography. Regarding lumping references, we tried to improve this aspect splitting them and 

revising the text. 

 

3. The highlights focus on what has been studied. Please reiterate on key results and highlight the vital 

findings as well. 

Thanks for the comment. We revised this part and the new proposed Highlights are formulated as follow: 

 

 We optimized five sCO2 cycle configurations for waste heat recovery application 

 Optimal plants reach efficiency higher than ORC (>27%) with similar specific cost (2000$/kW) 

 Simple recuperative cycle with bypass (SRBC) is selected as the optimal configuration 

 We studied the different part-load strategies for this optimal configuration (SRBC) 

 Variable inventory part load strategy is more efficient than constant inventory strategy 
 

4. The abstract mentions some sCO2 cycles have been operated for the valorization of waste heat. In 

reviewer's opinion, the sCO2 power plants are still under laboratory development stage. 

Thanks for the comment. Actually Echogen in US is manufacturing sCO2 cycles also for WHR. They installed 

and operated some plants and so this technology TRL is pretty high and systems are already tested in 

relevant environment. This is also confirmed by Reviewer 2 comment. 

 

5. "due to the lack of coherent and comprehensive numerical studies aimed at assessing the performance of 

these novel systems in both design and off-design conditions." 

While the reviewer agrees sCO2 cycle studies has still a lot of scope, however, this conclusion is not that 

sound. Since a single research on ScienceDirect for sCO2 cycle gives numerous (100s) of results. Moreover, 

the abstract gives information, that is better suited for the introduction. Kindly rewrite. 

Thanks for the comment, we softened this sentence in the abstract. New version is the following: 



In spite of the large interest on sCO2 power plant from industry, institutions and academia, the role of this 

solution in future waste heat recovery applications is still unclear, highlighting the need of research studies 

focused on the performance assessment of these novel systems in both design and off-design conditions. 

 

5.b Kindly emphasize on the novelty and contribution of this study in the introduction.  

Thanks for the comment. We revised the introduction trying to be clearer about this point. In particular, 

we added the following sentence: 

These aforementioned studies highlight the potential of sCO2 power cycles for WHR applications and justify 

the academic and industrial interest in the development of this technology. However, the scientific 

literature available today lacks in research studies dealing with both the cycle optimization and the 

evaluation of part load performance. The present work aims to investigate this topic of high relevance for 

WHR applications providing results that can be useful to guide studies on system dynamics or control for 

future sCO2 power systems. 

 

6. Kindly provide references to this statement "An additional hypothesis generally adopted in literature is 

related to the imposition of isothermal mixing processes to minimize mixing irreversibilities." Above table 2. 

In reviewer opinion, many researchers have investigated isobaric mixing. Further in section, 3.3, why do 

authors have to fix the temperature difference before mixing? For example, based on the energy balance 

and isobaric mixing, the state of working fluid after mixing can be calculated. In reviewers' opinion, e.g. in 

Fig. 1(b), the temperature 3b and 3a can be same or different based on the split ratio. In any case the state 

3 can be found. Kindly elaborate on it and why the difference in mixing temperature is necessary to fix? 

Thanks for the comment. Mixing in design conditions is always isobaric (if the pressure drops are not 

balanced a lumped pressure drop is added to the stream at high pressure) while the temperature 

difference between the two streams before mixing process is a design variable. This temperature 

difference is generally set to zero because it allows to minimize entropy generation and exergy loss in the 

mixing process. However, the goal of section 3.3 is to demonstrate that the hypothesis of isothermal mix 

is actually not correct at all times and it can lead to suboptimal design solutions. Regarding the final 

observation, reviewer is right and fixing a Tmix is the same of fixing the split ratio but our choice is more 

stable from numerical point of view and it allows to avoid inconsistent results during cycle optimization. 

We highlighted this aspect with the following text: 

This constraint involves the adoption of a specific value for the split or bypass ratio (depending on the cycle 

configuration) which may lead to suboptimal solutions. 

 

7. The TQ diagrams in Fig. 2. C2 needs elaboration 

Sorry but we did not catch the suggestion. C2 diagram is similar to C1 and C3. In any case we added y-axes 

titles in order to improve the readability of the charts. 

 

8. In section 3, is the optimization done to maximize plant effieicny? 

Thanks for the comment, we believe that this point is clearly explained by sentence above equation 1: 



“The optimization algorithm aims at maximizing the net power output and consequently the overall plant 

efficiency 𝛈𝐩𝐥𝐚𝐧𝐭 which takes into account not only the thermodynamic quality of the conversion from heat 

to electricity (through 𝛈𝐜𝐲𝐜𝐥𝐞), but also the fraction of heat exploited with respect to the total heat available 

from the heat source (through ).  

 

9. In sec 3.1 , Kindly explain in what temperature range the cycle efficiency is being decayed. From the figure, 

it keeps increasing. "However, in this temperature range the cycle efficiency decay is more marked than for 

the other two configurations due to the adoption of two turbines, thus reducing the main turbine inlet 

temperature is not convenient from thermodynamic perspective."  

Thanks for the comment, we tried to be clearer with the following sentence: 

In this temperature range (450°C-525°C) the cycle efficiency change is more marked than for the other two 

configurations because of the adoption of two turbines and larger than the relative increase of heat 

recovery factor χ, thus reducing the main turbine inlet temperature is not convenient from thermodynamic 

perspective. 

 

10. Figure 4, instead of left, right or middle, the writer may use alphabets to distinguish and cite each figure. 

Thanks for the comment, we changed all the figures and the reference into the text. 

 

11. Check the weird question mark sign above Fig. 4 in the text.  

Sorry, but we do not see the question mark in the file. Probably is a problem of file visualization. 

 

12. The effect of recuperator temperature difference in SRC and SRCB is quite simple. From a simple 

thermodynamic perspective, reducing the PP always increases the cycle performance and efficiency at the 

expense of increased HX area and investment. In Fig. 3 (left), the only drawback of the reduced PP was on 

heat recovery, but that also merely changes from 83 to 86 %. Thus, in reviewer's opinion, for optimizing 

efficiencies and heat recovery, the lower the PP, the better. Why does the writer choose to show these 

results? 

Thanks for the comment. In WHR applications is not sure that the lower DTpp results in the higher overall 

power production. Adopting low Tpp also increase the inlet temperature at the primary heat exchanger 

(CO2/flue gases) with a possible reduction of heat recovery factor and a penalization of the power 

production. For some cycle configurations this tradeoff pushes the optimal Tpp towards low values, in 

others like the recompressed cycles towards high values highlighting that adopting always the minimum 

technical value of Tpp independently of the cycle configuration is not the optimal choice at all times. 

 

13. Fig. 4 right, please mention what are solid and dashed line? 

Thanks for the comment, we included the following explanation in caption: 

Dashed lines in (c) represent the cold and hot extremities of the recuperators. 

 



14. "Sensitivity analysis is carried out varying the pinch point temperature difference of LTR and HTR and by 

optimizing the performance by varying the cycle maximum temperature, the cycle maximum and minimum 

pressures, the ΔTcold‐end,LTR, the ΔThot-end,LTR and the ΔThot‐end,HTR while always considering a 

isothermal mixing a both LTR and HTR recuperators." The results can be added to the supplementary 

information. 

Thanks for the comment, please refer to our answer to comment C). 

 

15. Please add references to the turbomachinery efficiencies in Page 14 

Thanks for the comment, actually the following sentence also includes the reference for the 

turbomachinery efficiency calculation: “Results can be confirmed by verifying the correctness of 

turbomachinery efficiency assumptions against the results attainable with correlations developed for sCO2 

components as function of pressure ratio and size parameter [66]” 

 

16. Plz check caption of Fig. 5. Also, add explanation? What are the dotted lines in Fig 5(a). 

Thanks for the comment, please see answer to comment 13. 

 

17. What are Zin, Zout and Vr in table 6? Kindly mention the symbols before using them. 

Thanks for the comment, because of column size it is not possible to add the full variable explanation, but 

the variables are included in the nomenclature section 

 

18. What is the meaning of closing variable in Table 8? 

Thanks for the comment. We tried to be clearer modifying the sentence as follow: 

Once the aforementioned parameters are set, the steady-state part load operating condition is obtained 

by solving a system of nonlinear equations each one representing the part load behavior of a component 

in the system (system constraints in Table 8). Table 8 also reports the selected closing variables of the off-

design problem, namely those quantities, unknown a priori, that are varied by the solving algorithm in 

order to verify system constraints. Once the off-design problem is solved, the power output is computed 

and the fluid inventory variation within the system is calculated knowing the internal volume of each 

component, the connecting piping volume and the thermodynamic conditions of sCO2. Table 8 only refers 

to the SRCB configuration which is the one selected for part load operation detailed analysis.    

 

19. Please explain the acronyms for the first time you have used them. 

Thanks for the comment, we checked the document and we made revision when needed 

 

20. Compressor maps haven been developed for this study or is this a part of bigger study? Kindly clarify on 

how the figure 6 is obtained 



Thanks for the comment. As reported in sentences “Turbomachinery design can be assumed coherent with 

the design proposed by Baker Hughes General Electric (BHGE) in the framework of sCO2-Flex project [39] 

adopting the following design criteria and off design performances” and “Turbine part load operative curve 

and off design performance is derived from BHGE calculations carried out in the frame of sCO2-Flex project 

[39].” The compressor map has been developed in the frame of a bigger study 

 

21. What is the meaning of less optimized one in 5.1. "Strategy S1 is the less optimized one and it is reported 

here as term of comparison" 

Thanks for the comment, we agree that the term “less optimized” is misleading. We modified the sentence 

as follow: 

Strategy S1 is the simplest one, it does not include any optimization in order to maximize power output and 

it is reported here as term of comparison 

 

22. In my understanding, figure 8 is plotted only for strategy S2. Why? Moreover, what is Tmax,nom? Also, 

add some more discussion to these figures. 

Thanks for the comment, we tried to improve the description to this figure by revising the text: 

Strategy S2 aims at optimizing cycle power output by varying both minimum pressure (compressor inlet) 

and maximum cycle temperature (turbine inlet). Figure 8.a depicts the trend of power output variation 

against strategy S1 attainable by the adoption of different cycle maximum temperatures and by optimizing 

the cycle minimum pressure (Figure 8.b) at all times. 

and the figure caption: 

Figure 8. (a) Net power output variation with respect to S1 strategy attainable by varying cycle maximum 

temperatures and optimizing cycle minimum pressure at all times, (b) corresponding optimal compressor 

inlet pressure for the different cycle maximum temperatures. 

 

23. Has the preliminary sizing of turbomachinery conducted in this study as mention in conclusions? 

Thanks for the comment, reviewer is right and we modified the sentence as follow: 

a preliminary sizing heat exchanger and the definition of turbomachinery main parameters has…. 

 

  



Reviewer #2:  

Overall, a very well-written paper. The cycle layouts cover a good range of possible arrangements of 

turbomachinery and heat exchangers, and the comparisons between them are fair, and the reasons for 

differences in performance are explained clearly. Similarly, the part-load optimization work is also well 

described, despite the complexity of the multiple methods for optimization.  

 

The attached PDF includes my commentary, much of which is driven more by academic curiosity about the 

results than direct criticisms. There are a few editorial marks as well for completeness. I recommend 

publication with only a few minor edits and clean-ups. 

Thanks a lot for the comment, we report below the PDF comments and the respective answers while the 

typo has been directly corrected in the manuscript. 

 

1. Echogen's cycle is not simple recuperated - see Held, T. J., 2015, “Supercritical CO2 Cycles for Gas 
Turbine Combined Cycle Power Plants,” Power Gen International, Las Vegas, NV. for details 

Thanks for the comment, reviewer is right and Echogen adopts a dual rail cycle. We modified the sentence 

accordingly: 

In the US this technological solution has already been proposed to the market by Echogen [42], which 

manufactures and commercializes sCO2-based WHR systems also in combined heat and power solutions 

(CHP). Echogen technology was initially based on a simple recuperated power cycle but now adopts a more 

complex design, called Dual Rail configuration, which is similar to the turbine split flow cycle and allows to 

obtain a higher power output and a better exploitation of exhaust gases sensible heat [ref]. 

 

2. Glass furnace flue gas is highly particulate-loaded... maybe worse than iron & steel 

Thanks for the comment, we added your observation in the column “comment” 

Very high particulate load which results in high fouling factors on heat transfer surfaces 

 

3. cp is a function of temperature (and composition) for real flue gases. Probably wouldn't change the 
outcome, but important to note, especially because the variation of CO2's cp with temperature and pressure 
is the cause of the temperature pinch issues in the LTR, and could also affect pinch point behavior in the BHE  

Thanks for the comment, reviewer observation is very precise but we believe that accounting for cp(T) for 

the flue gases would not affect final results because the pretty high minimum temperature of the gases 

and the fact that cp reduces with temperature reduction while the opposite for CO2. As result, in 

recuperator bypass pinch point can occur only at cold or hot side and not in the middle of the heat 

exchanger. Regarding CO2, thermodynamic properties are precisely calculated and recuperators are 

discretized in order to correctly detect pinch point location. 

 

4. Proximity to the critical point does not directly drive system efficiency. In fact, Reference 64 makes 
no such statement regarding selection of minimum cycle temperature, simply that it was chosen to avoid 
condensation. Modeling of the heat rejection system performance as a function of design, operating 
conditions (load) and ambient temperature is difficult, and incredibly important. 



Thanks for the comment, reviewer is right and we cited the wrong reference. We totally agree that the 

design and the operation of the heat rejection system is of crucial importance for a sCO2 power plant and 

it is often a very neglected topic. We prepared a research paper on this issue with a focus on dry air cooling 

and corrective actions in order to limit annual energy production penalization. 

 

5. Please describe the rationale for this limit (I assume it is dewpoint / condensation avoidance) 

The reviewer is correct, we added this information directly into the text: 

and a minimum allowable temperature of 150°C in order to avoid any formation of acid condenses and 

fouling on heat transfer surfaces 

 

6. Why are some heat exchanger dP's given in %, others in bar? 

Thanks for the comment, actually this assumption came from sCO2 flex experience for boiler convective 

pass heat exchangers. If the reviewer can suggest a % value we will be happy to test the effect on the 

results and adopt it in this or future works 

 

7. Strangely enough, compressibility reduces compression work (increases average fluid density during 
the compression process). What you really want is to increase the mean density of the fluid, but balancing 
that against getting the highest pressure ratio across the expander as possible. 

Thanks for the comment but we are not totally sure to catch the observation but we tried to follow 

reviewer suggestion modifying the sentence as follow: 

Cycle minimum and maximum pressures are selected considering the trade-off between the need of having 

high cycle expansion ratio and the need to increase compressor fluid average density by exploiting the low 

compressibility factor of the CO2 in the proximity of the critical point 

 

8. What is sigma_max? ASME allowable? 

Thanks for the comment. Yes, it is. We added a note in the text. 

 

9. I don't think anyone makes PCHEs out of Alloy 800... at these temperatures, would almost certainly 

be 316L 

Thanks for the comment, we modified the mass of the PCHE according to your suggestion. 

 

10. The exhaust temperatures are too hot for carbon steel, would need to be either a higher chrome 

ferritic (e.g. T22, T91) or austenitic alloy. 

Thanks for the comment, we made some errors in the table due to copy&paste from another work. Thanks 

for having noticed it! Actually, we used Inconel 617 for PHE and BHE and copper/aluminium (tube/fins) for 

the HRU. Many thanks! 



 

11. Basis is total area, or bare-tube area? What flue-gas dP was assumed to arrive at this (seems on the 

high side)? 

Thanks for the comment, as reported in the equations the global heat transfer coefficient is related to the 

internal heat transfer area. We now clearly report this into the text. Pressure drop on flue gas side is 

neglected since flue gas blowing is not considered as an internal consumption 

 

12. Pinch point limits are sometimes, but not always used as constraints. Weiland's and Held's studies, 

for example, use UA as an optimization variable rather than pinch point. 

Thanks for the comment, we added a sentence for this new reference of Held. Unfortunately we checked 

on Weiland papers and we did not find the work mentioned. Can you share the exact reference with us? 

An exception is represented by the work of Held [ref] where the heat exchangers UA value (overall heat 

transfer coefficient, U, multiplied by the heat transfer surface, A) is selected as an optimization variable 

rather than pinch point temperature differences.  

13. Referred to isothermal mixing : That's not a hypothesis, it's an arbitrarily imposed constraint. 

Thanks for the comment, we corrected the text accordingly. 

 

14. Not necessarily true--the characteristic thermal time parameter for heat exchanger is m*cp/UA. 

Since m/UA is roughly constant for a given heat exchanger type (for instance, PCHEs), the thermal inertia of 

the heat exchangers is not a strong function of heat exchanger scale. 

Thanks for the comment, this is a very precise observation. We made some research and we decided to 

remove that sentence, referring now only to cost and footprint. 

 

15. It would have been interesting to look at performance vs cycle architecture at fixed capex. Perhaps 

as a follow-on study? 

Thanks for the suggestion, we added a note in future steps section. 

 

16. I generally disagree with the conclusions of [71] - they should not have used Mach number to 

determine the equivalent of cavitation margin, since it entangles the speed of sound into the problem, which 

is not the correct scaling for a near-liquid fluid.  

Thanks for the comment, we included a new reference which states a similar conclusion. We hope you 

agree with this. Otherwise we will be happy to receive a suggestion from you. 

 

17. So the main compressor is using VIGVs (first mention of it... also need to define "IGV")? Is there 

sufficient margin to ensure no cavitation at the compressor inlet? ([71]'s methodology for determining 

margin is OK, it's just their Ma scaling I disagree with) 



Thanks for the comment, the presence of IGV is reported later at page 21 with sentence so we decided to 

make the highlighted sentence more general: 

Both main and secondary compressor operating points are set acting on available control strategies (IGV 

aperture and/or rotational speed variation) in order to provide the desired mass flow rate at the…. 

 

18. Regarding water coled HRU: Not entirely... wet bulb temperature is more diurnally consistent than 

dry bulb, but will change some day-to-night, and can vary widely seasonally. 

Thanks for the comment, we changed the sentence including a recent reference on this topic: 

Cooling water minimum temperature (fixed): always equal to the design value according to the focus of 

this work on the part load analysis. Variation of minimum temperature of the cooling medium on nigh-day 

and seasonal base can clearly affect system performance but the penalizing effect on annual energy yield 

can be rather limited when water cooled or wet and dry HRU solutions are adopted [ref]. 

 

19. Regarding heat transfer area in off. Design: Shouldn't the heat transfer area be constant (and equal 

to the design value)? 

Thanks for the comment, we modified the sentence as follow: 

Off design heat transfer area of each heat exchanger is imposed equal to the design value and calculated 

considering the same discretization of the component in order to catch local variations of thermodynamic 

properties as reported in Eq. 5 and Eq. 6. 

 

20. Referred to strategies definition- higher is the number of active constraints lower is the number of 

free control variables to be optimized to maximize power output Not clear what is meant by "higher" and 

"lower" 

Thanks for the comment, we agree that the sentence was not clear enough, we tried to improve it as 

follow: 

The activation of a specific strategy constraint involves an additional new closing variable: as result one 

strategy control variable must be calculated to satisfy the additional constraint instead of being varied 

with the aim at maximizing power output 

 

21. Figure 7 (b) Dashed vs solid lines are not clear for S1 and S3 

It was a problem of PDF visualization. We will check it during revision proof 

 

22. Referring to part load section: It would be helpful to point out in the introductory paragraph that 

power is being optimized, not efficiency. Otherwise, this chart can be a little confusing at first. 

Thanks for the comment, we think that this aspect is clearly reported at the beginning of the section by 

sentence: 



“Different part-load cycle operation strategies can be implemented in order to optimize the power 

production and/or to meet specific operational constraints”. 

 

23. reduce both the cycle minimum pressure: How does this impact the compressor cavitation margin? 

Thanks for the comment, we did not check this aspect with calculations but we expect that moving on the 
right of the critical point (lower pressures at constant temperature) would also limit this issue. 

 

24. Only cycle maximum temperature is optimized constraint while cycle minimum pressure is calculated 
in order to respect the stack temperature. Did the authors consider varying the PHE/BHE flow split to 
maintain minimum stack temperature? 

Thanks for the comment, this is a very interesting suggestion, but we did not consider this option as we 
imposed an isothermal mixing at all times. 
 

25. very similar values of net power output can be obtained with different combinations of cycle 
maximum temperature and minimum pressure - This is a very good observation, one that many people who 
do optimization studies miss! 

Thanks for the comment, we appreciate! 
  



Reviewer #3:  

This paper investigates sCO2 cycles for waste-heat recovery looking into cycle optimisation, techno-

economics and part load performance. The paper is very interesting, and relevant to the journal and to the 

special issue to which it has been submitted. The paper is on the whole also prepared to a good standard and 

I believe technically correct.  

Thanks for the comment, we are glad the reviewer appreciated the paper. 

However, I have a few reservations with the paper which should be considered by the authors before being 

acceptable for publication: 

1. the paper is very long and a significant effort needs to be made to condense the content of the paper 

to ensure the discussion is concise; 

Thanks for the comment, we are aware of the length of the paper and we discussed about this with the 

editor before the submission. Since Applied Thermal Engineering removed the limit of max number of 

pages, we agreed to keep the whole paper content in a single paper (avoiding splitting it in part A&B) and 

limiting use of supplementary material which is not taken into account by many readers. We will report 

your observation to the Editor, however we are not sure to be able to follow this suggestion without a 

clear indication of all the parts to be moved in supplementary material section or the sections that should 

be shortened. 

 

2. throughout the paper, very limited details on the modelling are presented. I am not suggesting that 

every single equation needs to be shown, but in its current format I believe it would be difficult for a reader 

to replicate the study. I would therefore ask the authors to include some more specific details. 

Thanks for the comment, we understand the need of providing all the information about system modelling 

in order to ensure replicability and we think that the reported information in the revised version are more 

adequate. We introduced a flow diagram for both the nominal and part-load modelling and reported more 

information about the modelling in the text by adding several sentences and rewriting the ones that were 

misleading or unclear.  Once all the assumptions have been declared (table 2) and the free quantities (table 

3) subject to optimization are defined, the solution of the cycle is just a matter of energy balance on the 

different components. Cycle simulation can be carried out with ad hoc numerical tools or with commercial 

software like Aspen or Thermoflex. We tried our best to make as clear as possible the modelling approach, 

but if the reviewer has some examples or suggestions about this point, we will be happy to consider it in a 

second step of the review. 

 

3. whilst the work presented appears thorough, the analysis is only applied to a single heat-source 

condition, and only one cycle is considered at off-design. This does somewhat limit the conclusions to this 

specific case, and means it is difficult to extrapolate the results to other applications. This is slightly at odds 

with the statement at the end of the introduction where they mention a need for comprehensive studies. 

The reviewer is right, however expanding the work to different heat sources will result in a strong increase 

of paper length. Moreover, the outcome would be rather similar to an already published paper of the same 

authors with self-citing issues. Regarding the off-design analysis to be applied to other cycle layouts, it is 

important to underline that this part is extremely time consuming and would require at least other 2-3 

pages in the final manuscript. Moreover, we focused the off-design analysis on the cycle with the higher 

potential, providing a full explanation of the selection criteria. Regarding your last observation, we agree 



that the sentence in the introduction is not representative of our work that cannot claim to be 

comprehensive (all heat sources, all cycle configurations, each one in both design and off design)  

 

4. In line with my previous comment, I wonder if instead of focussing on covering thermodynamics, 

economics and off-design in a single paper, a better approach might be to focus on a particular aspect and 

look into that in more detail. In my opinion, the economics section is probably the weakest since no form of 

techo-economic optimisation has been completed and there is likely to be significant uncertainty in the heat 

exchanger sizing and component cost modelling. Therefore, that could be removed and in return more details 

relating to the thermodynamic modelling could be included. Perhaps by looking at other heat-source 

conditions, or possibly looking at more than one cycle architecture at off design. 

Thanks for the comment, on the one hand we agree with the reviewer but on the other we think that 

expanding the work to different heat sources and considering the off design of more configurations would 

result in a strong increase of paper length which is something already highlighted as a weak point by the 

reviewers. The economic part we believe is important because it allows to clarify that sCO2 can be 

competitive against ORC even if without a full technoeconomic optimization and to support the choice of 

the simple recuperative cycle with bypass as the most interesting configuration because it can reach high 

efficiency but without an excessive cost increase. 

 

5. Besides those comments, a few other comments:- in the abstract, define abbreviations at first use 

(i.e., WHR) 

Thanks for the comment, we checked the document and we made revision when needed 

 

6. the abstract is too long 

Thanks for the comment, however we did not have a clear indication from the Journal guidelines. We will 

check with the Editor. 

 

7. whilst I appreciate the very comprehensive introduction, in its current format I believe it is too long. 

Some effort needs to be put into significantly reducing it in length and focusing on the most important 

features that are relevant to the study. 

Thanks for the comment. Even if we recognize the introduction is quite long, we are reluctant in reducing 

it because we believe it is valuable. It reports a synthetic description of many studies instead of a stream 

of citations with no comments and provides a clear overview of this research field to the readers (especially 

the less knowledgeable ones). 

 

8. at the end of the introduction, the motivation of the study needs further justification. For example, 

there are currently many thermodynamic studies on sCO2 systems within the literature - what exactly is not 

comprehensive about those already published? 

Thanks for the comment. We revised the introduction trying to be clearer about this point. In particular 

we added the following sentence: 



These aforementioned studies highlight the potential of sCO2 power cycles for WHR applications and justify 

the academic and industrial interest in the development of this technology. However, the scientific 

literature available today lacks in research studies dealing with both the cycle optimization and the 

evaluation of part load performance. The present work aims to investigate this topic of high relevance for 

WHR applications providing results that can be useful to guide studies on system dynamics or control for 

future sCO2 power systems. 

 

9. Section 2.1: better to give the precise mathematical model used to compute properties (i.e., the 

equation of state), rather than saying REFPROP. 

Thanks for the comment, we included the following sentence: 

Carbon dioxide thermodynamic properties are computed through the REFPROP 9.1 database [57] using a 

high fidelity 42 terms reduced Helmholtz energy equation of state [ref] allowing for an accurate evaluation 

of real gas effects close to the critical point of the working fluid. 

 

10. the motivation for the selected heat source conditions should be enhanced. 

Thanks for the comment, we added a clarification on the choice of minimum stack temperature and we 

think that the reported temperature values in table 1 and cited references are sufficient to support our 

choice. However, if reviewer can provide more details about the missing motivation, we will be happy to 

discuss them in the paper. 

 

11. as a reviewer, I would consider myself quite knowledgeable on this topic and can appreciate all of 

the intricacies discussed in Section 2.2. Having said that, I do not believe readers of the paper would be able 

to understand fully or replicate the study. I believe more effort is needed to explain how the developed 

model.  

Thanks for the comment, it is not easy to explain the methodology without going deep in all the 

calculations which is not the case as already motivated in answer to comment 2. We tried to provide a 

graphical explanation of the methodology for the SRCB cycle configuration. We hope the reviewer will find 

this adequate. 



 

 

12. more details on the optimisation applied should be included. Both in terms of the optimiser used and 

the type of optimisation. For example, considering that heat-exchanger sizing is included is a single or multi-

objective problem? 

Thanks for the comment, we included some details about the optimization algorithms adopted. 

 

The optimization algorithm selected to maximize the net power output of the systems is the patternsearch 

algorithm available in the MATLAB optimization toolbox. Patternsearch is a direct search algorithm for 

constrained optimization problems which evaluates, at each iteration step, the objective function over a 

increasing/decreasing/rotating mesh of tentative solution and it does not require gradient calculation. As 

result it can deal with non-continuous and non-differentiable functions and shows a good ability in avoiding 

local minimum/maximum. This algorithm has been preferred to simple fmincon and complex genetic or 

particle swarm algorithms because it shows a good compromise between computational time and accuracy 

of the solution 

 

13. regarding the heat exchanger design, can the authors comment on the suitability of the Gnielinksi 

and Dittus-Boelter correlations? Particular in close proximity to the critical point where there are strong 

variations in the thermo-physical properties. 

Thanks for the comment, the authors agree that it is not trivial to select a proper heat transfer coefficient 

correlation, especially in the proximity of the critical point. However, several works suggest the adoption 

of Dittus-Boelter and Gnielinski correlations for carbon dioxide in supercritical conditions: an example is 

represented by Van Eldik, Martin; Harris, Paul Marius; Kaiser, Werner Heinrich; and Rousseau, Pieter 

Gerhardus, "Theoretical And Experimental Analysis Of Supercritical Carbon Dioxide Cooling" (2014). 

International Refrigeration and Air Conditioning Conference.Paper 1360. 

http://docs.lib.purdue.edu/iracc/1360. The authors of the publication clearly states that “The Dittus and 

Boelter (1985) correlation predicts Nu values the best with an average relative error of 20% over the entire 
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Re range and with an average of 9% at 350,000 < Re < 550,000. The second best comparison was obtained 

by the correlation of Gnielinski (1975) with an average relative error of 45% over the entire Re range and 

9.5% for Re numbers between 600,000 < Re < 700,000.” 

More recently, also the NETL report C. White, S. Pidaparti, A. O’Connell and N. Weiland, "Cooling 

Technology Models for Indirect sCO2 Cycles," National Energy Technology Laboratory (Pittsburgh, 

September 2019) suggested the Gnielinski correlation for the cooling of sCO2. 

Gnielinski correlation for HRU has been suggested by CO2 cooler manufacturer but they asked to not be 

cited. 

 

14. It is hard to look at Fig. 2 and make immediate conclusions given the amount of information present. They 

are interesting results but perhaps there are more useful ways of presenting the information. Perhaps by 

grouping results for the most important parameters (say plant efficiency) on the same graph. That allows 

an easier comparison between the different cycles. Also, minor point by I presume the T-Q diagrams 

correspond to the optimal cycles (max. plant efficiency) for each cycle. It would be worth stating that in 

the caption. 

Thanks for the comment, the primary scope of these charts is not to provide a comparison among the 

different configurations but highlight the different impact of maximum cycle temperature on different 

cycle architectures. However, in order to improve the possibility of easy comparison the y axes are now 

equal for all the cases. Moreover, we added a new line on the TQ diagrams for the optimal configuration. 

 

15. It might be interesting the investigate the sensitivity of the results to the selected turbomachinery 

efficiencies. 

Thanks for the comment, it certainly would be interesting, but it would require additional pages. In 

addition, the selected values of turbomachinery efficiency has been checked against correlation from 

literature thus we a hope that a sensitivity analysis is not mandatory in this case. 

 

- In Section 3.5 I have a few comments:  

16. firstly, as with other sections of the paper, it would be very hard for a reader to replicate the study 

given the limited information presented; 

Thanks for the comment, we could include a table with the adopted cost correlations but this would result 

in further increase of paper length and increase of length in a section that Reviewer 1 suggested to reduce. 

Let us know if this comment is mandatory or not and if the additional table can solve the issue. 

 

17. (ii) can the authors comment on the suitability of the employed cost correlations for sCO2 

applications, particularly considering that sCO2 components at this sort of scale have not really been 

commercialised;  

Thanks for the comment, as any cost correlation the accuracy is pretty low and around ±30%. For such a 

novel technology errors can be even higher. This is clearly reported for turbines correlation, but it is valid 

also for the other components. 

 



18. (iii) is it fair to compare cycles optimised based on efficiency in terms of specific cost? If an a economic 

comparison is desired, it would better to compare cycles that were optimised with this as the objective 

function. 

Thanks for the comment, the reviewer is right however we would like to point out the following 

observations. This section aims at demonstrate that sCO2 can be competitive not only for efficiency 

perspective but also from economic standpoint. Specific cost and LCOE results are suboptimal in this case 

and better figure can be obtained with a technoeconomic optimization using specific cost or LCOE as 

objective function. However, this involve an increase of numerical problem complexity and the risk of 

driving the solution far from the real technical optimum if the cost correlations are not precise enough. 

 

19. -Section 4.2: again, this section does not provide sufficient detail for a reader to replicate the study. 

Thanks for the comment, we tried to solve this issue providing a graphical explanation of the part load 

modelling methodology for the SRCB cycle configuration. We checked that all the needed information are 

reported regarding the turbomachinery off design performance and the corrective factors for pressure 

drops and heat transfer coefficients. We think that this information should be sufficient for a user of Aspen 

or Thermoflex, as well for a user implementing a code from the scratch. On the other hand, as already 

stated by the reviewer, it is pointless to report the all the equations employed in the numerical routines. 

 

20. Can the authors comment on the validity of using non-dimensionalised performance maps for the 

compressor operation, particular considering the close proximity to the critical point where strong 

real-gas effects mean that conventional similarity laws breakdown? 

Thanks for the comment. The compressor map has been realized for a different application but for the 

same compressor inlet conditions and for a very similar nominal pressure ratio. 

 

21. The section on part load is interesting, and I believe a useful contribution to the field. 

Thanks for the comment, we appreciate! 
 

22. The conclusions are too long. 

Thanks for the comment, we tried to reduce the length of this section in max one page. Please refer to the 

revised manuscript for further details. 
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ABSTRACT 11 
 12 

This paper focuses on the potential of supercritical carbon dioxide closed cycle for waste heat recovery 13 

applications. The valorization of waste heat released from glass, steel and cement production facilities is 14 

recognized as one of the most effective solutions for the reduction of carbon footprint of the industrial sector. 15 

Common solutions rely on steam Rankine cycles and organic Rankine cycles while only few sCO2 power plants 16 

have been manufactured and operated so far as this technology has not yet reached the technical and commercial 17 

maturity. In spite of the large interest on sCO2 power plant from industry, institutions and academia, the role of 18 

this solution in future waste heat recovery applications is still unclear, highlighting the need of research studies 19 

focused on the performance assessment of these novel systems in both design and off-design conditions. 20 

This paper aims at bridging the gap between preliminary numerical studies and the design of real power systems 21 

by focusing on different aspects scarcely investigated in literature. The first section of this study deals with cycle 22 

design and provides a full description of the numerical complexity related to sCO2 power plant optimization, with 23 

a detailed description of the assumptions and the models implemented for the design of cycle components. Five 24 

different cycle configurations for the exploitation of a heat source consisting of a 50 kg/s stream of flue gas at 25 

550°C have been analyzed and optimized: results are presented with a set of sensitivity analyses and the most 26 

promising configurations are analyzed from both a thermodynamic and a techno-economic perspective. Simple 27 

recuperative cycle, simple recuperative cycle with recuperator bypass and turbine split flow configurations are 28 

compared in detail proving that sCO2 technology can reach overall efficiencies up to 27.5%, a value higher than 29 

ORC for the same power output (around 6 MWel), and with a similar specific cost (2000 $/kW). Simple recuperated 30 

cycle with recuperator bypass is selected as the most promising configuration and it is further studied in off design 31 

conditions in the second section of the paper. Five different part-load strategies have been implemented allowing 32 

to assess the part-load performance of the selected cycle, considering both variable CO2 inventory and constant 33 

CO2 inventory systems. Results highlight that sCO2 recuperative cycles equipped with a CO2 storage vessel 34 

present a very high and almost constant efficiency down to 50% of the normalized flue gases mass flow rate, while 35 

a lower efficiency is expected for constant inventory systems. Both solutions can be operated down to 30% load 36 

with no difficulties on system components and with a minimum plant efficiency still competitive against ORC 37 

technology. 38 

 39 

KEYWORDS: 40 

 Waste heat recovery 41 

 Energy harvesting 42 

 Supercritical carbon dioxide 43 

 Part-load operation 44 

 System optimization 45 

 Techno-economic analysis 46 

 47 

HIGHLIGHTS 48 

 We optimized five sCO2 cycle configurations for waste heat recovery application 49 

 Optimal plants reach efficiency higher than ORC (>27%) with similar specific cost (2000$/kW) 50 

 Simple recuperative cycle with bypass (SRBC) is selected as the optimal configuration 51 

 We studied the different part-load strategies for this optimal configuration (SRBC) 52 

 Variable inventory part load strategy is more efficient than constant inventory strategy 53 

 54 
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1. INTRODUCTION 56 
 57 

In the imminent future, the global electricity production is expected to undergo drastic changes to meet the rising 58 

environmental concerns and to tackle the challenges of global warming and the growing electricity demand. 59 

Academia and industry are currently researching novel sustainable solutions to reach these targets and, apart from 60 

increasing the renewable energy penetration in the electricity generation mix, a crucial solution is represented by 61 

the energy efficiency improvement of the already existing facilities in the industrial and power generation sectors. 62 

In December 2018, the European Union (EU) reviewed upwards the target for the energy efficiency for 2030, 63 

passing from 27% to 32.5%, with a clause for a possible upwards revision by 2023 [1]. One of the most promising 64 

approaches to increase the industrial energy efficiency and to lower its greenhouse gases (GHG) emissions is 65 

represented by the recovery of the heat unexploited and lost after combustion or in heat transfer processes.  66 

Several studies evaluated the quantity and quality of waste heat potential for the EU and US industrial sector, 67 

highlighting the vast potential of industrial waste heat recovery at high temperature. 68 

Forman et al. [2] estimated the global waste heat recovery (WHR) potential of the electricity generation sector 69 

and of the main end-use sectors (transportation, industrial, commercial and residential) to be as high as 68.3 70 

PWhth/year. Using an approach based on the calculation of the Carnot potential, the authors highlighted that even 71 

if the largest part of the waste heat potential (63%) is at low temperature (<100°C), when passing to Carnot 72 

potential the main share (54.5%) is represented by high temperature (>300°C) sources. 73 

Papapetrou et al. [3] focused on the industrial sector WHR technical potential in the EU: their analysis is based 74 

on waste heat fractions derived from a detailed study of the UK industry in the 2000-2003 period [4] updated for 75 

the year 2015 for each EU country and industrial sector, resulting in a new set of fractions sorted by temperature 76 

level. The analysis found out that the waste heat potential from exhaust streams at temperatures higher than 500°C 77 

amounts to 124 TWhth/year (40.8% of the total) and it is mainly represented by the iron and steel (I&S) and non-78 

metallic minerals (NMM) industries. 79 

Bianchi et al. [5] highlighted how the EU industrial sector accounts for 26% of the total final energy consumption 80 

but nearly half of this energy (about 1534 TWhth) is dissipated to the environment. More precisely, the authors 81 

estimated the energy wasted through exhausts/effluents to be 29% of the total industrial consumption, leading to 82 

an availability of 920 TWhth from the EU industrial sector which correspond to a 279 TWhel of Carnot potential. 83 

This figure demonstrates the large potential of WHR although, in the authors’ opinion, the adopted methodology, 84 

based on the computation of the Carnot potential, is not conservative and may result in a non-negligible 85 

overestimation (+30%) of the actual electricity yield. 86 

Vance et al. [6] investigated the potential and barriers for waste heat recovery at temperatures higher than 650 °C 87 

in five different industries (steel, aluminum, glass, cement, and lime). The authors estimated a potential for WHR 88 

from high temperature streams in the US to be equal to 113.6 TWhth/year. The work also mentioned that the heat 89 

recovery process from these industries could be problematic due to the presence of several reactive constituents 90 

in the exhaust streams. 91 

In the last decades, the most common technologies adopted for the conversion of waste heat into electricity have 92 

been the Steam (SRC) and Organic Rankine Cycles (ORC). These two technologies adopt the same 93 

thermodynamic cycle, i.e. the Rankine cycle, but are used in different size and temperature application ranges. In 94 

the WHR sector, subcritical superheated steam cycles without feedwater preheating represent a common option 95 

for applications characterized by medium-to-large size (from tens of MWs to hundreds of MWs) and high 96 

temperature levels (from 400°C to 700°C) thanks to the higher attainable efficiency and the use of standardized 97 

components which leads to a lower plant investment cost. On the other hand, steam Rankine cycles feature a low 98 

conversion efficiency when exploiting small available thermal powers (from few hundreds of kW up to tens of 99 

MW) or low-to-medium heat source temperatures (from 100°C to 400°C). In fact, the exploitation of such low 100 

temperature heat sources by means of steam cycles would lead to a strong cycle thermodynamic efficiency 101 

penalization due to the very low evaporation temperatures coupled with large superheating to guarantee a 102 

sufficiently high steam quality at turbine discharge. Furthermore, the exploitation of small available thermal 103 

powers would involve the miniaturization of the turbine blades, with penalization of the turbine adiabatic 104 

efficiency and higher specific cost [7]. 105 

ORC technology is generally based on the adoption of organic compounds (hydrocarbons, halogenated 106 

hydrocarbons, siloxanes) as working fluid and it currently represents the most common and reliable solution 107 

available on the market for the exploitation of low-to-medium temperature (from 100°C to 400°C) heat sources 108 

in a large range of power outputs (from few kW to tens of MW) [7]. The main advantages related to the adoption 109 

of an organic working fluid are associated to the reduction of the evaporation pressure and to the increase of the 110 

condensation one. These two aspects lead to a limited number of turbine stages and thus to a reduced turbine 111 

specific cost. Furthermore, the adoption of complex fluids with a completely overhanging saturation line always 112 

guarantee a dry expansion for saturated vapor conditions at turbine inlet. This feature solves the issues related to 113 

blade erosion, typical when using steam as working fluid, and makes possible a simple plant layout based on a 114 

subcritical saturated cycle. In fact, ORCs generally adopt less complex plant layouts than steam Rankine cycles, 115 
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typically with a single pressure level [7] and result in even higher efficiencies with respect to steam cycles when 116 

applied to low-to-medium temperature heat sources. 117 

In the last decades, the ORC technology has penetrated the WHR market with more than 1700 installed plants 118 

corresponding to about 2.8 GWel [8]. However, organic fluids cannot fully exploit the potential of heat source 119 

with temperatures higher than 400°C due to their low thermal stability limits [9]. 120 

Another technological solution that could be able to bridge the gap in industrial WHR applications and compete 121 

both with steam cycles and ORCs is the supercritical CO2 (sCO2) closed Brayton cycle. The sCO2 power cycle 122 

has been originally proposed by Angelino [10] and Feher [11] and in recent years it has gained a large interest 123 

from both the industry and the academia, mainly after the publication of the Dostal doctoral thesis [12]. 124 

Supercritical CO2 cycles have been mainly studied for concentrating solar power (mostly in the US by NREL 125 

[13][14] and SANDIA NL [15]), nuclear energy (for 4th generation nuclear plants, as small modular reactors [16] 126 

or sodium cooled reactors [17]) and fossil fuels fired applications as coal-fired power plants [18][19], natural gas 127 

oxy-fuel combustion [20][21] or bottoming cycles for gas turbines [22]. In these fields, sCO2 power systems can 128 

compete against conventional steam Rankine cycles thanks to their more compact turbomachines, simpler plant 129 

arrangement, smaller footprint and investment cost, higher efficiency and flexibility [23][24]. 130 

The great interest in the adoption of sCO2 power cycles in different power generation applications is also 131 

demonstrated by the large number of US and EU funded projects. An example is the STEP 10MWel project [25], 132 

an US DOE funded project which aims to bring the technology readiness level (TRL) of natural gas indirectly 133 

fired sCO2 power cycles from “proof of concept” (TRL3) to “system prototype” (TRL7). Supercritical carbon 134 

dioxide power cycles have been also investigated within the US DOE SunShot [26] and Gen3 [27] programs as 135 

the most promising technology for the power block of 3rd generation high-temperature CSP plants based on central 136 

receiver technology. Within the funding scheme of the EU H2020 research and innovation program, different 137 

projects have been financed, like the SOLARSCO2OL [28], which aims to build the first MW-scale sCO2 power 138 

block operating in an actual CSP plant located in the European Union; or the sCO2-Flex project [29], which 139 

investigates the application of sCO2 power cycles in order to enhance coal-fired power plants flexibility and ease 140 

the integration of non-dispatchable renewable energy sources in the electrical grid. 141 

Apart from the aforementioned high-temperature applications, the sCO2 power cycle is also considered as an 142 

alternative to ORCs for the exploitation of medium-temperature heat sources (from 250°C to 400°C) as CO2 is an 143 

environmental friendly, widely available, safe and thermally stable working fluid [30][31]. 144 

In the US this technological solution has already been proposed to the market by Echogen [32], which 145 

manufactures and commercializes sCO2-based WHR systems also in combined heat and power solutions (CHP). 146 

Echogen technology was initially based on a simple recuperated power cycle but now adopts a more complex 147 

design, called Dual Rail configuration, which is similar to the turbine split flow cycle and allows to obtain a higher 148 

power output and a better exploitation of exhaust gases sensible heat [33].  149 

Table 1 reports the most interesting opportunities for waste heat recovery with sCO2 power systems divided by 150 

sectors and processes.  151 

 152 

Table 1. Industrial and power generation sector WHR opportunities and their respective temperature levels, 153 

rearranged from [2][30][34][35]. 154 

Industry Process Temperature Comments Competitor 

Glass 

manufacturing 

Melting furnace 1100-1300 °C Very high particulate load which 

results in high fouling factors on 

heat transfer surfaces 

SRC 

Oxyfuel melting furnace 1200-1400 °C SRC 

Iron and steel 

manufacturing 

Electric arc furnace 1000-1300 °C Dirty exhausts. 

Intermittency of the process. 

Temperature too low for good 

efficiency if recovery is already 

present. 

SRC 

Electric arc furnace with 

recovery 
200-300°C ORC 

Blast and cupola furnace 450 °C ORC 

Aluminum 

manufacturing 

Secondary melting 1000-1200 °C Difficult to recover heat from the 

cell. 

Discontinuity of the process. 

SRC 

Hall-Héroult cell 700 °C SRC 

Cement 

manufacturing 

Wet kiln 300-350 °C 
Generally, a good level of heat 

integration and recovery is 

already present. 

ORC 

Dry kiln (no preheater or 

precalciner) 
400-450 °C ORC 

Dry kiln (recovered) 300-350 °C ORC 

Gas turbines Exhausts 370-600 °C Variable load SRC, ORC 

Reciprocating 

engines 
Exhausts 230-600 °C Variable load ORC 

 155 

Since 2012, several works have been published confirming the feasibility and convenience of the Echogen 156 

solution. Persichilli et al. [36] compared the levelized cost of electricity (LCOE) of several steam and sCO2-based 157 

heat recovery system configurations exploiting the exhausts of a 22 MWel LM2500 stationary gas turbine (GT). 158 
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The analysis showed how the sCO2 technology may be able to reduce by up to 20% the LCOE with respect to 159 

steam-based solutions thanks to the higher attainable power output, the lower investment and operation and 160 

maintenance (O&M) costs. Kacludis et al. [37] resumed the analysis and investigated the adoption of sCO2 power 161 

cycles for other two different WHR applications, namely the exhaust exploitation released by reciprocating engine 162 

gensets for remote power generation and a waste heat to power solution for a steel manufacturing facility. 163 

Regarding the first application, the authors showed that through the installation of two 300 kWel sCO2-based 164 

power systems it would be possible to increase by 10% the gensets power output without any additional fuel 165 

consumption. The second analysis focused on the possibility to recover waste heat from the exhaust gases of a 166 

steel mill which are usually discharged to the atmosphere at a temperature around 540°C, after the preheating of 167 

the furnace combustion air. Results showed that the adoption of a sCO2 heat engine could cut down the effective 168 

furnace operating cost from 8.6 $/ton to 6.8 $/ton of steel manufactured thanks to the generation of 3.7 MWel. 169 

The simple recuperated sCO2 power cycle adopted by the Echogen technology has been also supported by several 170 

studies thanks to its better exploitation of a heat source at variable temperature and its relatively low layout 171 

complexity. 172 

Mohagheghi and Kapat [38] provided a comparison between the simple recuperated cycle and the recompression 173 

recuperated cycle exploiting a 100 kg/s mass flow rate of the exhaust gas considering a waste gas inlet temperature 174 

range between 225°C and 825°C. The authors showed that, even at high exhausts inlet temperatures, the more 175 

complex recompressed configuration does not outperform significantly the simpler recuperated cycle and that for 176 

low exhausts inlet temperature (lower than 425°C) the recompression does not provide any benefit due to poor 177 

heat source utilization. 178 

Martinez et al. [39] assessed the potential of sCO2 bottoming cycles coupled to a gas turbine releasing flue gases 179 

to the environment at a temperature of 600°C, expanding the configurations studied to the recuperated pre-180 

compression cycle. The results of the analysis highlighted that, if the GT pressure ratio is not optimized, the simple 181 

recuperated cycle is able to reach a greater power output with respect to the recompression (+4%) and 182 

precompression cycle (+20%). On the other hand, the optimization of the GT pressure ratio leads to a shift in these 183 

trends resulting in a power output of the recompression cycle 20% greater than the one of the recuperated cycle 184 

and almost 34% higher than the fixed pressure ratio solution. 185 

Moroz et al. [40] proposed a similar analysis considering a wide set of industrial gas turbine with power outputs 186 

up to 120 MWel, flue gas mass flow rates between 100 and 700 kg/s and outlet temperatures ranging from 425 to 187 

700°C. The analysis showed that the power output of the recuperated cycle is about 10% higher than outputs of 188 

recompression and pre-compression cycles for an exhaust stream of 100 kg/s at a temperature of 550°C. The 189 

analysis also highlights the presence of an optimal sCO2 turbine inlet temperature, generally lower than the 190 

maximum allowable temperature, resulting from the tradeoff between heat source utilization and cycle 191 

thermodynamic efficiency. 192 

Kimzey [41] has been the first to propose novel sCO2 cycle architectures specifically developed for WHR 193 

applications by investigating the potential of a configuration with a single flow split and a dual expansion, which 194 

the author called Cascade I cycle. The author stated that this configuration is able to outperform the power output 195 

of a traditional two-pressure level steam Rankine cycle by 3%. On the other hand, its performances are still inferior 196 

to commonly employed triple pressure with reheat steam cycle when exploiting the flue gases discharged by a 197 

heavy-duty gas turbine. The cycle thermodynamic efficiency is in fact limited due to the large temperature 198 

differences in the low temperature recuperator (LTR), caused by the different heat capacities of the hot and cold 199 

streams. 200 

Other two interesting and innovative cycle configurations for WHR applications are the recuperated cycle with 201 

recuperator bypass (also called preheating cycle) and the turbine split flow configuration (also called dual 202 

recuperated cycle), which have been studied by Wright et al. [42]. The authors proposed a preliminary techno-203 

economic analysis comparing four different cycle configurations exploiting a 40.7 MW th GT exhaust stream at 204 

549°C. For each cycle configuration the turbine inlet temperature, the split fraction and all the heat exchangers 205 

approach temperatures have been optimized in order to maximize the net annual revenue. On the other hand, the 206 

compressor inlet and outlet pressure and the minimum cycle temperature have been considered as constant values 207 

in order to simplify the analysis. The analysis showed that, even if the innovative cycle configurations are able to 208 

produce up to 22.6% more power output than the benchmark simple recuperated cycle, the increased capital costs 209 

of these architectures (+41.7% for the recuperated cycle with recuperator bypass, +30.5% for the turbine split 210 

flow configuration) make them less favorable from an economic point of view. 211 

The turbine split flow (called by the authors cascade recuperative) configuration has also been investigated by 212 

Astolfi et al. [31] for the recovery of 30 MWth in a wide range of temperatures (from 200°C and 600°C) and 213 

cooling grades (from 0% to 100%). The analysis showed that a single optimal sCO2 cycle configuration cannot 214 

be selected as this is highly dependent on the temperature and cooling grade of the heat source. The authors 215 

compared also the performance of sCO2 cycles with the ORCs ones and highlighted that even if ORCs are the 216 

most efficient solution for heat source temperatures below 350°C, sCO2 power systems represent a promising 217 

solution for higher temperatures. 218 
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Huck et al. [22] proposed an even more complex cycle configuration, the dual flow split with a dual expansion 219 

layout (also called Cascade III by Kimzey [41]). The configuration is similar to the Cascade I cycle but with the 220 

addition of an intercooling and the division of the primary heat exchanger in two separate components, between 221 

which the two CO2 streams are mixed. The authors compared the performance attainable by this novel 222 

configuration against a three-pressure level steam Rankine bottoming cycle with reheat, showing that this 223 

innovative architecture can provide more electrical power. On the other hand, the analysis appears biased by the 224 

optimistic assumptions on the sCO2 power cycle with maximum pressures of 400 bar, turbine inlet temperatures 225 

of 700°C and isentropic efficiencies for CO2 turbomachinery equal to 95%. 226 

Marchionni et al. [43] published a techno-economic analysis comparing four more conventional sCO2 cycle 227 

configurations and four cycle architectures specifically developed for WHR applications. The second group 228 

included an innovative layout proposed by the authors, which consists in a recuperated cycle with recuperator 229 

bypass with the addition of a pre-compressor. The study investigates the exploitation of an exhausts stream at 230 

650°C and highlights the potential of the innovative sCO2 cycle configurations over the more conventional ones. 231 

However, the choice of the authors to fix the exhaust stack temperature to 350°C for the conventional 232 

configurations and to 150°C for the novel configurations could have led to an inaccurate comparison. 233 

The same authors [44] investigated the off-design behavior and performances of a 50 KWel simple recuperated 234 

cycle recovering heat from 1 kg/s stream of flue gases at 650°C. The analysis assessed the effect of both hot and 235 

cold sources inlet conditions by varying their mass flow rates and temperatures. The implementation of 236 

turbomachinery performance maps obtained through CFD simulations highlighted the impossibility to generate 237 

power when the heat source mass flow rate is lower than 0.9 kg/s and its temperature drops under 550°C. 238 

Both these studies were performed in the context of the H2020 I-ThERM project [45] which aims at the 239 

development and demonstration of a packaged plug and play power system for high-temperature waste heat to 240 

power conversion based on a sCO2 Brayton cycle. 241 

Recently, Manente and Costa [46] discussed the optimization of several novel sCO2 power cycle configurations 242 

for WHR applications analyzing the recuperated cycle with recuperator bypass, the turbine split flow and the 243 

Cascade I or dual expansion cycle. The authors showed that all these more complex configurations are obtained 244 

by the combination of two simpler sCO2 Brayton cycles overlapped in the low temperature section and separated 245 

in the high temperature one. The authors optimized all the configurations by varying the turbine inlet temperature 246 

and the split fraction, retaining constant pressures and neglecting all the heat exchangers pressure drops. The 247 

analysis showed that the dual expansion cycle obtained the highest recovery efficiency with a value of 22.3% 248 

when employed to recover heat from exhausts at 600°C. 249 

These aforementioned studies highlight the potential of sCO2 power cycles for WHR applications and justify the 250 

academic and industrial interest in the development of this technology. However, the currently available scientific 251 

literature lacks in research studies dealing with both the cycle optimization and the evaluation of part load 252 

performance. The present work aims to investigate this topic of high relevance for WHR applications providing 253 

results that can be useful to guide studies on system dynamics or control for future sCO2 power systems. First, a 254 

fair comparison of five cycle configurations in design conditions is presented, also including techno-economic 255 

and layout complexity considerations. Optimization of each cycle configuration has been implemented 256 

considering all the free design parameters instead of fixing some of them, in order to avoid suboptimal solutions 257 

and improve the accuracy and reliability of the results. Three cycles configurations are selected and discussed in 258 

detail and techno-economic analysis highlights that considering heat exchangers mass and cost is crucial when 259 

comparing different cycle architectures. Recuperative cycle with recuperator bypass has been selected as the most 260 

promising cycle configuration for this application and it has been eventually studied in part load conditions 261 

proposing and comparing different possible control strategy options based on both constant and variable inventory 262 

solutions. 263 

  264 
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2. CYCLE DESIGN AND OPTIMIZATION 265 
This section focuses on the description of investigated cycle configurations, the set of assumptions adopted and 266 

the optimization procedure. 267 

 268 

2.1 Investigated cycle architectures 269 
In order to tackle the goal of this paper a dedicated numerical tool has been developed in MATLAB [47] for the 270 

optimization of the system design and the evaluation of part-load performance of sCO2 power cycles. Carbon 271 

dioxide thermodynamic properties are computed through the REFPROP 9.1 database [48] using a high fidelity 42 272 

terms reduced Helmholtz energy equation of state [49] allowing for an accurate evaluation of real gas effects close 273 

to the critical point of the working fluid. The developed numerical code is able to model several cycle 274 

configurations (more than 50 cycle schemes are proposed in literature [50]) that can be easily optimized and then 275 

simulated over a large range of off-design conditions. 276 

In this work, five cycle configurations are investigated and optimized, identifying the most promising solutions 277 

for the exploitation of a variable temperature heat source, typical of WHR applications. Figure 1 depicts the five 278 

investigated cycle configurations: (i) the simple recuperated cycle (SRC), (ii) the recompressed recuperative cycle 279 

(RRC), (iii) the simple recuperated cycle with recuperator bypass (SRCB), (iv) the recompressed recuperative 280 

cycle with high temperature recuperator bypass (RRCB) and (v) the turbine split flow cycle (TSF). 281 

The first configuration investigated is the simple recuperated cycle (SRC) (Figure 1.a) in which a single 282 

recuperative heat exchanger uses the heat available at the exit of the expander (point 5) to increase the temperature 283 

of high pressure CO2 at compressor exit (point 2) up to Primary Heat Exchanger (PHE) inlet temperature (point 284 

3). The recuperated sCO2 cycle is the simplest configuration with internal heat recovery, which is anyhow 285 

characterized by a limited efficiency related to the high average temperature difference in the recuperator caused 286 

by the different heat capacities of the hot and cold streams. This penalization, due to the strong real gas effects on 287 

the cold high-pressure stream, entails a relatively low temperature at PHE inlet (point 3), which, on the other hand, 288 

allows to reduce the minimum temperature of the heat source thus increasing the heat recovered in WHR 289 

applications. 290 

The second cycle configuration considered for the study is the recompressed recuperative cycle (RRC) (Figure 291 

1.b), widely proposed in literature for solar [51][52][53] and nuclear applications [12][17]. In the RRC 292 

configuration, a fraction of the low pressure working fluid enters in the Heat Rejection Unit (HRU) (point 8a), it 293 

is cooled down to the minimum cycle temperature (point 1), compressed by the main compressor (point 2) and 294 

then heated up (point 3a) in the Low Temperature Recuperator (LTR). The remaining fraction (point 8b) is split 295 

just before the HRU and it is compressed to the cycle maximum pressure (point 3b) by a secondary compressor. 296 

The two flows are eventually mixed at HTR cold side inlet (point 3). The recompression allows enhancing the 297 

cycle efficiency by balancing the heat capacities of the hot and cold streams in the LTR, limiting the temperature 298 

differences in the heat exchanger and the irreversibilities related to the heat transfer process. The working fluid 299 

preheating is then completed (point 4) in the High Temperature Recuperator (HTR) which cools down the hot 300 

CO2 exiting the turbine (point 6): temperature differences are minimized at HTR cold end and tend to increase 301 

moving towards the hot end since high pressure fluid always shows a slightly higher specific heat than the low 302 

pressure stream. As result, the thermodynamic cycle efficiency is increased, while the high effectiveness of the 303 

internal recuperative process may limit the exploitation of the variable temperature heat source thus limiting the 304 

thermal power input of the cycle and its power output. 305 

For WHR applications, both simple recuperated (SRC) and recompressed recuperated (RRC) configurations may 306 

benefit from the adoption of a recuperator bypass: an additional heat exchanger in parallel to the recuperator which 307 

allows to reduce the temperature difference in the recuperator and at the same time allows to enhance heat source 308 

exploitation by a further cooling of the exhaust gas. 309 

In the simple recuperated cycle with recuperator bypass (SRCB) (Figure 1.c), a fraction of the CO2 exiting the 310 

compressor (point 2) is split before the recuperator (point 2b), heated in the recuperator bypass heat exchanger 311 

(BHE) (point 3b) further cooling the heat source and then mixed with the main flow at the recuperator outlet (point 312 

3a). In the recompressed recuperative cycle with HTR bypass (RRCB), the bypass is performed only on the HTR 313 

as reported in Figure 1.d. This cycle configuration has been suggested for high temperature applications like fossil 314 

fuel power plants [29][54] since, thanks to the introduction of the bypass stream, it combines high heat recovery 315 

factors and high thermodynamic efficiency at the expense of an additional heat exchanger. 316 

Last cycle configuration (Figure 1.e) is the so-called turbine split flow (TSF) or dual recuperated configuration 317 

[50][55]. This cycle configuration requires two turbines and a single compressor and, as the SRCB and the RRCB 318 

configurations aims at minimizing the temperature differences in the recuperators and improve the utilization of 319 

the available sensible heat from the heat source. After the compressor, the CO2 flow is split in two different 320 

streams. The first stream exploits the heat provided by the primary source and expands from the cycle maximum 321 

temperature (point 4) in the main turbine. The residual sensible heat available from hot expanded CO2 (point 5 – 322 

point 6a) is used to heat the second stream from compressor outlet (point 2) up to secondary turbine inlet 323 

temperature (point 4’). After the second stream is expanded in the secondary turbine, the hot low-pressure CO2 324 
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released by the secondary turbine (point 5’) is used to preheat the first stream up to PHE inlet temperature (point 325 

3).  326 

 327 

 328 

  
(a) (b) 

  
(c) (d) 

 

 (e) 

Figure 1. Schematic of the sCO2 cycle layouts studied in this work: (a) SRC, (b) RRC, (c) SRCB, (d) RRCB 329 

and (e) TSF. 330 

 331 

2.2 Design assumptions and system optimization 332 
The design optimization routine evaluates the performance of the various cycle designs and selects the best 333 

combination of cycle design parameters in order to maximize a specific figure of merit. 334 

The main figures of merit used to evaluate the system performance are the net cycle thermodynamic efficiency 335 

cycle (including HRU auxiliaries consumption, namely the cooling water circulation pump), the heat recovery 336 

factor  and the overall plant efficiency plant. These parameters are defined in Eq. 1, Eq. 2 and Eq. 3 where the 337 

power consumption of the secondary compressor Ẇsec comp is equal to zero for both the SRC and SRCB and the 338 

power production from low temperature turbine (Ẇsec turb) is null for all the configurations but the TSF. The 339 

optimization algorithm aims at maximizing the net power output and consequently the overall plant efficiency 340 

ηplant which takes into account not only the thermodynamic quality of the conversion from heat to electricity 341 

(through ηcycle), but also the fraction of heat exploited with respect to the total heat available from the heat source 342 

(through ).  343 

 344 

𝜂𝑐𝑦𝑐𝑙𝑒 =
𝑊̇𝑛𝑒𝑡

𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒
=
𝑊̇𝑡𝑢𝑟𝑏 + 𝑊̇𝑠𝑒𝑐 𝑡𝑢𝑟𝑏 − 𝑊̇𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝 − 𝑊̇𝑠𝑒𝑐 𝑐𝑜𝑚𝑝 − 𝑊̇𝐻𝑅𝑈,𝑎𝑢𝑥

𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒
 Eq. 1 

𝜒 =
𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒

𝑄̇ℎ𝑠,𝑚𝑎𝑥
= 1 −

𝑚̇ℎ𝑠𝑐𝑝,ℎ𝑠(𝑇𝑠𝑡𝑎𝑐𝑘 − 𝑇ℎ𝑠,𝑚𝑖𝑛)

𝑚̇ℎ𝑠𝑐𝑝,ℎ𝑠(𝑇ℎ𝑠,𝑚𝑎𝑥 − 𝑇ℎ𝑠,𝑚𝑖𝑛)
 Eq. 2 
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𝜂𝑝𝑙𝑎𝑛𝑡 = 𝜒𝑟𝑒𝑐  𝜂𝑐𝑦𝑐𝑙𝑒 =
𝑊̇𝑛𝑒𝑡

𝑄̇ℎ𝑠,𝑚𝑎𝑥
 Eq. 3 

 345 

The heat source is modelled as a stream of gas with a mass flow rate ṁhs of 50 kg/s, a maximum temperature 346 

Ths,max of 550°C, and a minimum allowable temperature of 150°C in order to avoid any formation of acid 347 

condenses and fouling on heat transfer surfaces. Gas specific heat capacity cp,hs is assumed constant and equal to 348 

1.15 kJ/kgK. Heat source heat capacity can represent the flue gas of a combustion in an industrial process (steel, 349 

glass, cement industry) [35][37] or the exhausts of a small size gas turbine (i.e. in the 15-20 MWel range [56]). 350 

The numerical model relies on a set of assumptions adopted for cycle design reported in Table 2 and among them, 351 

the most relevant are the cycle minimum temperature and turbomachinery efficiency. The minimum cycle 352 

temperature is set equal to 33°C in order to operate the main compression process close to the CO2 critical point, 353 

exploiting the real gas effects, thus increasing system efficiency [57]. A water-cooled HRU is adopted for all the 354 

cycles assuming the availability of a stream of water or the adoption of a cooling tower water loop which is often 355 

available in large industrial plants: the available cooling water temperature is assumed equal to 20°C.  356 

Regarding compressors efficiency, preliminary performance analyses report values between 83% and 85% for a 357 

50 MWel plant [58]. In this work, due to the smaller scale of the system, a more conservative value equal to 80% 358 

is adopted. 359 

Regarding the turbine efficiency, several works on sCO2-based solar power applications [13][14][59] suggest 360 

values between 90% and 93% as the expander design should be less complex than the compressor one thanks to 361 

the ideal gas-like behavior of CO2 along the expansion and the larger volumetric flow rates. A more conservative 362 

value equal to 85% is here considered, taking into account the stronger impact of secondary and leakage losses 363 

on the efficiency due to the smaller size of the investigated system. A comparison of the assumed values against 364 

those attainable with correlations from reference [60] is provided in the design result section. 365 

An additional hypothesis generally adopted in literature is related to the imposition of isothermal mixing processes 366 

to minimize mixing irreversibilities. Isothermal mixing can be assumed at HTR cold side inlet (T3a=T3b) by 367 

varying the split ratio at HRU inlet and for the mixing processes downstream the bypass heat exchangers in the 368 

SRCB (T3a=T3b) and in the RRCB (T4a=T4b) configurations, by varying the recuperator bypass flowrates. A 369 

sensitivity analysis on this hypothesis is provided in the result section. On the contrary, isothermal mixing is never 370 

imposed at HRU inlet of TSF configuration allowing to investigate solutions with recuperators having different 371 

cold end temperature differences. 372 

 373 

Table 2. Heat source data and cycle design assumptions. 374 

Parameter Value 

Heat source mass flow rate 𝑚̇ℎ𝑠, kg/s 50 

Heat source temperature 𝑇ℎ𝑠,𝑚𝑎𝑥, °C 550 

Minimum heat source temperature 𝑇ℎ𝑠,𝑚𝑖𝑛 , °C  150 

Heat source specific heat 𝑐𝑝,ℎ𝑠, kJ/kgK 1.15 

Minimum cycle temperature, °C 33 

Minimum PHE pinch point Δ𝑇𝑝𝑝,𝑃𝐻𝐸,°C 25 

Cooling water inlet temperature, °C 20 

Cooling water temperature rise, °C 7 

Cooling water Δ𝑝, bar 1.5 

PHE CO2 Δ𝑝, bar 2 

HRU CO2 (Δ𝑝/𝑝𝑖𝑛) 0.5% 

Recuperators hot side (Δ𝑝/𝑝𝑖𝑛) SRC/SRCB/TSF 1% 

Recuperators hot side (Δ𝑝/𝑝𝑖𝑛) RRC/RRCB 0.5% 

Turbines isentropic efficiency, 𝜂𝑡𝑢𝑟𝑏 85% 

Compressors isentropic efficiency, 𝜂𝑐𝑜𝑚𝑝 80% 

Water pump efficiency, 𝜂𝑤𝑎𝑡𝑒𝑟 𝑝𝑢𝑚𝑝 75% 

Generator/motor efficiency 𝜂𝑚𝑒,𝑡/ 𝜂𝑚𝑒,𝑐 96.4% 

 375 

The five cycle configurations are optimized by varying: (i) the working fluid minimum pressure, (ii) the cycle 376 

maximum pressure (iii) the turbine inlet temperature (iv) the recuperator(s) terminal cold and hot end temperature 377 

differences, (v) the recuperator(s) pinch point(s) temperature difference and (vi) the temperature difference 378 

between streams in the mixing process(es). In order to reduce the complexity of the numerical problem the 379 

parameters (i-iv) are optimized by a dedicated optimization algorithm while parameters (v-vi) are investigated 380 

with a sensitivity analysis and considered as a constraint to the optimization process. These last parameters should 381 
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be considered in order to catch the tradeoff between heat source heat recovery and cycle internal heat recovery 382 

effectiveness. Cycle minimum and maximum pressures are selected considering the trade-off between the need of 383 

having high cycle expansion ratio and the need to increase compressor fluid average density by exploiting the low 384 

compressibility factor of the CO2 in the proximity of the critical point. An increase of cycle maximum temperature 385 

positively affects the cycle thermodynamic efficiency thanks to the increased turbine specific work but may 386 

negatively impact on the heat recovery factor for recuperative cycles.  387 

The location of a selected pinch point temperature difference in sCO2 cycle recuperator(s) is non-trivial since real 388 

gas effects on the cold and high-pressure CO2 side involve a nonlinear trend of specific heat. Pinch point 389 

temperature difference can be located within the heat exchanger instead of being on the hot or cold end of the 390 

recuperator depending on the minimum and maximum pressure of the cycle. Moreover, for configurations 391 

provided by recuperator bypass (SRCB and RRCB) and for the TSF configuration it is possible to design the 392 

recuperator (HTR for RRCB and TSF) having the minimum temperature difference at cold end, at hot end, or at 393 

both extremities by tuning the bypass split ratio. For this reason, the terminal cold end and hot end temperature 394 

differences of recuperators are included as optimization variables while desired pinch point temperature 395 

differences are considered as constraints to the optimization algorithm and varied by an enumerative approach. 396 

The optimization algorithm selected to maximize the net power output of the systems is the patternsearch 397 

algorithm available in the MATLAB optimization toolbox. Patternsearch is a direct search algorithm for 398 

constrained optimization problems which evaluates, at each iteration step, the objective function over an 399 

increasing/decreasing/rotating mesh of tentative solution and it does not require gradient calculation [61]. As 400 

result it can deal with non-continuous and non-differentiable functions and shows a good ability in avoiding local 401 

minimum/maximum. This algorithm has been preferred to simple fmincon and complex genetic or particle swarm 402 

algorithms because it shows a good compromise between computational time and accuracy of the solution. The 403 

number of free variables for each cycle configuration is reported in Table 3 and it increases with cycle complexity 404 

reaching six optimization variables plus four sensitivity analysis parameters for the RRCB configuration. Figure 405 

2.a depicts the flow diagram at the base of the single simulation and the design optimization iterative procedure 406 

for the SRCB configuration. Scheme shows all the interconnections between the assumptions, the optimization 407 

variables and the calculation of the different thermodynamic points and quantities. 408 

 409 

Table 3. Optimization variables for the different cycle layouts 410 

 SRC SRCB RRC RRCB TSF Lower 

Bound 

Upper 

Bound 

Parameters varied by sensitivity analysis and considered as constraints for the optimization algorithm 

Tpp,REC, °C  X X    10 75 

Tpp,LTR, °C   X X X 10 75 

Tpp, HTR, °C   X X X 10 75 

Tmix,REC,outlet  orTmix,LTR,outlet, °C  X X X  -30 +30 

Tmix,HTR,outlet, °C    X  -30 +30 

Optimization variables varied by patternsearch optimization algorithm to maximize 𝜂𝑝𝑙𝑎𝑛𝑡   and respect 

recuperator(s) pinch point temperature difference and mixing process temperature difference constraints 

pmin, bar X X X X X 75 150 

pmax, bar X X X X X 150 250 

Tmax, °C X X X X X 200 525 

Tcold-end,REC, °C  X X    10 75 

Thot-end,REC, °C   X    10 75 

Tcold-end,LTR, °C    X X X 10 75 

Thot-end,LTR   X X  10 75 

Tcold-end,HTR, °C     X 10 75 

Thot-end,HTR, °C    X X 10 75 

 411 

 412 
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 413 
Figure 2. Flow diagrams representing all the interconnections between assumptions, optimization variables and 414 

calculated quantities for the design optimization routine (a) and the part-load routine (b) referred to SRCB 415 

configuration. 416 

 417 

Heat exchanger design is carried out with a dedicated set of numerical routines for the calculation of the heat 418 

transfer coefficients, the volume of fluid and the mass of the heat exchangers. The recuperators are modelled as 419 

printed circuit heat exchangers (PCHE) according to the model suggested in [62] integrated with manufacturer 420 

data already presented in [19] and reported in Table 4. The minimum temperature difference in each recuperator 421 

directly affects the thermal duty while the assumed hot side allowable pressure drop directly affects the CO2 422 

velocity in the heat exchanger, the heat transfer coefficients and the channels length. The numerical code assumes 423 

perfect counter-current flow arrangement and the same number of channel flows on both hot and cold side. Hot 424 

fluid velocity is varied in order to match the desired pressure drop and eventually, the global heat transfer 425 

coefficient referred to the internal surface (𝑈𝑖𝑛𝑡) (Eq. 5), the actual heat transfer area (Eq. 6) and metal mass of 426 

the heat exchanger as well as the pressure drops on the cold side are computed. Each heat exchanger is discretized 427 

in 30 sections in order to catch local variations of fluid thermophysical properties and calculate the needed heat 428 

transfer area with higher accuracy The PHE and the BHE (if present) are modelled as finned tube heat exchangers 429 

with CO2 inside the tubes and flue gas flowing outside the tubes bundles. The HRU is modelled as a shell and 430 

tubes (S&T) heat exchanger with the CO2 flowing into the tubes while cold water flows in the shell. CO2 pressure 431 

drop side in BHE is set equal to the cold side pressure drop of the bypassed recuperator, in order to limit the 432 

mixing irreversibilities at the end of the two components. In the HRU, the cooling water pressure drops are 433 

considered fixed and assumed equal to 1.5 bar, while in the PHE and BHE the hot gas side pressure drops are 434 

neglected. The HRU, PHE and BHE tubes thicknesses have been computed through Eq. 4 starting from the internal 435 

diameters reported in Table 4, adopting ASME allowable stress value (𝜎𝑚𝑎𝑥) [63] and considering a safety factor 436 

of 1.15. 437 

 438 

𝑡 = 1.15 [
𝑝 ⋅ 𝑑𝑒𝑥𝑡

2𝜎𝑚𝑎𝑥(𝑇) + 𝑝
+ 0.005𝑑𝑒𝑥𝑡] Eq. 4 

 439 

From the design of each heat exchanger, and assuming a connecting piping length value between the different 440 

cycle components, the nominal CO2 plant inventory is calculated. The piping length is assumed equal to 15 m for 441 

each pipe connected to the PHE and the HRU while all other pipes are assumed to be 2 m long. The internal piping 442 

diameter has been computed considering a maximum CO2 velocity equal to half the erosional one [64], while the 443 

external diameter and piping thickness has been computed through Eq. 4. For simplicity, the piping thermal losses 444 

and their pressure drops are neglected. Table 4 reports the main assumptions related to the heat exchangers design 445 

adopted in this work.  446 

 447 
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𝑈𝑖𝑛𝑡 =

(

  
1

ℎ𝑡𝑐𝑖𝑛𝑡
 +  

𝑑𝑖𝑛𝑡 ⋅ ln (
𝑑𝑒𝑥𝑡
𝑑𝑖𝑛𝑡

)

2𝑘𝑚𝑒𝑡𝑎𝑙
 +  

1

𝐴𝑒𝑥𝑡,𝑓𝑖𝑛𝑛𝑒𝑑
𝐴𝑒𝑥𝑡,𝑝𝑙𝑎𝑖𝑛

 ⋅  
𝐴𝑒𝑥𝑡,𝑝𝑙𝑎𝑖𝑛
𝐴𝑖𝑛𝑡

 ⋅  ℎ𝑡𝑐𝑒𝑥𝑡

 

)

 

−1

 Eq. 5 

𝐴𝑖
𝑑𝑒𝑠 = ∑

𝑄𝑖,𝑛

𝑈𝑖,𝑛∆𝑇𝑖,𝑛

30
𝑛=1 , with 𝑖 = [𝐻𝑅𝑈, 𝑅𝐸𝐶, 𝐿𝑇𝑅, 𝐻𝑇𝑅, 𝐵𝐻𝐸, 𝑃𝐻𝐸] Eq. 6 

 448 
Table 4. Main assumptions for the heat exchangers design. 449 

REC/LTR/HTR 

HX type PCHE 

Thickness of plate, mm 1.5 

Diameter of semi-circular channel, mm 2 

Thickness of wall between channels, mm 0.4 

Heat exchanger material SS316L 

Heat transfer correlation hot side Gnielinski 

Heat transfer correlation cold side Gnielinski 

PHE/BHE 

HX type Finned tube HX 

Tube internal diameter, mm 20 

Ratio of tube pitch to external diameter 1.25 

Ratio of finned to plain external area 12 

Tube material Inconel 617 

Heat transfer coefficient flue gas side 125 W/m2K 

Heat transfer correlation CO2 side Dittus-Boelter 

HRU 

HX type S&T 

Tube internal diameter, mm 20 

Ratio of tube pitch to external diameter 1.25 

Ratio of finned to plain external area 12 

Tube/fin material Copper/Aluminum 

Heat transfer coefficient water side 7500 W/m2K 

Heat transfer correlation CO2 side Gnielinski 

 450 

 451 

.  452 
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3. DESIGN RESULTS 453 
In this section the results for the optimal design of the five investigated cycles configurations are presented and 454 

discussed. Not all the free variables reported in Table 3 have the same impact on cycle performance and for this 455 

reason their role is first discussed with separate sensitivity analyses on maximum cycle temperature, pinch point 456 

temperature difference in recuperators and streams temperature difference before mixing processes while 457 

minimum and maximum cycle pressures and recuperators terminal hot and cold end temperature differences are 458 

optimized at all times. Final optimal results are discussed at the end of this section. 459 

 460 

3.1 Effect of maximum cycle temperature 461 
In order to evaluate the effect of the maximum cycle temperature on plant performance, a sensitivity analysis is 462 

carried out optimizing both minimum and maximum cycle pressures for every considered maximum cycle 463 

temperature while considering fixed minimum temperature differences in the recuperators at the lower bound 464 

(10°C) and isothermal mixing. Figure 3 depicts the results of the sensitivity analysis on cycle maximum 465 

temperature for the simplest cycle configuration (SRC), for the most complex one (RRCB) and for the TSF 466 

configuration, to highlight the importance of optimizing this parameter independently of the cycle architecture. 467 

The cycle maximum temperature affects both the cycle thermodynamic efficiency and the heat recovery factor: a 468 

tradeoff between these two figures is evident for both the SRC configuration (Figure 3.a1) and the RRCB 469 

configuration (Figure 3.a2). Cycle efficiency is positively affected by the increase of turbine inlet temperature as 470 

typical of gas cycles because of the increase of turbine specific work with respect to compressors specific 471 

consumption (Figure 3.b1 and b2). On the contrary, the heat recovery factor is penalized due to the higher CO2 472 

temperature at PHE inlet when maximum cycle temperature increases (Figure 3.c1 and c2) which entails a poor 473 

utilization of the available heat and eventually a lower CO2 mass flow rate (Figure 3.b1 and b2). For both SRC 474 

and RRCB architectures, the turbine inlet temperature that maximizes the overall plant efficiency is fairly below 475 

the maximum limit (525°C) defined as the heat source inlet temperature minus the pinch point temperature 476 

difference at PHE (25°C). Optimal values are 391.8°C and 335.6°C for SRC and RRCB configurations 477 

respectively, giving the possibility to increase the plant efficiency by more than 3.05 and 6.94 points of efficiency 478 

with respect to the case with the highest possible value of turbine inlet temperature. 479 

Different considerations can be stated for the TSF configuration: for this cycle architecture, the adoption of the 480 

maximum allowable turbine inlet temperature (525°C) does not imply a poor utilization of the available heat: 𝜒 is 481 

equal to 91.9% while the same figure is around 57.5% and 40% for the SRC and RRCB configurations respectively 482 

at the same maximum cycle temperature. This implies that the range of turbine inlet temperature to be investigated 483 

is narrower than for the other cycles and with a maximum temperature of 450°C a complete utilization of the 484 

available thermal power is obtained. In this temperature range (450°C-525°C) the cycle efficiency change is more 485 

marked than for the other two configurations because of the adoption of two turbines and larger than the relative 486 

increase of heat recovery factor 𝜒, thus reducing the main turbine inlet temperature is not convenient from 487 

thermodynamic perspective. 488 

 489 

3.2 Effect of recuperator temperature difference  490 
The effect on the plant efficiency of assuming different recuperators pinch point temperature differences is not 491 

trivial: enhancing the effectiveness of the internal heat recovery process certainly allows to reduce the 492 

irreversibility of the compressed CO2 heating process but, on the other hand, involves an increase of the PHE inlet 493 

temperature with a consequent limitation of heat source exploitation. In literature generally the recuperators pinch 494 

point temperature difference is always assumed equal to a fixed value (ranging generally from 5°C to 15°C) and 495 

rarely is subject to optimization. An exception is represented by the work of Held [33] where the heat exchangers 496 

UA value (overall heat transfer coefficient, U, multiplied by the heat transfer surface, A) is selected as an 497 

optimization variable rather than pinch point temperature differences. Figure 4 depicts the trend of the three figures 498 

of merit (ηcycle,  and ηplant) as function of ΔTpp of recuperator for non-recompressed cycle configurations (SRC 499 

and SRCB): turbine inlet temperature, minimum and maximum pressures are optimized at all times and isothermal 500 

mixing assumption at the exit of SRCB recuperator is adopted. For SRC plant (Figure 4.a), pinch point temperature 501 

difference can be located at recuperator cold end or within the heat exchanger depending on the cycle minimum 502 

and maximum pressure which changes from case to case. Adopting the minimum investigated ΔTpp (i.e.10°C) the 503 

cycle efficiency is maximized while the heat recovery factor is around 83%. A better heat exploitation can be 504 

obtained by increasing the ΔTpp but the overall effect on the plant efficiency is penalized by the contextual, and 505 

more marked reduction of cycle thermodynamic efficiency. All the optimal solutions have the pinch point 506 

temperature difference located at recuperator cold end because of the higher specific heat of cold high-pressure 507 

fluid with respect to the hot low pressure one. For SRCB plant the minimum temperature difference can be located 508 

within the recuperator, at cold end, at hot end or at both depending on the bypass mass flow rate and fluid 509 

pressures. For this configuration (Figure 4.c), the adoption of the recuperator bypass allows to totally exploit the 510 

heat source (which minimum allowable temperature is 150°C) even at minimum recuperator temperature 511 

differences, so any increase of this parameter simply contributes to a penalization of the net power output. From 512 

thermodynamic perspective, the solution with pinch point at both cold and hot ends is particularly attractive since 513 
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it allows to reach the highest internal heat recovery effectiveness without penalizing the heat recovery but, on the 514 

other hand, it entails a larger heat transfer area and investment cost. 515 

 516 

   
(a1) (b1) (c1) 

   
(a2) (b2) (c2) 

   
(a3) (b3) (c3) 

Figure 3. (a) Trends of the main system efficiencies and (b) of the net power output, of the CO2 mass flow rate, 517 

of the specific power output as function of the maximum turbine inlet temperature. (c) T-Q diagrams of the 518 

CO2-flue gas heat exchangers for two extreme cycles maximum temperatures and for the optimal one (blue 519 

line). The cycle configurations considered are (1) the simple recuperated cycle (SRC), (2) the recompressed 520 

recuperative cycle with HTR bypass (RRCB) and (3) the turbine split flow (TSF). 521 
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(a) (b) 

Figure 4. Trend of the three figures of merit (ηcycle, χ and ηplant) as function of ΔTpp of recuperator for SRC (a) 524 

and SRCB (b) configurations. 525 

 526 

The same analysis, applied to recompressed cycles configurations (RRC and RRCB), is less trivial because of the 527 

presence of two recuperators (LTR and HTR) and the possibility of varying both components minimum 528 

temperature differences. For the RRC cycle the heat capacity of the cold stream of the LTR is modulated by 529 

varying the split ratio at the entrance of the HRU towards the secondary compressor while the HTR works with 530 

the same mass flow rate on both sides. As result the pinch point temperature difference of the LTR may be located 531 

at cold end, at hot end or within the component while for the HTR the pinch point temperature difference is always 532 

at cold end because the high pressure cold fluid always has an average specific heat higher than the low pressure 533 

hot fluid. Considering the constraint of isothermal mixing it results that it is only possible to investigate designs 534 

with ΔTpp,HTR ≥ ΔTpp,LTR and the two temperature differences coincide when the pinch point is located at hot end 535 

of LTR and at cold end of HTR. Figure 5.a depicts the cycle thermodynamic efficiency, the heat recovery factor 536 

and the plant efficiency for the RRC configuration as function of HTR pinch point temperature difference while 537 

optimal ΔTpp,LTR is always equal to the minimum value (10°C) because higher values lead to an increase of the 538 

thermal power released to the HRU with penalizing effects on cycle thermodynamic efficiency. For each point 539 

the performance is maximized by varying the cycle minimum and maximum pressure, the turbine inlet 540 

temperature, the ΔTcold‑end,LTR  and the ΔThot‑end,LTR  (also equal to ΔTcold‑end,HTR  because of the constraint of 541 

isothermal mixing at LTR outlet). Adopting the minimum value of ΔTpp for both LTR and HTR results in a very 542 

high thermodynamic efficiency (27.9%) but in a poor utilization of the heat source (69.2%) finally resulting in a 543 

plant efficiency of 19.3%. Increasing the ΔTpp,HTR the HTR duty progressively decreases (Figure 5.b), reducing 544 

the boiler inlet temperature and increasing the heat exploitation. Results clearly show that the optimal RRC 545 

configuration collapses on the SRC configuration substantially eliminating both the HTR (by employing a very 546 

high ΔTpp) and the secondary compressor (using split fraction close to 1) as reported in both Figure 6.b and in the 547 

Ts diagram in Figure 5.c. 548 

 549 

   
(a) (b) (c) 

Figure 5. Results for the RRC configuration: (a) trend of ηcycle, χ and ηplant as function of ΔTpp of HTR, (b) trend 550 

of recuperators duty and main compressor split fraction as function of ΔTpp of HTR, (c) T-s diagram of optimal 551 

RRC configuration. Dashed lines in (c) represent the cold and hot extremities of the recuperators 552 

 553 

For the RRCB configuration thanks to the HTR bypass it is possible to consider cases where the ΔTpp,HTR is 554 

located at the hot end of the heat exchanger thus enabling the possibility to investigate solutions with HTR 555 

minimum temperature difference lower than the LTR value. Sensitivity analysis is carried out varying the pinch 556 
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point temperature difference of LTR and HTR and by optimizing the performance by varying the cycle maximum 557 

temperature, the cycle maximum and minimum pressures, the ΔTcold‐end,LTR, the ΔThot‑end,LTR and the 558 

ΔThot‐end,HTR while always considering a isothermal mixing a both LTR and HTR recuperators. Best result is 559 

obtained adopting the minimum temperature difference (10°C) at LTR and HTR but adopting a larger value 560 

(15.6°C) for the ΔTcold‐end,HTR. Maximum efficiency is 23.2% that is almost 1.3 points of efficiency higher than 561 

the performance attainable by adopting 10°C for all the three temperature differences. 562 

On the contrary, the TSF configuration thanks to the very high heat recovery factor, benefits from adopting the 563 

low pinch point temperature difference in the recuperators and optimal solution is obtained considering 10°C for 564 

ΔTcold‑end of both recuperators and for ΔThot‐end,HTR . 565 

 566 

3.3 Effect of imposing isothermal rather than non-isothermal mixing processes 567 
General assumption in literature is to impose isothermal mixing for the recompressed cycle configuration (RRC 568 

and RRCB) at secondary compressor/LTR cold stream outlet and for the cycles with recuperator bypass (SRCB 569 

and RRCB) at recuperator/BHE outlet. This constraint involves the adoption of a specific value for the split or 570 

bypass ratio (depending on the cycle configuration) which may lead to suboptimal solutions. A sensitivity analysis 571 

is carried out in order to highlight the correctness of this assumption by varying the ΔTmix (namely T3a-T3b and 572 

T4a-T4b) in a range of -30°C/+30°C thus investigating the effect of a non-isothermal mixing process. The results 573 

show that it is always beneficial to have ΔTmix equal to zero at the outlet of high temperature recuperator bypass 574 

(namely at the outlet of REC in SRCB and HTR in RRCB configurations) while for the RRCB configuration 575 

optimal ΔTmix at LTR recuperator outlet (T3a-T3b) is pushed towards negative values in order to reduce the duty 576 

in the LTR. This results in a final RRCB design that collapses on the SRCB configuration which has a higher 577 

efficiency. This numerical test shows also the stability of the numerical algorithm that, independently of the 578 

selected cycle configuration, when provided by a sufficient number of optimization variables, is able to optimize 579 

the system by excluding some components and to numerically converge to the optimal configuration. 580 

 581 

3.4 Optimal selected cycles 582 
Table 5 reports the overall results and the power balance of SRC, SRCB and TSF configurations optimal design 583 

while both recuperative RRC and RRCB configurations are discarded since their numerical optimization converge 584 

towards the simple cycles SRC and SRCB configurations respectively, as discussed in the previous sensitivity 585 

analysis. Figure 6 depicts the Ts diagram and the T-Q charts for heat introduction, internal heat recovery and heat 586 

rejection processes in the three selected cycle configurations. Finally, Table 6 reports the main results related to 587 

component preliminary sizing with a quantification of overall heat exchangers metal mass.  588 

The two cycle configurations with the highest performance are the TSF and the SRCB with very similar plant 589 

efficiency equal to 27.8% and 27.4% respectively. 590 

The TSF configuration reaches a higher cycle thermodynamic efficiency (30.3%) than the SRCB configuration 591 

(27.4%) with an almost total exploitation of the available thermal power (91.9%) while the SRCB configuration 592 

thanks to the use of the recuperator bypass can reach a total heat recovery factor confirming the crucial role of 593 

recuperator bypass for WHR systems exploiting a variable temperature heat source. Both TSF and SRCB 594 

configurations show a recuperator with ΔTpp on both heat exchanger hot and cold ends thus maximizing the 595 

effectiveness of the internal heat recovery process.  596 

TSF configuration can benefit from a more compact design of some heat exchangers: in particular, metal mass of 597 

the HRU and the recuperators (LTR+HTR) is 11.6% and 31.2% lower with respect to the SRCB. However, the 598 

metal mass of the PHE in TSF configuration is nearly twice than the sum of PHE and BHE in SRCB configuration, 599 

leading to an overall heat exchangers metal mass which is 30% higher in the TSF configuration. This implies a 600 

higher investment cost and a higher system footprint. 601 

Results can be confirmed by verifying the correctness of turbomachinery efficiency assumptions against the 602 

results attainable with correlations developed for sCO2 components as function of pressure ratio and size 603 

parameter [60]. Considering single-stage and multi-stage turbomachinery the efficiency for SRCB configuration 604 

ranges between 80.74% and 81.42% for the compressor and 84.32% and 87.68% for the turbine confirming that 605 

the calculated SRCB performance is realistic though a little conservative. On the contrary, TSF configuration 606 

adopts two turbines which size parameter is smaller than for the SRCB configuration because of the high pressure 607 

flow split: considering data from reference an efficiency below 85% for the primary turbine (below 82% 608 

considering a single-stage expander) and below 82% for the secondary turbine (below 79% considering a single-609 

stage expander) is expected meaning that the calculated performance are not conservative and a realistic system 610 

efficiency is expected to be lower than the efficiency of the SRCB configuration. Considering the high 611 

performance, the lower overall metal mass and the need of a single expander the SRCB configuration looks the 612 

more promising one among the two. 613 

With respect to RRC and SRCB configuration the SRC can reach a lower plant efficiency (21.8%) due to both 614 

lower thermodynamic efficiency (26.4%) and heat recovery factor (82.7%) but dramatically differ in required heat 615 

exchanger surface and metal mass. The recuperator metal mass in SRC is 4.7 times smaller than for the SRCB 616 

configuration because the lack of recuperator bypass does not allow to balance the heat capacity of cold and hot 617 
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side of the recuperator causing large temperature differences in the heat transfer process. Also heat introduction 618 

process of SRC configuration requires a lower heat transfer area and metal mass which is around 60% of the sum 619 

of PHE and BHE for the SRCB configuration. As result the overall metal mass of SRC configuration is less than 620 

half the metal mass required for the optimized SRCB.  In conclusion, the SRC can be certainly considered as a 621 

possible solution when a low complexity, low capital cost and low footprint power plant is required by the end 622 

user or when the minimum exhaust temperature is high (e.g. 250°C-300°C) allowing to reach a plant performance 623 

of at least 28.6% and making this configuration an attractive solution against other WHR systems like ORC which 624 

efficiency generally ranges between 15-25% [31].  625 

Considering the result of the optimization procedure for the three selected cycle configurations it is possible to 626 

highlight that the maximum pressure is pushed to the upper bound (250 bar) while minimum pressure is close to 627 

the CO2 critical point (80 bar) for all cases in order to exploit real gas effects and high density during compression. 628 

Cycle pressure ratio results around 3 confirming the possibility to adopt compact turbomachinery with a limited 629 

number of stages. As final consideration, the results also highlight that the choice of sCO2 cycle configuration 630 

must be always tailored to the considered application and that the adoption of configurations suggested for other 631 

applications (i.e. RRC and RRCB for high temperature cases like fossil fuel combustion or solar tower technology) 632 

may lead to questionable system design characterized by poor efficiency and very expensive equipment.  633 

 634 

Table 5. Overall results and power balance for SRC, SRCB and TSF configurations optimal design. 635 

 SRC SRCB TSF 

Optimization variables optimal values 

Maximum cycle pressure 𝑝2, bar 250 250 250 

Minimum cycle pressure 𝑝1, bar 79.19 79.88 79.18 

Turbine inlet temperature, °C 391.78 411.17 525 

Tpp,REC, °C 10 10 - 

Tpp,LTR, °C - - 10 

Thot end,REC, °C  - 10 - 

Tcold end HTR, °C - - 10 

Thot end HTR, °C - - 10 

System performance 

Cycle thermodynamic efficiency, % 26.39 27.44 30.28 

Heat recovery factor, % 82.68 100 91.86 

Plant efficiency, % 21.82 27.44 27.82 

Second law efficiency % 42.60 53.55 54.31 

Power balance 

Thermal power recovered, MWth 19.02 23.00 21.13 

Main turbine electric power, MWel 7.48 9.19 5.58 

Secondary turbine electric power, MWel - - 3.40 

Main compressor electric power, MWel 2.37 2.77 2.48 

Heat rejection auxiliaries consumption, kWel 95.28 113.55 100.00 

Net electric power, MWel 5.02 6.31 6.40 

Mass flow rates 

CO2 mass flow at turbine inlet, kg/s 73.13 87.18 76.75 

CO2 mass flow at bypass, kg/s - 25.53 - 

CO2 mass flow at secondary turbine, kg/s - - 33.11 

Cooling water mass flow rate, kg/s 462.12 550.71 484.94 

 636 

 637 

 638 
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 639 
(a) (b) (c) (d) 

 640 
Figure 6. (a) T-s diagram of the best cycle design and corresponding T-Q diagrams of the heat source/CO2 heat 641 

exchangers (b), of the cycle recuperators (c) and of the heat rejection unit (d). Dashed lines in (a) represent the 642 

cold and hot extremities of the recuperators. 643 

 644 

Table 6. Main results related to component preliminary sizing for SRC, SRCB and TSF configurations optimal 645 

design. 646 

 SRC SRCB TSF 

Total metal mass 

(piping excluded), kg 

11455.41 24040.41 31018.84 

Total metal mass 

(piping included) kg 

17434.47 33570.24 35854.46 

Total CO2 inventory 

(piping excluded), kg 
673.33 1224.14 1304.80 

Total CO2 inventory 

(piping included), kg 
1338.68 2170.25 1929.89 

HRU 

Duty, MWth 13.54 16.14 14.21 

Tmln, °C 27.32 27.00 27.33 

U (int), W/m2K 3752.51 3790.16 3748.78 

Aint, m2 153.28 180.39 161.02 

Aext, m2 171.47 202.00 180.14 

Metal mass, kg 1727.24 2052.59 1814.32 
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CO2 mass, kg 245.93 297.47 257.83 

REC (SRC, SRCB) or LTR (TSF) 

Duty, MWth 17.13 22.52 7.69 

Tmln, °C 48.69 18.38 63.45 

U, W/m2K 1446.24 845.44 1615.06 

A, m2 334.05 1557.92 112.18 

Metal mass, kg 2083.02 9714.72 699.52 

CO2 mass, kg (hot/cold) 12.43/58.46 51.98/209.80 4.25/21.05 

HTR (TSF) 

Duty, MWth - - 16.31 

Tmln, °C - - 24.66 

U, W/m2K - - 779.25 

A, m2 - - 959.37 

Metal mass, kg - - 5982.34 

CO2 mass, kg (hot/cold) - - 28.20/112.85 

BHE (SRCB) 

Duty, MWth - 9.33 - 

Tmln, °C - 64.76 - 

U (int), W/m2K - 718.47 - 

Aint, m2 - 224.31 - 

Aext, m2 - 288.71 - 

Metal mass, kg - 6155.97 - 

CO2 mass, kg - 432.21 - 

PHE 

Duty, MWth 19.02 13.67 21.13 

Tmln, °C 94.25 82.30 32.00 

U (int), W/m2K 964.72 981.29 899.19 

Aint, m2 262.39 208.76 743.59 

Aext, m2 341.82 272.27 976.52 

Metal mass, kg 7645.15 6117.13 22522.66 

CO2 mass, kg 356.51 232.67 880.62 

Turbine 

Vin, m3/s 0.375 0.463 0.276 

Vout, m3/s 0.919 1.130 0.689 

Zin 1.011 1.017 1.042 

Zout 0.969 0.975 0.997 

Vr 2.45 2.44 2.49 

h, kJ/kg 106.06 109.32 132.62 

PR 3.08 3.06 3.08 

SP 0.050 0.055 0.041 

Secondary turbine (TSF) 

Vin, m3/s - - 0.168 

Vout, m3/s - - 0.415 

Zin - - 1.011 

Zout - - 0.969 

Vr - - 2.47 

h, kJ/kg - - 106.50 

PR - - 3.11 

SP - - 0.034 

Compressor 

Vin, m3/s 0.123 0.143 0.129 

Vout, m3/s 0.100 0.118 0.105 

Zin 0.230 0.226 0.230 

Zout 0.526 0.523 0.526 

Vr 1.22 1.21 1.23 

h, kJ/kg 31.19 30.60 31.20 

PR 3.16 3.13 3.16 

SP 0.028 0.030 0.022 
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 647 

3.5 Economic analysis 648 
Finally, an evaluation of the capital investment cost for the three selected cycle configurations is carried out. Each 649 

component is described by a specific cost correlation obtained from literature, however for some components 650 

different references are available leading to a different evaluation of equipment cost and thus plant specific cost. 651 

Two main sets of cost correlations, the first one from Weiland [65] and the second from Carlson [66], are adopted 652 

in this analysis and integrated with cost correlation for sCO2/exhaust heat exchanger (BHE and PHE) from 653 

[42][43]. Main differences between the two sets rely in the cost of turbomachinery: for the same turbine (e.g. 10 654 

MW) Carlson correlations estimates a specific cost which is around 30% higher than the specific cost of Weiland 655 

radial turbine and around triple with respect to Weiland axial turbine (including gearbox and generator cost). 656 

Similarly, Carlson compressor cost (e.g. 5 MW) is almost two times the Weiland estimation (including motor). 657 

On the contrary, heat exchangers cost calculated with Carlson reference is 40% lower with respect to the Weiland 658 

one for the HRU and 24% lower for the recuperator. It is important to highlight that the turbine size of this paper 659 

is below the minimum size of cost correlations from literature (10 MW for axial turbine and 8 MW for radial 660 

turbine) and thus the cost of this piece of equipment is extrapolated with possible inaccuracy in economic 661 

evaluation. However, minimum turbine size is 3.4 MW for the TSF configuration while for the SRCB the turbine 662 

power output (9.19 MW) is very close to the correlation range of validity and so the economic results reported in 663 

Table 7 can be considered reliable taking into account the ±30% accuracy suggested by the authors for the cost 664 

correlations. Table 7 reports the cost breakdown of the capital investment cost of the three selected configurations 665 

carried out considering Weiland and Carlson set of correlations and using both axial and radial correlation in case 666 

of Weiland reference. Despite the different cost share obtained with the different correlations, the range of 667 

calculated specific cost is relatively narrow and comparable among the three selected configurations. Specific cost 668 

is lower for SRC configuration that benefits from very compact heat exchangers which low cost is not totally 669 

balanced by the reduction of power output, on the contrary TSF configuration shows the highest specific cost 670 

because of the larger heat transfer area and the smaller turbine size. SRCB specific cost ranges between 1617 671 

$/kWel (Weiland with axial turbine) and 2223 $/kWel (Carlson): values of waste heat recovery ORC for the same 672 

range of power output are around 2000 €/kWel [67]. 673 

 674 

Table 7. Cost breakdown of the capital investment cost of SRC, SRCB and TSF configurations optimal design. 675 

 SRC SRCB TSF 

 
Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

PHE 1.27 1.27 1.27 1.02 1.02 1.02 3.34 3.34 3.34 

BHE - - - 0.80 0.80 0.80    

Turb1 0.57 2.09 3.57 0.64 2.47 4.11 0.48 1.65 2.92 

GB Turb 1 0.29 0.29 - 0.31 0.31 - 0.27 0.27 - 

Turb 2 - - - - - - 0.37 1.11 2.08 

GB Turb 2 - - - - - - 0.24 0.24 - 

Generator 0.33 0.33 - 0.37 0.37 - 0.36 0.36 - 

Compressor 1.71 1.71 3.02 1.82 1.82 3.41 1.74 1.74 3.14 

Motor comp 0.36 0.36 - 0.40 0.40 - 0.37 0.37 - 

Recuperator 0.98 0.98 0.66 2.05 2.05 1.65 - - - 

LTR - - - - - - 0.47 0.47 0.28 

HTR - - - - - - 1.34 1.34 0.97 

HRU 1.09 1.09 0.76 1.25 1.25 0.89 1.13 1.13 0.80 

Contingency 0.46 0.57 0.65 0.61 0.73 0.83 0.71 0.84 0.95 

Engineering 0.73 0.89 1.02 0.95 1.15 1.31 1.11 1.32 1.49 

Total IC 

[M$] 
7.78 9.58 10.95 10.20 12.36 14.03 11.95 14.21 15.97 

Specific cost 

[$/KW] 
1550.86 1908.45 2181.98 1616.89 1958.39 2223.29 1867.75 2220.94 2496.75 
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4 PART-LOAD METHODOLOGY 678 
The part load operation of a sCO2 system strongly depends on the cycle configuration and on the type of 679 

components installed. The part-load strategy usually aims at maximizing the plant performance while respecting 680 

a set of constraints on the components and on the sub-systems connected to the power block like the main 681 

industrial process upstream or possible thermal users downstream the WHR system. Real part-load operation 682 

inevitably refers to the direct control of some physical quantities of the system while the thermodynamic of the 683 

cycle spontaneously follows and adapts to the new operating condition. The numerical approach to part-load 684 

operation acts on different variables by imposing quantities that usually result from real plant operation (like 685 

components efficiency and temperature differences in heat exchangers) and by calculating quantities that are 686 

usually imposed in real plant (like the fluid inventory) but inevitably the final results must coincide. 687 

The power plant part-load strategy is briefly proposed below, then the numerical approach adopted in this work 688 

is presented to provide a full explanation of the methodology and of the algorithms employed. 689 

 690 

4.1 Real power plant part-load operation 691 
In a real power plant, the off-design operation strategy is strongly linked to system dynamic and control. When a 692 

variation of the boundary conditions occurs, the system goes through a controlled transient to ensure proper 693 

operation of the different components and to maximize the performance in the new steady-state operative 694 

condition. The study of the dynamic and the control of sCO2 power plants is beyond the scope of this paper, but 695 

the actions that can be reasonably done to control the system are listed below. This list of actions shall not be 696 

considered as a sequence of operation since all of them must be taken simultaneously. 697 

 Cooling water pump rotational speed is varied to control the inlet temperature at the main compressor. 698 

Considering the very low nominal minimum temperature of the cycle (2°C above the critical point) it is 699 

seems reasonable to control the cooling medium mass flow rate to keep the minimum cycle temperature 700 

equal to the nominal one1. Increasing this temperature, (i.e. reducing the cooling water mass flow rate) 701 

is generally detrimental from an efficiency perspective since it involves an increase of main compressor 702 

specific work due to the CO2 density reduction. On the other hand, reducing the main compressor inlet 703 

temperature (i.e. increasing the cooling water mass flow rate) may improve the efficiency of the system 704 

but it could possibly involve issues related to cavitation in the compressor due to vapor bubbles formation 705 

during fluid acceleration in the compressor distributor and stator [68].  706 

 Turbine is not controlled with rotational speed, Inlet Guide Vanes (IGV) or variable degree of admission, 707 

but it is its sliding pressure operative curve (i.e. corrected mass flow vs pressure ratio) which determines 708 

the cycle maximum pressure as function of turbine inlet temperature and mass flow rate. The use of a 709 

more complex turbine design provided with features that allow to vary the machine operative curve may 710 

help to reach higher efficiencies in part load but are not strictly recommended for sCO2 power plants. 711 

For TSF configuration the mass flow rate repartition between main and secondary turbine in part load 712 

can be different from the nominal value possibly resulting in different inlet pressures to the expanders. 713 

In this case the compressor outlet pressure is set equal to the highest value and control valves are required 714 

to guarantee a correct fluid repartition. 715 

 Main compressor volumetric mass flow rate is varied in order to obtain the desired turbine inlet 716 

temperature while for RRC and RRCB configurations the secondary compressor mass flow rate is varied 717 

in order to ensure a desired ΔTmix between the temperature of the streams at LTR and secondary 718 

compressor exit (T3a-T3b). 719 

 Both main and secondary compressor operating points are set acting on available control strategies (IGV 720 

aperture and/or rotational speed variation) in order to provide the desired mass flow rate at the correct 721 

pressure while maximizing compressor adiabatic efficiency within the component operative map. These 722 

features look particularly effective for WHR sCO2 power plants where the expected operative range is 723 

relatively wide [69]. Compressor operability is ensured by an anti-surge bypass loop which activates if 724 

the compressor operative point falls too close to the surge line.  725 

 Recuperator bypass and HTR bypass split ratio, for SRCB and RRCB respectively, are varied to ensure 726 

a desired ΔTmix between the streams at recuperator (REC or HTR) and BHE outlets (T3a-T3b for SRCB 727 

and T4a-T4b for RRCB). 728 

 Fluid inventory is varied in order to achieve a specific objective. Considering sliding pressure turbines, 729 

when CO2 mass flow rate is reduced also cycle maximum pressure decrease and, without an active control 730 

on fluid inventory, the minimum cycle pressure would increase to compensate the density reduction of 731 

gas in high pressure side of the cycle. The adoption of a pressurized CO2 storage vessel may allow to 732 

                                                           
1 Controlling the HRU operation measuring main compressor inlet temperature may lead to difficulties and system 

instability as small variations of temperature around the critical point, due to delay in response or measurements errors, 

result in dramatic variations of fluid density and thus in volumetric flow at compressor inlet. For this reason, a HRU control 

based on the direct measure of density at main compressor inlet with Coriolis mass flow and density meter looks more 

reliable [74]. 
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vary the CO2 mass in the system, freely vary the minimum pressure of the cycle. Fluid inventory can be 733 

varied in order to maximize plant performance or to satisfy a specific constraint like the need to control 734 

the flue gas minimum temperature due to downstream process specifications or because the need of 735 

avoiding acid condensation or fouling deposition on heat transfer surface. The CO2 inventory storage can 736 

be constituted by a system of small vessels in parallel in order to limit the safety risk and to maintain the 737 

storage pressure nearly constant independently of stored mass. The storage system can be designed to 738 

operate with a pressure between the actual cycle maximum and minimum pressure. In this manner it is 739 

possible to depressurize the system and store fluid opening a throttling valve on the high-pressure side 740 

of the plant towards the storage and increase the fluid inventory by opening a throttling valve towards 741 

the low-pressure side of the plant. Another option is to design the inventory storage with a pressure 742 

between saturation pressure at ambient temperature and critical pressure (57 bar-73.8 bar) in order to 743 

condensate the fluid mass removed from the cycle and store it in liquid phase with less issues regarding 744 

leakages, however in this case a pump is required to fill again the system. 745 

 746 

4.2 Numerical approach to part load operation 747 
The numerical part load analysis is carried out varying the flue gas mass flow rate coming from the main upstream 748 

process between 30-100% of the nominal value and by imposing a set of cycle parameters: some of them are kept 749 

constant for the whole part-load operation while others are varied in order to maximize plant performance or to 750 

satisfy a specific constraint. 751 

 Heat source maximum temperature (fixed): always equal to the design value thus neglecting variation of 752 

upstream main process gas cooling at part load condition. This assumption can be valid for a generic 753 

industrial or chemical process while it may not be accurate for gas turbine WHR since turbine outlet 754 

temperature can sensibly increase at part load as result of pressure ratio reduction and turbine efficiency 755 

decay, unless the gas turbine is controlled keeping the Turbine Outlet Temperature (TOT) constant 756 

[70][71]. 757 

 Cooling water minimum temperature (fixed): always equal to the design value according to the focus of 758 

this work on the part load analysis. Variation of minimum temperature of the cooling medium on nigh-759 

day and seasonal base can clearly affect system performance but the penalizing effect on annual energy 760 

yield can be rather limited when water cooled or wet and dry HRU solutions are adopted [57]. 761 

 Main compressor inlet temperature (fixed): always equal to the design value according to the need of 762 

exploiting real gas effects in main compressor without issues related to cavitation. 763 

 Temperature difference at mixing processes (fixed): always equal to zero in order to limit the 764 

irreversibility of the mixing process in SRCB, RRC and RRCB configurations. 765 

 Main compressor inlet pressure (varied): this parameter affects the cycle pressure ratio with consequent 766 

effect on turbine and compressors operating point and it can be varied in order to maximize the cycle 767 

efficiency or to match a specific constraint. An example can be the need of keeping the minimum flue 768 

gas temperature at PHE/BHE outlet above a certain threshold. 769 

 Turbine inlet temperature (varied): this parameter can be set constant or varied in part load in order to 770 

maximize plant performance. For example, a reduction of the TIT at part load could lead to an increase 771 

in the power output if the benefit related to the increase of CO2 mass flow rate outweighs the detrimental 772 

effect related to the reduction of the turbine specific power. 773 

 774 

Once the aforementioned parameters are set, the steady-state part load operating condition is obtained by solving 775 

a system of nonlinear equations each one representing the part load behavior of a component in the system (system 776 

constraints in Table 8). Table 8 also reports the selected closing variables of the off-design problem, namely those 777 

quantities, unknown a priori, that are varied by the solving algorithm in order to verify system constraints. Once 778 

the off-design problem is solved, the power output is computed and the fluid inventory variation within the system 779 

is calculated knowing the internal volume of each component, the connecting piping volume and the 780 

thermodynamic conditions of sCO2. Table 8 only refers to the SRCB configuration which is the one selected for 781 

part load operation detailed analysis. Figure 2.b depicts the flow diagram for the SRCB part load analysis: only 782 

the first four closing variables and system constraints (referred to heat exchangers constant area) are reported in 783 

the diagram while the other ones (referred to pressure drops and turbomachinery efficiency) are omitted for sake 784 

of clarity. 785 
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Table 8. Numerical constraints and closing variable for the system of non-linear equations representing the part 792 

load (pl) numerical problem for the SRCB configuration. * labels closing variables directly handled by the 793 

solving numerical algorithm. 794 

SRCB 

System constraint Closing variable 

𝐴𝐻𝑅𝑈
𝑝𝑙

= 𝐴𝐻𝑅𝑈
𝑑𝑒𝑠  ∆𝑇𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑤𝑎𝑡𝑒𝑟

𝑝𝑙−(∗)
 

𝐴𝑅𝐸𝐶
𝑝𝑙

= 𝐴𝑅𝐸𝐶
𝑑𝑒𝑠  ∆𝑇𝑐𝑜𝑙𝑑 𝑒𝑛𝑑 𝑅𝐸𝐶

𝑝𝑙−(∗)
 

𝐴𝐵𝐻𝐸
𝑝𝑙

= 𝐴𝐵𝐻𝐸
𝑑𝑒𝑠  ∆𝑇ℎ𝑜𝑡 𝑒𝑛𝑑 𝑅𝐸𝐶

𝑝𝑙−(∗)
 

𝐴𝑃𝐻𝐸
𝑝𝑙

= 𝐴𝑃𝐻𝐸
𝑑𝑒𝑠  𝑝𝑚𝑎𝑥

𝑝𝑙−(∗)
 

∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−(∗)

= ∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−(∗)

 

∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−(∗)

= ∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−(∗)

 

𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−(∗)

= 𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−𝑐𝑎𝑙𝑐

 𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−(∗)

 

𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−(∗)

= 𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−𝑐𝑎𝑙𝑐

 𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−(∗)

 

 795 

As reported in Table 8, main closing variables are the temperature differences in the recuperators that are varied 796 

in order to match the calculated heat transfer area in part load (pl) operation with the design value (des). Off design 797 

heat transfer area of each heat exchanger is imposed equal to the design value and calculated considering the same 798 

discretization of the component in order to catch local variations of thermodynamic properties as reported in Eq. 799 

5 and Eq. 6. 800 

Pressure drops and heat transfer coefficients on the CO2 side are computed by adopting the same correlations used 801 

for the cycle design using the average stream properties in each heat exchanger subsection; for flue gas and cooling 802 

water, Eq. 7 and Eq. 8 are used for pressure drops and heat transfer coefficients respectively [72]. As CO2 side 803 

pressure drops directly affect fluid thermodynamic and transport properties, thus influencing both the heat 804 

exchanger duty and the heat transfer coefficients, from the numerical stability point of view it is preferable to 805 

include them as closing variables and constraints in the system of equations representative of the off-design 806 

problem as reported in Table 8.  807 

 808 

∆𝑝𝑝𝑙 = ∆𝑝𝑑𝑒𝑠 (
𝜌𝑑𝑒𝑠
𝜌𝑝𝑙

) (
𝑚̇𝑝𝑙

𝑚̇𝑑𝑒𝑠

)
2

 Eq. 7 

ℎ𝑡𝑐𝑋,𝑝𝑙 = ℎ𝑡𝑐𝑋,𝑑𝑒𝑠 (
𝑚̇𝑋,𝑝𝑙

𝑚̇𝑋,𝑑𝑒𝑠
)

𝛼

      with {
  𝑋 = 𝑔𝑎𝑠          𝛼 = 0.6
  𝑋 = 𝑤𝑎𝑡𝑒𝑟     𝛼 = 0.8

 Eq. 8 

 809 

Turbomachinery design can be assumed coherent with the design proposed by Baker Hughes General Electric 810 

(BHGE) in the framework of sCO2-Flex project [29] adopting the following design criteria and off design 811 

performances. 812 

Both main and secondary compressor are designed as multistage centrifugal compressors, each one mounted on a 813 

dedicated high-speed shaft driven by a variable speed electrical motor. In addition, compressors are provided by 814 

Inlet Guide Vanes (IGV) which are close to fully open position in nominal condition. Compressors efficiency 815 

variation at part-load is evaluated as function of normalized volumetric flow rate and normalized enthalpy rise 816 

ratios with respect to the nominal values, adopting dimensionless operative maps provided by BHGE [73].  817 

Compressors maps have been developed considering the possibility to act on both shaft rotational speed and IGV 818 

aperture in order to maximize the compressor efficiency for any operating condition. Main compressor map is 819 

reported in Figure 7 highlighting the iso-efficiency levels. 820 

In part load conditions the compressor can be operated in a high efficiency region down to low volumetric flow 821 

rates by contextually reducing the cycle pressure ratio and controlling the compressor mainly through speed 822 

variation and adjusting the IGV aperture only when rotational speed is close to lower or upper limit. However, if 823 

the variation of enthalpy head is too high, the operative point moves towards the choked flow region characterized 824 

by low turbomachinery performance (path A). On the contrary, if the enthalpy head remains fairly constant at part 825 

load, the compressor operative point approaches the surge line and the surge safety limit computed considering a 826 

10% margin with respect to the volumetric flow rate that causes an incipient surge condition for a given enthalpy 827 

head. If the volumetric flow rate falls below this limit, the anti-surge loop is activated to maintain a proper 828 

compressor inlet volumetric flow rate and avoid instability issues (path B). When compressor anti-surge bypass 829 
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is activated, a fraction of CO2 mass flow rate is recirculated from the outlet of the compressor, throttled down to 830 

cycle minimum pressure and cooled in order to keep compressor inlet conditions unchanged. 831 

The power plant HRU is used to cool down the main compressor bypass while an additional gas cooler is employed 832 

for the secondary compressor bypass for both RRC and RRCB cases. As result, the compressor elaborates a mass 833 

flow rate higher than the one required by the system, leading to an increase of the power plant internal 834 

consumption, HRU auxiliary consumptions and eventually involving a penalization of the plant overall efficiency. 835 

The compressors antisurge loops are depicted in green in Figure 1. 836 

The expander is designed as a full admission axial turbine, mounted on a high-speed shaft according to the very 837 

high machine power density and the small turbine diameter. High speed shaft is eventually connected through a 838 

gearbox to the 3000 RPM generator shaft. 839 

Turbine part load operative curve and off design performance is derived from BHGE calculations carried out in 840 

the frame of sCO2-Flex project [29]. Raw data on corrected mass flow rate and efficiency as function of the 841 

turbine pressure ratio (at fixed outlet pressure) have been normalized with respect to nominal quantities. Then the 842 

turbine off-design behavior has been implemented as the normalized corrected mass flow rate and the normalized 843 

efficiency (Figure 7.b) against the normalized load coefficient (Eq. 9) which is proportional to the normalized 844 

enthalpy drop for a fixed rotational speed turbine. Part load isentropic turbine efficiency remains fairly constant 845 

until the pressure ratio is above half of the critical value. Compressors and the turbine efficiencies affect the 846 

thermodynamic of the cycle and, as for the heat exchanger pressure drops, it is preferable to include them as 847 

unknown quantities in the system of equations representing the off-design problem as reported in Table 8. 848 

 849 

𝑘𝑖𝑠∗ =
∆ℎ𝑖𝑠

𝑝𝑙

∆ℎ𝑖𝑠
𝑑𝑒𝑠
(
𝑢𝑖𝑠
𝑑𝑒𝑠

𝑢𝑖𝑠
𝑝𝑙
)

2

 Eq. 9 

 850 

 851 

  
(a) (b) 

Figure 7. Normalized operative map of main compressor (a) and normalized operative curve of the turbine (b) 852 

(normalized corrected mass flow rate (red) and the normalized efficiency (blue) vs. the normalized load 853 

coefficient). 854 
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5. PART-LOAD RESULTS 857 
Part load analysis is carried out only for the SRCB configuration which represents a good compromise between 858 

design efficiency, system complexity and specific cost. Different part-load cycle operation strategies can be 859 

implemented in order to optimize the power production and/or to meet specific operational constraints. Two main 860 

parameters have been identified as optimization variables in part-load strategy definition namely the compressor 861 

inlet pressure, i.e. the cycle minimum pressure, and the turbine inlet temperature, i.e. the cycle maximum 862 

temperature. In addition, two main part-load operation constraints can be identified: the first one is related to the 863 

minimum stack temperature to be respected in order to avoid acid condenses while the second one is related to 864 

the inventory variation that can be imposed equal to zero to simulate a totally sealed cycle without the need of 865 

CO2 storage vessel. No additional constraint is introduced to limit the maximum cycle pressure to the design value 866 

(250 bar), anyhow, the maximum value obtained in all the investigated cases is 256 bar which should not entail 867 

any safety issue. 868 

Table 9 summarizes the different investigated strategies: strategies from S1 to S3 are obtained through CO2 869 

inventory change while strategies S4 and S5 with fixed CO2 mass within the cycle. The activation of a specific 870 

strategy constraint involves an additional closing variable: as result one strategy control variable must be 871 

calculated to satisfy the additional constraint instead of being varied with the aim at maximizing power output. 872 

Maximum flue gas temperature, minimum coolant temperature and compressor inlet temperature are constant and 873 

equal to the nominal value while performance are calculated by varying the flue gas mass flow rate from 100% 874 

down to 30%. 875 

 876 

Table 9. Summary of the different investigated part-load operation strategies. 877 

Strategy 

Strategy control variables Strategy constraints 

Turbine inlet 

temperature 

Compressor inlet 

pressure 

Minimum stack 

temperature 

Constant inventory 

S1 Equal to nominal Equal to nominal Not active Not active 

S2 optimized optimized Not active Not active 

S3 optimized calculated Active Not active 

S4 optimized calculated Not active Active 

S5 calculated calculated Active Active 

 878 

5.1 Part-load of cycles with CO2 storage vessel 879 
With reference to Table 9, three different strategies (S1-S2-S3) can be identified for plants that can implement 880 

inventory variation. Figure 8 reports the trends of the most relevant quantities as function of the flue gas mass 881 

flow rate: cycle maximum pressure and cycle minimum pressure (Figure 8.a), turbine inlet temperature and stack 882 

temperature (Figure 8.b), heat recovery factor and difference against S1 strategy (Figure 8.c), cycle 883 

thermodynamic efficiency and difference against S1 strategy (Figure 8.d), net power output and difference against 884 

S1 strategy (Figure 8.e), cycle pressure ratio and fluid inventory variation (Figure 8.f).  885 

 Strategy S1 is the simplest one, it does not include any optimization in order to maximize power output 886 

and it is reported here as term of comparison: both maximum temperature and cycle minimum pressure 887 

are not varied from nominal condition with the aim of not penalizing turbine power output and keeping 888 

the main compressor inlet condition in a region with marked real gas effects. Reducing the flue gas mass 889 

flow rate, the cycle maximum pressure decreases (from 250 bar to slightly below 135 bar at minimum 890 

load, Figure 8.a) because of the sliding pressure operation of the turbine leading to a reduction of the 891 

cycle pressure ratio (Figure 8.f) from 3.13 to 1.67 with a consequent penalization of the thermodynamic 892 

cycle efficiency (Figure 8.d). Moreover, main compressor outlet temperature decreases while turbine 893 

outlet temperature increases enhancing the internal heat recovery process. Recuperator is oversized at 894 

part-load operation as it features a thermal duty lower than the nominal one leading to an increase in heat 895 

transfer effectiveness, partially balancing the detrimental effect caused by the reduction of pressure ratio 896 

on the cycle thermodynamic efficiency. For this reason, cycle thermodynamic efficiency (Figure 8.d) is 897 

above the nominal value for flue gas mass flow rates between 85% and 100% and below the nominal one 898 

for normalized flue gas mass flow rate values below 85%: at minimum load thermodynamic cycle 899 

efficiency loss is around 6.2 points. The reduced flue gas and working fluid mass flow rates involve also 900 

a higher effectiveness of PHE and BHE which operate with lower average temperature differences, 901 

involving a reduction of stack temperature (Figure 8.b) and thus a heat recovery factor higher than 100% 902 

(Figure 8.c). Minimum stack temperature is around 139°C for a flue gas mass flow rate equal to 43% of 903 

the nominal one. This aspect must be carefully considered in case of the presence of a minimum stack 904 

temperature limit due to acid condenses formation or requirements of downstream processes (other 905 

industrial heat use or flue gas treatment section). Power output (Figure 8.e) always decreases with a trend 906 

which is determined by both heat recovery factor and cycle thermodynamic efficiency trends in part load. 907 

Fluid inventory (Figure 8.f) is progressively reduced because of the lower cycle maximum pressure with 908 
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a minimum value at the minimum flue gas mass flow rate corresponding to -21% (-470 kgCO2) of fluid 909 

inventory with respect to the inventory in nominal conditions. 910 

 Strategy S2 aims at optimizing cycle power output by varying both minimum pressure (compressor inlet) 911 

and maximum cycle temperature (turbine inlet). Figure 9.a depicts the trend of power output variation 912 

against strategy S1 attainable by the adoption of different cycle maximum temperatures and by 913 

optimizing the cycle minimum pressure (Figure 9.b) at all times. Results show that in part-load it is 914 

always convenient to reduce both the cycle minimum pressure and maximum temperature in order to 915 

increase the main compressor volume flow rate and to limit the reduction of cycle pressure ratio. Only 916 

the optimal results of strategy S2, namely the envelope of iso-maximum temperature lines of Figure 9, 917 

are reported in Figure 8. By optimizing both the cycle maximum temperature and minimum pressure it 918 

is possible to increase the plant power output with respect to S1 strategy for any value of flue gas mass 919 

flow rate. For nominal flue gas mass flow rate, it is possible to increase the power output of 25 kWel 920 

(Figure 8.e) thanks to the adoption of a slightly higher maximum pressure (255.8 bar vs. 250 bar) (Figure 921 

8.a), a higher minimum pressure (81.7 bar vs. 79.9 bar) (Figure 8.a) and a lower cycle maximum 922 

temperature (400.3°C vs. 411.2°C) (Figure 8.b) while keeping nearly the same pressure ratio (Figure 923 

8.b). As result, the cycle thermodynamic efficiency decreases (-0.4%) (Figure 8.d) while the heat 924 

recovery factor increases at 101.9% with a consequent slightly positive effect on power output. For a flue 925 

gas mass flow rate lower than the nominal one, it is convenient to reduce both cycle minimum pressure 926 

(Figure 8.a) and cycle maximum temperature (Figure 8.b) which are 77.0 bar and 378.1°C respectively 927 

at minimum load. In this manner it is possible to operate the compressor in a region of high efficiency 928 

and to further reduce the stack temperature with a minimum value of 125.9°C (Figure 8.b). At minimum 929 

load the power output is around 93 kWel higher with respect to S1 strategy. Plant CO2 inventory is higher 930 

than strategy S1 for flue gas mass flow rates above 50% of the nominal one and lower (-692 kgCO2 with 931 

respect to nominal baseline fluid inventory) at minimum load. 932 

 Strategy S3 aims at optimizing the power output at any load also respecting the constraint of a minimum 933 

stack temperature equal to the nominal value (Figure 8.a). Only cycle maximum temperature is optimized 934 

while cycle minimum pressure is calculated in order to respect the stack temperature constraint2. Heat 935 

recovery factor (Figure 8.c) is always equal to the nominal value (100%) and the overall plant efficiency 936 

is thus equal to the cycle thermodynamic efficiency (Figure 8.d). Since the algorithm cannot further 937 

reduce the flue gas stack temperature, it pushes the cycle thermodynamic efficiency at the maximum 938 

attainable with values that are always higher than the ones found both with S1 and S2 strategies. It should 939 

be mentioned that for a nominal flue gas mass flow rate the cycle operation differs from design point 940 

because the optimization algorithm slightly increases both the maximum cycle temperature (413.0°C vs. 941 

411.2°C) (Figure 8.b) and the cycle minimum pressure (81.3 bar vs. 79.9 bar) (Figure 8.a) with respect 942 

to the nominal values in order to get a power output increment lower than 1 kWel thanks to a slightly 943 

higher compressor efficiency: this solution proves the capability of the optimization procedure but also 944 

highlights that very similar values of net power output can be obtained with different combinations of 945 

cycle maximum temperature and minimum pressure. Cycle maximum pressure (Figure 8.a) decreases at 946 

lower flue gas mass flow rates with a trend similar to both strategies S1 and S2 while cycle minimum 947 

pressure is always below the one of case S2 and higher than the nominal one only for flue gas mass flow 948 

rates above 91% of the nominal one. Power output (Figure 8.e) is lower than the nominal for flue gas 949 

mass flow rates between 48% and 100% of the nominal one (with a maximum difference of -28 kWel) 950 

but reaches similar values of S2 strategy at minimum load, performing better than S1 strategy (+85 kWel). 951 

 952 

 953 

 954 

 955 

                                                           
2 The same result can be obtained by optimizing cycle minimum pressure and calculating the cycle maximum 

temperature. 
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(a) (b) (c) 

   
(d) (e) (f) 

Figure 8. Trend of cycle maximum pressure and cycle minimum pressure (a), turbine inlet temperature and 956 

stack temperature (b), heat recovery factor (c), cycle thermodynamic efficiency (d), net power output (e), cycle 957 

pressure ratio and fluid inventory variation (f) against normalized flue gas mass flow rate for the strategy S1, S2 958 

and S3. 959 

 960 

  
(a) (b) 

Figure 9. (a) Net power output variation with respect to S1 strategy attainable by varying cycle maximum 961 

temperatures and optimizing cycle minimum pressure at all times, (b) corresponding optimal compressor inlet 962 

pressure for the different cycle maximum temperatures. 963 

 964 

Figure 10.a reports the main compressor operative points path on the compressor map for strategies S1, S2 and 965 

S3: each marker represents a 10% reduction of normalized flue gas mass flow rate, ranging from 100% to 30%. 966 

It is possible to highlight that the main compressor operative points for the three operating strategies are almost 967 

overlapped in the 100%-60% range, while, for further reductions of flue gas mass flow rates, S1 path drifts away 968 

from S2 and S3 paths approaching the lower limit of the compressor operative map and getting close to anti-surge 969 

limit. S2 and S3 strategies, tuning the cycle minimum pressure, allow to increase the cycle pressure ratio keeping 970 
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the main compressor operative point closer to nominal one, leading to a lower turbine efficiency penalization 971 

(Figure 10.b). 972 

  
(a) (b) 

Figure 10. a) S1, S2 and S3 strategies main compressor operative points and b) turbine efficiency in the range 973 

100%-30% normalized flue gas mass flow rate. 974 

 975 

5.2 Part-load of cycles without CO2 storage vessel 976 
Inventory variation involves an inevitable increase of system complexity and its control represents a non-trivial 977 

challenge because of the transients related to charging and discharging operation of the carbon dioxide vessels. 978 

Moreover, considering the relatively small size of WHR applications in industrial facilities and the need of ease 979 

installation and simplicity of operation, the possibility to design a totally sealed system that does not require 980 

inventory variation during part load looks particularly attractive. Results are shown in Figure 11 comparing the 981 

results of the two proposed constant inventory strategies (S4 and S5) against the corresponding variable CO2 982 

inventory strategy: namely S4 against S2 (both without active constraint on minimum stack temperature) and S5 983 

against S3 (both with active constraint on minimum stack temperature). Strategy S4 aims at maximizing plant 984 

power output through optimization of cycle maximum temperature while keeping constant the fluid inventory by 985 

variation of cycle minimum pressure. On the contrary, strategy S5 aims at keeping the inventory constant and the 986 

stack minimum temperature above the nominal value: as a consequence, both cycle maximum temperature and 987 

cycle minimum pressure are computed to satisfy these constraints and power output cannot be maximized. Main 988 

compressor operative points and turbine efficiency values as function of normalized flue gas mass flow rate are 989 

reported in Figure 12. Considerations common to both strategies regard the trend of cycle minimum pressure 990 

(Figure 11.a) which increases at part load given the need to compensate the fluid density reduction on high 991 

pressure side of the cycle due to the sliding pressure operation of the turbine. As result, cycle pressure ratio (Figure 992 

11.f) decreases more than in variable inventory strategies (S1-S3) leading to main compressor operative point 993 

very close to map lower bound with a penalization of compressor efficiency (Figure 12.a) and a larger drop of 994 

turbine efficiency (Figure 12.b) with respect to strategies S1-S3. The effect is more marked for S5 strategy due to 995 

the need of limiting the stack temperature variation (Figure 11.b) which involves a higher cycle maximum 996 

temperature (Figure 11.b) and consequently a higher cycle minimum pressure. On the contrary, S4 strategy is 997 

optimized by decreasing the cycle maximum temperature and the stack temperature, thus leading to a heat 998 

recovery factor greater than 100% (Figure 11.c). Imposing a constant CO2 inventory strongly penalizes cycle 999 

thermodynamic efficiency3 (Figure 11.d) because of the stronger reduction of pressure ratio and turbomachinery 1000 

efficiencies: performance are fairly constant down to 75% of normalized flue gas mass flow rate while at minimum 1001 

load the plant efficiency results to be 18.3%, equivalent to a drop of around 9.1 percentage points with respect to 1002 

the nominal case (-33% on relative base). From the point of view of net electric power output (figure 11.e) both 1003 

S4 and S5 strategies are penalized with a maximum loss of net power output equal to 124 kWel (-7.8%) and 347 1004 

kWel (-15.2%) for S4 and S5 strategies respectively when compared to S2 and S3 strategies. 1005 

 1006 

                                                           
3 For S5 strategy, this parameter is proportional to system efficiency because of constant heat recovery factor. 
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(a) (b) (c) 

   
(d) (e) (f) 

Figure 11. Trend of cycle maximum pressure and cycle minimum pressure (a), turbine inlet temperature and 1007 

stack temperature (b), heat recovery factor (c), cycle thermodynamic efficiency (d), net power output (e), cycle 1008 

pressure ratio (f) against normalized flue gas mass flow rate for the strategy S4 and S5. 1009 

 1010 

  
(a) (b) 

Figure 12. S4 and S5 strategies main compressor operative points (a) and turbine efficiency (b) in the range 1011 

100%-30% normalized flue gas mass flow rate. 1012 

 1013 

5.3 Final comparison 1014 
Among the five proposed part load strategies, S3 and S5 have been selected as the most relevant ones as they 1015 

respect the minimum stack temperature limit, avoiding an excessive cooling of the flue gases at part load. Figure 1016 

13 depicts the temperature-specific entropy diagrams for S3 and S5 strategies at 70%, 50% and 30% of normalized 1017 

flue gas mass flow rate. It is possible to appreciate the fact that both strategies keep the cycle maximum 1018 

temperature close to the nominal one while cycle minimum pressure is higher for S5 strategy pushing main 1019 

compressor inlet condition to the left of the critical point. Finally, Table 10 reports the main results for S3 and S5 1020 

strategies at different normalized flue gas mass flow rates: it is possible to appreciate that, even if plant efficiency 1021 

is fairly similar for both strategies (∆ηplant=1.3%) down to 70% normalized flue gas mass flow rate, at minimum 1022 
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load the adoption of a constant CO2 inventory strongly penalizes the plant efficiency which for S5 strategy results 1023 

4.7% points lower than for S3 strategy (-20% on relative base). 1024 

Figure 14 reports the breakdown of CO2 inventory variation within the plant components against normalized flue 1025 

gas mass flow rate for strategies S3 and S5. It is possible to highlight that for strategy S3 both maximum and 1026 

minimum pressures decrease leading to a homogeneous reduction of fluid inventory in all the plant components. 1027 

At minimum load about one-third of the overall CO2 inventory needs to be stored in an external CO2 vessel.  1028 

On the contrary, in strategy S5, as no external CO2 vessel is considered, the cycle maximum pressure reduction 1029 

due to the turbine sliding pressure operation involves a shift of the CO2 from the high-pressure side components 1030 

(cold side REC, BHE, PHE, and piping to/from PHE) to the low-pressure side components (hot side REC, HRU 1031 

and piping to/from HRU) of the plant. The higher amount of CO2 can fit in the low-pressure side of the system 1032 

thanks to the reduced average temperature of the HRU and thanks to the increase of the minimum cycle pressure. 1033 

 1034 

   
(a) (b) (c) 

Figure 13. Comparison between optimized Ts diagrams of constant stack temperature S3 (variable inventory) 1035 

and S5 (constant inventory) strategies for 70% (a), 50% (b), and 30% (c) normalized flue gas mass flow rate. 1036 

 1037 

Table 10. main results for S3 and S5 strategies at different normalized flue gas mass flow rates. 1038 

 S3 strategy S5 strategy 

Normalized flue gas mass flue rate [%] 90.0% 70.0% 50.0% 30.0% 90.0% 70.0% 50.0% 30.0% 

Normalized electric power output [%] 90.9% 70.7% 48.4% 25.1% 90.3% 67.3% 43.2% 20.0% 

Plant efficiency [%] 27.7% 27.7% 26.5% 23.0% 27.5% 26.4% 23.7% 18.3% 

Gross power output [MW] 5.81 4.49 3.06 1.59 5.76 4.26 2.73 1.26 

HRU consumption [MW] 0.07 0.03 0.01 0.00 0.06 0.01 0.00 0.00 

Net power output [MW] 5.74 4.46 3.05 1.58 5.70 4.25 2.72 1.26 

Turbine inlet temperature [°C] 414.93 417.96 415.24 393.18 417.90 424.02 424.48 418.77 

Maximum cycle pressure [bar] 233.64 201.20 169.04 138.16 234.94 208.52 182.48 153.16 

Minimum cycle pressure [bar] 79.69 78.29 77.51 76.78 83.00 90.00 96.85 102.50 

Compressor pressure ratio [-] 2.93 2.57 2.18 1.80 2.83 2.32 1.88 1.49 

Turbine isentropic efficiency [%] 85.0% 84.9% 84.0% 80.4% 85.0% 84.5% 82.2% 76.1% 

Compressor isentropic efficiency [%] 80.2% 80.1% 80.0% 79.5% 80.2% 80.0% 80.0% 79.1% 

Inventory variation [kg] -87.05 -303.03 -521.29 -788.99 0.00 0.00 0.00 0.00 

Inventory variation [%] -3.8% -13.3% -22.9% -34.7% 0.0% 0.0% 0.0% 0.0% 
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(a) (b) 

Figure 14. Breakdown of CO2 inventory variation within the plant components against normalized flue gas 1040 

mass flow rate for strategy S3 (a) and S5 (b). For S3 strategy (a) the difference between actual CO2 inventory 1041 

and nominal fluid inventory correspond to the CO2 mass sent to the storage. 1042 

 1043 

  1044 

 1 
 2 
 3 
 4 
 5 
 6 
 7 
 8 
 9 
10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
61 
62 
63 
64 
65 



 

 

31 

 

6. CONCLUSIONS 1045 
In this work the numerical optimization of sCO2 power plants for a WHR application has been performed and the 1046 

best control strategies in part load operation have been identified. Assuming as heat source a flue gas stream of 1047 

50 kg/s at 550°C with a minimum stack temperature of 150°C, a preliminary sizing heat exchanger and the 1048 

definition of turbomachinery main parameters has been also carried out, as well as an analysis on the system 1049 

investment cost. The main outcome of the study is that sCO2 cycles are a viable technical solution for industrial 1050 

waste heat recovery applications showing nominal efficiencies higher than ORC, comparable plant specific costs 1051 

and nearly stable part-load performance down to 50% of the thermal input. More detailed conclusions can be 1052 

listed referring to design and part-load results. 1053 

 1054 

Conclusions on cycle design optimization 1055 

 Not all the cycle configurations are appropriate for WHR applications. In particular, recompressed 1056 

cycles, due to their effective internal heat recovery, show a poor utilization of the heat source and thus a 1057 

lower overall plant efficiency. 1058 

 Cycle minimum pressure needs to be optimized for any operating conditions according to the 1059 

assumptions on all the other cycle parameters. As a general observation, the variation of the optimal 1060 

cycle minimum pressure between the different configurations is rather limited in order to allow the 1061 

operation of the main compressor in the proximity of the CO2 critical point in order to benefit from the 1062 

consequent marked real gas effects. 1063 

 Sensitivity analysis demonstrates that optimal turbine inlet temperature can be significantly lower than 1064 

the maximum allowable cycle temperature: in most of the cycles it is convenient to reduce this parameter 1065 

in order to improve waste heat utilization, while for the TSF configuration the cycle maximum 1066 

temperature is pushed to the upper bound as this does not limit the heat recovery factor. 1067 

 Adopting the minimum allowable pinch point temperature difference in the recuperators and minimizing 1068 

the temperature difference at mixing processes is generally correct unless it leads to a poor exploitation 1069 

of the heat source. This is the case for the recompressed RRC and the RRCB configurations which 1070 

optimization collapse towards SRC and SRCB configurations respectively when those quantities are 1071 

optimized. 1072 

 The three best cycle configurations are the SRC, the SRCB and TSF. Overall plant efficiency of SRCB 1073 

and TSF is relatively similar (around 27.5%) but the first one can benefit from the adoption of a single 1074 

turbine, a more compact heat exchangers design and eventually a lower system specific cost. The plant 1075 

efficiency of the SRC configuration (22%) is significantly lower than the one of SRCB but also allow 1076 

for lower Capex investment. 1077 

 At a similar plant specific cost, sCO2 power plants can reach a higher overall conversion efficiency with 1078 

respect to ORCs, as organic compounds feature a limited maximum allowable temperature due to thermal 1079 

stability and decomposition issues. 1080 

 1081 

Conclusions on cycle part load analysis 1082 

 Different part load strategies can be implemented depending on the equipment installed in the system 1083 

and on the choice of part-load active constraints. In particular both variable and constant inventory 1084 

systems are analyzed. 1085 

 Best result is obtained by optimizing at each part-load condition both the cycle minimum pressure and 1086 

the cycle maximum temperature by actively controlling the cycle inventory. Imposing a limit in heat 1087 

source minimum temperature (in order to avoid condensed formation or because specific needs of 1088 

downstream processes) involves a very little penalization of the power output and thus is a viable option 1089 

in industrial field. 1090 

 The use of an external CO2 storage vessel and thus the possibility of varying the CO2 inventory in the 1091 

cycle components has a positive impact on part-load system performance. In particular at low flue gas 1092 

mass flow rates (30% of nominal one), an increase of power output equal to 20% can be attained with 1093 

respect to constant inventory strategies. 1094 

 Totally sealed cycles with constant inventory can be attractive thanks to their easiness of installation and 1095 

operation but are more penalized in part-load due to the increase of cycle minimum pressure and the 1096 

marked reduction of cycle pressure ratio. However, they can operate with nearly constant efficiency for 1097 

industrial processes characterized by rather high minimum load (>75%) 1098 

 1099 

Future works 1100 
Future steps of the present research will focus on the techno-economic optimization of different cycle 1101 

configurations and fixed Capex comparison among different cycle architectures. Moreover, the analysis will be 1102 

extended to different type of waste heat recovery applications, as well as on a deeper comparison with state-of-art 1103 

technologies for the conversion of these sources. 1104 
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NOMENCLATURE1106 

Symbols 

A Area (m2) 

cp Specific heat capacity (J/kgK) 

d Diameter (m) 

h Specific enthalpy (kJ/kg) 

htc Heat transfer coefficient (W/m2K) 

k Thermal conductivity (W/mK) 

ṁ Mass flow rate (kg/s) 

mln Logarithmic mean 

p Pressure (bar) 

PR Pressure ratio 

Q̇ Thermal power (W) 

s Specific entropy (kJ/kgK) 

SP Size parameter (m) 

T Temperature (°C) 

U Overall heat transfer coefficient (W/m2K) 

V Volumetric flow rate (m3/s) 

Vr Volumetric ratio 

u peripheral blade speed (m/s) 

Ẇ Power (W) 

Z Compressibility factor 

η Efficiency (%) 

𝜒 Heat recovery factor (%)

 

Acronyms 

APH   Air Preheater 

BHE  Bypass Heat Exchanger 

CSP  Concentrating Solar Power 

GB   Gearbox 

HRU  Heat Rejection Unit 

HTR  High Temperature Recuperator 

HTRB High Temperature Recuperator 

Bypass 

HX  Heat Exchanger 

IGV  Inlet Guide Vanes 

LTR  Low Temperature Recuperator 

ORC  Organic Rankine Cycle 

PCHE  Printed Circuit Heat Exchanger 

PHE  Primary Heat Exchanger 

REC  Recuperator 

RRC  Recompressed Recuperated Cycle 

RRCB Recompressed Recuperated Cycle 

with HTR bypass 

sCO2  Supercritical CO2 

S&T   Shell &Tube 

SR  Split Ratio 

SRC  Simple Recuperated Cycle 

SRCB Simple Recuperated Cycle with 

Recuperator Bypass 

TIT  Turbine Inlet Temperature 

TOT  Turbine Outlet Temperature 

TSF  Turbine Split Flow Cycle 

WHR  Waste Heat Recovery
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ABSTRACT 11 
 12 

This paper focuses on the potential of supercritical carbon dioxide closed cycle for waste heat recovery 13 

applications. The valorization of waste heat released from glass, steel and cement production facilities is 14 

recognized as one of the most effective solutions for the reduction of carbon footprint of the industrial sector. 15 

Common solutions rely on steam Rankine cycles and organic Rankine cycles while only few sCO2 power plants 16 

have been manufactured and operated so far as this technology has not yet reached the technical and commercial 17 

maturity. In spite of the large interest on sCO2 power plant from industry, institutions and academia, the role of 18 

this solution in future waste heat recovery applications is still unclear, highlighting the need of research studies 19 

focused on the performance assessment of these novel systems in both design and off-design conditions. 20 

This paper aims at bridging the gap between preliminary numerical studies and the design of real power systems 21 

by focusing on different aspects scarcely investigated in literature. The first section of this study deals with cycle 22 

design and provides a full description of the numerical complexity related to sCO2 power plant optimization, with 23 

a detailed description of the assumptions and the models implemented for the design of cycle components. Five 24 

different cycle configurations for the exploitation of a heat source consisting of a 50 kg/s stream of flue gas at 25 

550°C have been analyzed and optimized: results are presented with a set of sensitivity analyses and the most 26 

promising configurations are analyzed from both a thermodynamic and a techno-economic perspective. Simple 27 

recuperative cycle, simple recuperative cycle with recuperator bypass and turbine split flow configurations are 28 

compared in detail proving that sCO2 technology can reach overall efficiencies up to 27.5%, a value higher than 29 

ORC for the same power output (around 6 MWel), and with a similar specific cost (2000 $/kW). Simple recuperated 30 

cycle with recuperator bypass is selected as the most promising configuration and it is further studied in off design 31 

conditions in the second section of the paper. Five different part-load strategies have been implemented allowing 32 

to assess the part-load performance of the selected cycle, considering both variable CO2 inventory and constant 33 

CO2 inventory systems. Results highlight that sCO2 recuperative cycles equipped with a CO2 storage vessel 34 

present a very high and almost constant efficiency down to 50% of the normalized flue gases mass flow rate, while 35 

a lower efficiency is expected for constant inventory systems. Both solutions can be operated down to 30% load 36 

with no difficulties on system components and with a minimum plant efficiency still competitive against ORC 37 

technology. 38 
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1. INTRODUCTION 56 
 57 

In the imminent future, the global electricity production is expected to undergo drastic changes to meet the rising 58 

environmental concerns and to tackle the challenges of global warming and the growing electricity demand. 59 

Academia and industry are currently researching novel sustainable solutions to reach these targets and, apart from 60 

increasing the renewable energy penetration in the electricity generation mix, a crucial solution is represented by 61 

the energy efficiency improvement of the already existing facilities in the industrial and power generation sectors. 62 

In December 2018, the European Union (EU) reviewed upwards the target for the energy efficiency for 2030, 63 

passing from 27% to 32.5%, with a clause for a possible upwards revision by 2023 [1]. One of the most promising 64 

approaches to increase the industrial energy efficiency and to lower its greenhouse gases (GHG) emissions is 65 

represented by the recovery of the heat unexploited and lost after combustion or in heat transfer processes.  66 

Several studies evaluated the quantity and quality of waste heat potential for the EU and US industrial sector, 67 

highlighting the vast potential of industrial waste heat recovery at high temperature. 68 

Forman et al. [2] estimated the global waste heat recovery (WHR) potential of the electricity generation sector 69 

and of the main end-use sectors (transportation, industrial, commercial and residential) to be as high as 68.3 70 

PWhth/year. Using an approach based on the calculation of the Carnot potential, the authors highlighted that even 71 

if the largest part of the waste heat potential (63%) is at low temperature (<100°C), when passing to Carnot 72 

potential the main share (54.5%) is represented by high temperature (>300°C) sources. 73 

Papapetrou et al. [3] focused on the industrial sector WHR technical potential in the EU: their analysis is based 74 

on waste heat fractions derived from a detailed study of the UK industry in the 2000-2003 period [4] updated for 75 

the year 2015 for each EU country and industrial sector, resulting in a new set of fractions sorted by temperature 76 

level. The analysis found out that the waste heat potential from exhaust streams at temperatures higher than 500°C 77 

amounts to 124 TWhth/year (40.8% of the total) and it is mainly represented by the iron and steel (I&S) and non-78 

metallic minerals (NMM) industries. 79 

Bianchi et al. [5] highlighted how the EU industrial sector accounts for 26% of the total final energy consumption 80 

but nearly half of this energy (about 1534 TWhth) is dissipated to the environment. More precisely, the authors 81 

estimated the energy wasted through exhausts/effluents to be 29% of the total industrial consumption, leading to 82 

an availability of 920 TWhth from the EU industrial sector which correspond to a 279 TWhel of Carnot potential. 83 

This figure demonstrates the large potential of WHR although, in the authors’ opinion, the adopted methodology, 84 

based on the computation of the Carnot potential, is not conservative and may result in a non-negligible 85 

overestimation (+30%) of the actual electricity yield. 86 

Vance et al. [6] investigated the potential and barriers for waste heat recovery at temperatures higher than 650 °C 87 

in five different industries (steel, aluminum, glass, cement, and lime). The authors estimated a potential for WHR 88 

from high temperature streams in the US to be equal to 113.6 TWhth/year. The work also mentioned that the heat 89 

recovery process from these industries could be problematic due to the presence of several reactive constituents 90 

in the exhaust streams. 91 

In the last decades, the most common technologies adopted for the conversion of waste heat into electricity have 92 

been the Steam (SRC) and Organic Rankine Cycles (ORC). These two technologies adopt the same 93 

thermodynamic cycle, i.e. the Rankine cycle, but are used in different size and temperature application ranges. In 94 

the WHR sector, subcritical superheated steam cycles without feedwater preheating represent a common option 95 

for applications characterized by medium-to-large size (from tens of MWs to hundreds of MWs) and high 96 

temperature levels (from 400°C to 700°C) thanks to the higher attainable efficiency and the use of standardized 97 

components which leads to a lower plant investment cost. On the other hand, steam Rankine cycles feature a low 98 

conversion efficiency when exploiting small available thermal powers (from few hundreds of kW up to tens of 99 

MW) or low-to-medium heat source temperatures (from 100°C to 400°C). In fact, the exploitation of such low 100 

temperature heat sources by means of steam cycles would lead to a strong cycle thermodynamic efficiency 101 

penalization due to the very low evaporation temperatures coupled with large superheating to guarantee a 102 

sufficiently high steam quality at turbine discharge. Furthermore, the exploitation of small available thermal 103 

powers would involve the miniaturization of the turbine blades, with penalization of the turbine adiabatic 104 

efficiency and higher specific cost [7]. 105 

ORC technology is generally based on the adoption of organic compounds (hydrocarbons, halogenated 106 

hydrocarbons, siloxanes) as working fluid and it currently represents the most common and reliable solution 107 

available on the market for the exploitation of low-to-medium temperature (from 100°C to 400°C) heat sources 108 

in a large range of power outputs (from few kW to tens of MW) [7]. The main advantages related to the adoption 109 

of an organic working fluid are associated to the reduction of the evaporation pressure and to the increase of the 110 

condensation one. These two aspects lead to a limited number of turbine stages and thus to a reduced turbine 111 

specific cost. Furthermore, the adoption of complex fluids with a completely overhanging saturation line always 112 

guarantee a dry expansion for saturated vapor conditions at turbine inlet. This feature solves the issues related to 113 

blade erosion, typical when using steam as working fluid, and makes possible a simple plant layout based on a 114 

subcritical saturated cycle. In fact, ORCs generally adopt less complex plant layouts than steam Rankine cycles, 115 
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typically with a single pressure level [7] and result in even higher efficiencies with respect to steam cycles when 116 

applied to low-to-medium temperature heat sources. 117 

In the last decades, the ORC technology has penetrated the WHR market with more than 1700 installed plants 118 

corresponding to about 2.8 GWel [8]. However, organic fluids cannot fully exploit the potential of heat source 119 

with temperatures higher than 400°C due to their low thermal stability limits [9]. 120 

Another technological solution that could be able to bridge the gap in industrial WHR applications and compete 121 

both with steam cycles and ORCs is the supercritical CO2 (sCO2) closed Brayton cycle. The sCO2 power cycle 122 

has been originally proposed by Angelino [10] and Feher [11] and in recent years it has gained a large interest 123 

from both the industry and the academia, mainly after the publication of the Dostal doctoral thesis [12]. 124 

Supercritical CO2 cycles have been mainly studied for concentrating solar power (mostly in the US by NREL 125 

[13][14] and SANDIA NL [15]), nuclear energy (for 4th generation nuclear plants, as small modular reactors [16] 126 

or sodium cooled reactors [17]) and fossil fuels fired applications as coal-fired power plants [18][19], natural gas 127 

oxy-fuel combustion [20][21] or bottoming cycles for gas turbines [22]. In these fields, sCO2 power systems can 128 

compete against conventional steam Rankine cycles thanks to their more compact turbomachines, simpler plant 129 

arrangement, smaller footprint and investment cost, higher efficiency and flexibility [23][24]. 130 

The great interest in the adoption of sCO2 power cycles in different power generation applications is also 131 

demonstrated by the large number of US and EU funded projects. An example is the STEP 10MWel project [25], 132 

an US DOE funded project which aims to bring the technology readiness level (TRL) of natural gas indirectly 133 

fired sCO2 power cycles from “proof of concept” (TRL3) to “system prototype” (TRL7). Supercritical carbon 134 

dioxide power cycles have been also investigated within the US DOE SunShot [26] and Gen3 [27] programs as 135 

the most promising technology for the power block of 3rd generation high-temperature CSP plants based on central 136 

receiver technology. Within the funding scheme of the EU H2020 research and innovation program, different 137 

projects have been financed, like the SOLARSCO2OL [28], which aims to build the first MW-scale sCO2 power 138 

block operating in an actual CSP plant located in the European Union; or the sCO2-Flex project [29], which 139 

investigates the application of sCO2 power cycles in order to enhance coal-fired power plants flexibility and ease 140 

the integration of non-dispatchable renewable energy sources in the electrical grid. 141 

Apart from the aforementioned high-temperature applications, the sCO2 power cycle is also considered as an 142 

alternative to ORCs for the exploitation of medium-temperature heat sources (from 250°C to 400°C) as CO2 is an 143 

environmental friendly, widely available, safe and thermally stable working fluid [30][31]. 144 

In the US this technological solution has already been proposed to the market by Echogen [32], which 145 

manufactures and commercializes sCO2-based WHR systems also in combined heat and power solutions (CHP). 146 

Echogen technology was initially based on a simple recuperated power cycle but now adopts a more complex 147 

design, called Dual Rail configuration, which is similar to the turbine split flow cycle and allows to obtain a higher 148 

power output and a better exploitation of exhaust gases sensible heat [33].  149 

Table 1 reports the most interesting opportunities for waste heat recovery with sCO2 power systems divided by 150 

sectors and processes.  151 

 152 

Table 1. Industrial and power generation sector WHR opportunities and their respective temperature levels, 153 

rearranged from [2][30][34][35]. 154 

Industry Process Temperature Comments Competitor 

Glass 

manufacturing 

Melting furnace 1100-1300 °C Very high particulate load which 

results in high fouling factors on 

heat transfer surfaces 

SRC 

Oxyfuel melting furnace 1200-1400 °C SRC 

Iron and steel 

manufacturing 

Electric arc furnace 1000-1300 °C Dirty exhausts. 

Intermittency of the process. 

Temperature too low for good 

efficiency if recovery is already 

present. 

SRC 

Electric arc furnace with 

recovery 
200-300°C ORC 

Blast and cupola furnace 450 °C ORC 

Aluminum 

manufacturing 

Secondary melting 1000-1200 °C Difficult to recover heat from the 

cell. 

Discontinuity of the process. 

SRC 

Hall-Héroult cell 700 °C SRC 

Cement 

manufacturing 

Wet kiln 300-350 °C 
Generally, a good level of heat 

integration and recovery is 

already present. 

ORC 

Dry kiln (no preheater or 

precalciner) 
400-450 °C ORC 

Dry kiln (recovered) 300-350 °C ORC 

Gas turbines Exhausts 370-600 °C Variable load SRC, ORC 

Reciprocating 

engines 
Exhausts 230-600 °C Variable load ORC 

 155 

Since 2012, several works have been published confirming the feasibility and convenience of the Echogen 156 

solution. Persichilli et al. [36] compared the levelized cost of electricity (LCOE) of several steam and sCO2-based 157 

heat recovery system configurations exploiting the exhausts of a 22 MWel LM2500 stationary gas turbine (GT). 158 
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The analysis showed how the sCO2 technology may be able to reduce by up to 20% the LCOE with respect to 159 

steam-based solutions thanks to the higher attainable power output, the lower investment and operation and 160 

maintenance (O&M) costs. Kacludis et al. [37] resumed the analysis and investigated the adoption of sCO2 power 161 

cycles for other two different WHR applications, namely the exhaust exploitation released by reciprocating engine 162 

gensets for remote power generation and a waste heat to power solution for a steel manufacturing facility. 163 

Regarding the first application, the authors showed that through the installation of two 300 kWel sCO2-based 164 

power systems it would be possible to increase by 10% the gensets power output without any additional fuel 165 

consumption. The second analysis focused on the possibility to recover waste heat from the exhaust gases of a 166 

steel mill which are usually discharged to the atmosphere at a temperature around 540°C, after the preheating of 167 

the furnace combustion air. Results showed that the adoption of a sCO2 heat engine could cut down the effective 168 

furnace operating cost from 8.6 $/ton to 6.8 $/ton of steel manufactured thanks to the generation of 3.7 MWel. 169 

The simple recuperated sCO2 power cycle adopted by the Echogen technology has been also supported by several 170 

studies thanks to its better exploitation of a heat source at variable temperature and its relatively low layout 171 

complexity. 172 

Mohagheghi and Kapat [38] provided a comparison between the simple recuperated cycle and the recompression 173 

recuperated cycle exploiting a 100 kg/s mass flow rate of the exhaust gas considering a waste gas inlet temperature 174 

range between 225°C and 825°C. The authors showed that, even at high exhausts inlet temperatures, the more 175 

complex recompressed configuration does not outperform significantly the simpler recuperated cycle and that for 176 

low exhausts inlet temperature (lower than 425°C) the recompression does not provide any benefit due to poor 177 

heat source utilization. 178 

Martinez et al. [39] assessed the potential of sCO2 bottoming cycles coupled to a gas turbine releasing flue gases 179 

to the environment at a temperature of 600°C, expanding the configurations studied to the recuperated pre-180 

compression cycle. The results of the analysis highlighted that, if the GT pressure ratio is not optimized, the simple 181 

recuperated cycle is able to reach a greater power output with respect to the recompression (+4%) and 182 

precompression cycle (+20%). On the other hand, the optimization of the GT pressure ratio leads to a shift in these 183 

trends resulting in a power output of the recompression cycle 20% greater than the one of the recuperated cycle 184 

and almost 34% higher than the fixed pressure ratio solution. 185 

Moroz et al. [40] proposed a similar analysis considering a wide set of industrial gas turbine with power outputs 186 

up to 120 MWel, flue gas mass flow rates between 100 and 700 kg/s and outlet temperatures ranging from 425 to 187 

700°C. The analysis showed that the power output of the recuperated cycle is about 10% higher than outputs of 188 

recompression and pre-compression cycles for an exhaust stream of 100 kg/s at a temperature of 550°C. The 189 

analysis also highlights the presence of an optimal sCO2 turbine inlet temperature, generally lower than the 190 

maximum allowable temperature, resulting from the tradeoff between heat source utilization and cycle 191 

thermodynamic efficiency. 192 

Kimzey [41] has been the first to propose novel sCO2 cycle architectures specifically developed for WHR 193 

applications by investigating the potential of a configuration with a single flow split and a dual expansion, which 194 

the author called Cascade I cycle. The author stated that this configuration is able to outperform the power output 195 

of a traditional two-pressure level steam Rankine cycle by 3%. On the other hand, its performances are still inferior 196 

to commonly employed triple pressure with reheat steam cycle when exploiting the flue gases discharged by a 197 

heavy-duty gas turbine. The cycle thermodynamic efficiency is in fact limited due to the large temperature 198 

differences in the low temperature recuperator (LTR), caused by the different heat capacities of the hot and cold 199 

streams. 200 

Other two interesting and innovative cycle configurations for WHR applications are the recuperated cycle with 201 

recuperator bypass (also called preheating cycle) and the turbine split flow configuration (also called dual 202 

recuperated cycle), which have been studied by Wright et al. [42]. The authors proposed a preliminary techno-203 

economic analysis comparing four different cycle configurations exploiting a 40.7 MWth GT exhaust stream at 204 

549°C. For each cycle configuration the turbine inlet temperature, the split fraction and all the heat exchangers 205 

approach temperatures have been optimized in order to maximize the net annual revenue. On the other hand, the 206 

compressor inlet and outlet pressure and the minimum cycle temperature have been considered as constant values 207 

in order to simplify the analysis. The analysis showed that, even if the innovative cycle configurations are able to 208 

produce up to 22.6% more power output than the benchmark simple recuperated cycle, the increased capital costs 209 

of these architectures (+41.7% for the recuperated cycle with recuperator bypass, +30.5% for the turbine split 210 

flow configuration) make them less favorable from an economic point of view. 211 

The turbine split flow (called by the authors cascade recuperative) configuration has also been investigated by 212 

Astolfi et al. [31] for the recovery of 30 MWth in a wide range of temperatures (from 200°C and 600°C) and 213 

cooling grades (from 0% to 100%). The analysis showed that a single optimal sCO2 cycle configuration cannot 214 

be selected as this is highly dependent on the temperature and cooling grade of the heat source. The authors 215 

compared also the performance of sCO2 cycles with the ORCs ones and highlighted that even if ORCs are the 216 

most efficient solution for heat source temperatures below 350°C, sCO2 power systems represent a promising 217 

solution for higher temperatures. 218 
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Huck et al. [22] proposed an even more complex cycle configuration, the dual flow split with a dual expansion 219 

layout (also called Cascade III by Kimzey [41]). The configuration is similar to the Cascade I cycle but with the 220 

addition of an intercooling and the division of the primary heat exchanger in two separate components, between 221 

which the two CO2 streams are mixed. The authors compared the performance attainable by this novel 222 

configuration against a three-pressure level steam Rankine bottoming cycle with reheat, showing that this 223 

innovative architecture can provide more electrical power. On the other hand, the analysis appears biased by the 224 

optimistic assumptions on the sCO2 power cycle with maximum pressures of 400 bar, turbine inlet temperatures 225 

of 700°C and isentropic efficiencies for CO2 turbomachinery equal to 95%. 226 

Marchionni et al. [43] published a techno-economic analysis comparing four more conventional sCO2 cycle 227 

configurations and four cycle architectures specifically developed for WHR applications. The second group 228 

included an innovative layout proposed by the authors, which consists in a recuperated cycle with recuperator 229 

bypass with the addition of a pre-compressor. The study investigates the exploitation of an exhausts stream at 230 

650°C and highlights the potential of the innovative sCO2 cycle configurations over the more conventional ones. 231 

However, the choice of the authors to fix the exhaust stack temperature to 350°C for the conventional 232 

configurations and to 150°C for the novel configurations could have led to an inaccurate comparison. 233 

The same authors [44] investigated the off-design behavior and performances of a 50 KWel simple recuperated 234 

cycle recovering heat from 1 kg/s stream of flue gases at 650°C. The analysis assessed the effect of both hot and 235 

cold sources inlet conditions by varying their mass flow rates and temperatures. The implementation of 236 

turbomachinery performance maps obtained through CFD simulations highlighted the impossibility to generate 237 

power when the heat source mass flow rate is lower than 0.9 kg/s and its temperature drops under 550°C. 238 

Both these studies were performed in the context of the H2020 I-ThERM project [45] which aims at the 239 

development and demonstration of a packaged plug and play power system for high-temperature waste heat to 240 

power conversion based on a sCO2 Brayton cycle. 241 

Recently, Manente and Costa [46] discussed the optimization of several novel sCO2 power cycle configurations 242 

for WHR applications analyzing the recuperated cycle with recuperator bypass, the turbine split flow and the 243 

Cascade I or dual expansion cycle. The authors showed that all these more complex configurations are obtained 244 

by the combination of two simpler sCO2 Brayton cycles overlapped in the low temperature section and separated 245 

in the high temperature one. The authors optimized all the configurations by varying the turbine inlet temperature 246 

and the split fraction, retaining constant pressures and neglecting all the heat exchangers pressure drops. The 247 

analysis showed that the dual expansion cycle obtained the highest recovery efficiency with a value of 22.3% 248 

when employed to recover heat from exhausts at 600°C. 249 

These aforementioned studies highlight the potential of sCO2 power cycles for WHR applications and justify the 250 

academic and industrial interest in the development of this technology. However, the currently available scientific 251 

literature lacks in research studies dealing with both the cycle optimization and the evaluation of part load 252 

performance. The present work aims to investigate this topic of high relevance for WHR applications providing 253 

results that can be useful to guide studies on system dynamics or control for future sCO2 power systems. First, a 254 

fair comparison of five cycle configurations in design conditions is presented, also including techno-economic 255 

and layout complexity considerations. Optimization of each cycle configuration has been implemented 256 

considering all the free design parameters instead of fixing some of them, in order to avoid suboptimal solutions 257 

and improve the accuracy and reliability of the results. Three cycles configurations are selected and discussed in 258 

detail and techno-economic analysis highlights that considering heat exchangers mass and cost is crucial when 259 

comparing different cycle architectures. Recuperative cycle with recuperator bypass has been selected as the most 260 

promising cycle configuration for this application and it has been eventually studied in part load conditions 261 

proposing and comparing different possible control strategy options based on both constant and variable inventory 262 

solutions. 263 

  264 
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2. CYCLE DESIGN AND OPTIMIZATION 265 
This section focuses on the description of investigated cycle configurations, the set of assumptions adopted and 266 

the optimization procedure. 267 

 268 

2.1 Investigated cycle architectures 269 
In order to tackle the goal of this paper a dedicated numerical tool has been developed in MATLAB [47] for the 270 

optimization of the system design and the evaluation of part-load performance of sCO2 power cycles. Carbon 271 

dioxide thermodynamic properties are computed through the REFPROP 9.1 database [48] using a high fidelity 42 272 

terms reduced Helmholtz energy equation of state [49] allowing for an accurate evaluation of real gas effects close 273 

to the critical point of the working fluid. The developed numerical code is able to model several cycle 274 

configurations (more than 50 cycle schemes are proposed in literature [50]) that can be easily optimized and then 275 

simulated over a large range of off-design conditions. 276 

In this work, five cycle configurations are investigated and optimized, identifying the most promising solutions 277 

for the exploitation of a variable temperature heat source, typical of WHR applications. Figure 1 depicts the five 278 

investigated cycle configurations: (i) the simple recuperated cycle (SRC), (ii) the recompressed recuperative cycle 279 

(RRC), (iii) the simple recuperated cycle with recuperator bypass (SRCB), (iv) the recompressed recuperative 280 

cycle with high temperature recuperator bypass (RRCB) and (v) the turbine split flow cycle (TSF). 281 

The first configuration investigated is the simple recuperated cycle (SRC) (Figure 1.a) in which a single 282 

recuperative heat exchanger uses the heat available at the exit of the expander (point 5) to increase the temperature 283 

of high pressure CO2 at compressor exit (point 2) up to Primary Heat Exchanger (PHE) inlet temperature (point 284 

3). The recuperated sCO2 cycle is the simplest configuration with internal heat recovery, which is anyhow 285 

characterized by a limited efficiency related to the high average temperature difference in the recuperator caused 286 

by the different heat capacities of the hot and cold streams. This penalization, due to the strong real gas effects on 287 

the cold high-pressure stream, entails a relatively low temperature at PHE inlet (point 3), which, on the other hand, 288 

allows to reduce the minimum temperature of the heat source thus increasing the heat recovered in WHR 289 

applications. 290 

The second cycle configuration considered for the study is the recompressed recuperative cycle (RRC) (Figure 291 

1.b), widely proposed in literature for solar [51][52][53] and nuclear applications [12][17]. In the RRC 292 

configuration, a fraction of the low pressure working fluid enters in the Heat Rejection Unit (HRU) (point 8a), it 293 

is cooled down to the minimum cycle temperature (point 1), compressed by the main compressor (point 2) and 294 

then heated up (point 3a) in the Low Temperature Recuperator (LTR). The remaining fraction (point 8b) is split 295 

just before the HRU and it is compressed to the cycle maximum pressure (point 3b) by a secondary compressor. 296 

The two flows are eventually mixed at HTR cold side inlet (point 3). The recompression allows enhancing the 297 

cycle efficiency by balancing the heat capacities of the hot and cold streams in the LTR, limiting the temperature 298 

differences in the heat exchanger and the irreversibilities related to the heat transfer process. The working fluid 299 

preheating is then completed (point 4) in the High Temperature Recuperator (HTR) which cools down the hot 300 

CO2 exiting the turbine (point 6): temperature differences are minimized at HTR cold end and tend to increase 301 

moving towards the hot end since high pressure fluid always shows a slightly higher specific heat than the low 302 

pressure stream. As result, the thermodynamic cycle efficiency is increased, while the high effectiveness of the 303 

internal recuperative process may limit the exploitation of the variable temperature heat source thus limiting the 304 

thermal power input of the cycle and its power output. 305 

For WHR applications, both simple recuperated (SRC) and recompressed recuperated (RRC) configurations may 306 

benefit from the adoption of a recuperator bypass: an additional heat exchanger in parallel to the recuperator which 307 

allows to reduce the temperature difference in the recuperator and at the same time allows to enhance heat source 308 

exploitation by a further cooling of the exhaust gas. 309 

In the simple recuperated cycle with recuperator bypass (SRCB) (Figure 1.c), a fraction of the CO2 exiting the 310 

compressor (point 2) is split before the recuperator (point 2b), heated in the recuperator bypass heat exchanger 311 

(BHE) (point 3b) further cooling the heat source and then mixed with the main flow at the recuperator outlet (point 312 

3a). In the recompressed recuperative cycle with HTR bypass (RRCB), the bypass is performed only on the HTR 313 

as reported in Figure 1.d. This cycle configuration has been suggested for high temperature applications like fossil 314 

fuel power plants [29][54] since, thanks to the introduction of the bypass stream, it combines high heat recovery 315 

factors and high thermodynamic efficiency at the expense of an additional heat exchanger. 316 

Last cycle configuration (Figure 1.e) is the so-called turbine split flow (TSF) or dual recuperated configuration 317 

[50][55]. This cycle configuration requires two turbines and a single compressor and, as the SRCB and the RRCB 318 

configurations aims at minimizing the temperature differences in the recuperators and improve the utilization of 319 

the available sensible heat from the heat source. After the compressor, the CO2 flow is split in two different 320 

streams. The first stream exploits the heat provided by the primary source and expands from the cycle maximum 321 

temperature (point 4) in the main turbine. The residual sensible heat available from hot expanded CO2 (point 5 – 322 

point 6a) is used to heat the second stream from compressor outlet (point 2) up to secondary turbine inlet 323 

temperature (point 4’). After the second stream is expanded in the secondary turbine, the hot low-pressure CO2 324 
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released by the secondary turbine (point 5’) is used to preheat the first stream up to PHE inlet temperature (point 325 

3).  326 

 327 

 328 

  
(a) (b) 

  
(c) (d) 

 

 (e) 

Figure 1. Schematic of the sCO2 cycle layouts studied in this work: (a) SRC, (b) RRC, (c) SRCB, (d) RRCB 329 

and (e) TSF. 330 

 331 

2.2 Design assumptions and system optimization 332 
The design optimization routine evaluates the performance of the various cycle designs and selects the best 333 

combination of cycle design parameters in order to maximize a specific figure of merit. 334 

The main figures of merit used to evaluate the system performance are the net cycle thermodynamic efficiency 335 

cycle (including HRU auxiliaries consumption, namely the cooling water circulation pump), the heat recovery 336 

factor  and the overall plant efficiency plant. These parameters are defined in Eq. 1, Eq. 2 and Eq. 3 where the 337 

power consumption of the secondary compressor Ẇsec comp is equal to zero for both the SRC and SRCB and the 338 

power production from low temperature turbine (Ẇsec turb) is null for all the configurations but the TSF. The 339 

optimization algorithm aims at maximizing the net power output and consequently the overall plant efficiency 340 

ηplant which takes into account not only the thermodynamic quality of the conversion from heat to electricity 341 

(through ηcycle), but also the fraction of heat exploited with respect to the total heat available from the heat source 342 

(through ).  343 

 344 

𝜂𝑐𝑦𝑐𝑙𝑒 =
𝑊̇𝑛𝑒𝑡

𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒
=
𝑊̇𝑡𝑢𝑟𝑏 + 𝑊̇𝑠𝑒𝑐 𝑡𝑢𝑟𝑏 − 𝑊̇𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝 − 𝑊̇𝑠𝑒𝑐 𝑐𝑜𝑚𝑝 − 𝑊̇𝐻𝑅𝑈,𝑎𝑢𝑥

𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒
 Eq. 1 

𝜒 =
𝑄̇𝑖𝑛,𝑐𝑦𝑐𝑙𝑒

𝑄̇ℎ𝑠,𝑚𝑎𝑥
= 1 −

𝑚̇ℎ𝑠𝑐𝑝,ℎ𝑠(𝑇𝑠𝑡𝑎𝑐𝑘 − 𝑇ℎ𝑠,𝑚𝑖𝑛)

𝑚̇ℎ𝑠𝑐𝑝,ℎ𝑠(𝑇ℎ𝑠,𝑚𝑎𝑥 − 𝑇ℎ𝑠,𝑚𝑖𝑛)
 Eq. 2 
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𝜂𝑝𝑙𝑎𝑛𝑡 = 𝜒𝑟𝑒𝑐  𝜂𝑐𝑦𝑐𝑙𝑒 =
𝑊̇𝑛𝑒𝑡

𝑄̇ℎ𝑠,𝑚𝑎𝑥
 Eq. 3 

 345 

The heat source is modelled as a stream of gas with a mass flow rate ṁhs of 50 kg/s, a maximum temperature 346 

Ths,max of 550°C, and a minimum allowable temperature of 150°C in order to avoid any formation of acid 347 

condenses and fouling on heat transfer surfaces. Gas specific heat capacity cp,hs is assumed constant and equal to 348 

1.15 kJ/kgK. Heat source heat capacity can represent the flue gas of a combustion in an industrial process (steel, 349 

glass, cement industry) [35][37] or the exhausts of a small size gas turbine (i.e. in the 15-20 MWel range [56]). 350 

The numerical model relies on a set of assumptions adopted for cycle design reported in Table 2 and among them, 351 

the most relevant are the cycle minimum temperature and turbomachinery efficiency. The minimum cycle 352 

temperature is set equal to 33°C in order to operate the main compression process close to the CO2 critical point, 353 

exploiting the real gas effects, thus increasing system efficiency [57]. A water-cooled HRU is adopted for all the 354 

cycles assuming the availability of a stream of water or the adoption of a cooling tower water loop which is often 355 

available in large industrial plants: the available cooling water temperature is assumed equal to 20°C.  356 

Regarding compressors efficiency, preliminary performance analyses report values between 83% and 85% for a 357 

50 MWel plant [58]. In this work, due to the smaller scale of the system, a more conservative value equal to 80% 358 

is adopted. 359 

Regarding the turbine efficiency, several works on sCO2-based solar power applications [13][14][59] suggest 360 

values between 90% and 93% as the expander design should be less complex than the compressor one thanks to 361 

the ideal gas-like behavior of CO2 along the expansion and the larger volumetric flow rates. A more conservative 362 

value equal to 85% is here considered, taking into account the stronger impact of secondary and leakage losses 363 

on the efficiency due to the smaller size of the investigated system. A comparison of the assumed values against 364 

those attainable with correlations from reference [60] is provided in the design result section. 365 

An additional hypothesis generally adopted in literature is related to the imposition of isothermal mixing processes 366 

to minimize mixing irreversibilities. Isothermal mixing can be assumed at HTR cold side inlet (T3a=T3b) by 367 

varying the split ratio at HRU inlet and for the mixing processes downstream the bypass heat exchangers in the 368 

SRCB (T3a=T3b) and in the RRCB (T4a=T4b) configurations, by varying the recuperator bypass flowrates. A 369 

sensitivity analysis on this hypothesis is provided in the result section. On the contrary, isothermal mixing is never 370 

imposed at HRU inlet of TSF configuration allowing to investigate solutions with recuperators having different 371 

cold end temperature differences. 372 

 373 

Table 2. Heat source data and cycle design assumptions. 374 

Parameter Value 

Heat source mass flow rate 𝑚̇ℎ𝑠, kg/s 50 

Heat source temperature 𝑇ℎ𝑠,𝑚𝑎𝑥, °C 550 

Minimum heat source temperature 𝑇ℎ𝑠,𝑚𝑖𝑛 , °C  150 

Heat source specific heat 𝑐𝑝,ℎ𝑠, kJ/kgK 1.15 

Minimum cycle temperature, °C 33 

Minimum PHE pinch point Δ𝑇𝑝𝑝,𝑃𝐻𝐸,°C 25 

Cooling water inlet temperature, °C 20 

Cooling water temperature rise, °C 7 

Cooling water Δ𝑝, bar 1.5 

PHE CO2 Δ𝑝, bar 2 

HRU CO2 (Δ𝑝/𝑝𝑖𝑛) 0.5% 

Recuperators hot side (Δ𝑝/𝑝𝑖𝑛) SRC/SRCB/TSF 1% 

Recuperators hot side (Δ𝑝/𝑝𝑖𝑛) RRC/RRCB 0.5% 

Turbines isentropic efficiency, 𝜂𝑡𝑢𝑟𝑏 85% 

Compressors isentropic efficiency, 𝜂𝑐𝑜𝑚𝑝 80% 

Water pump efficiency, 𝜂𝑤𝑎𝑡𝑒𝑟 𝑝𝑢𝑚𝑝 75% 

Generator/motor efficiency 𝜂𝑚𝑒,𝑡/ 𝜂𝑚𝑒,𝑐 96.4% 

 375 

The five cycle configurations are optimized by varying: (i) the working fluid minimum pressure, (ii) the cycle 376 

maximum pressure (iii) the turbine inlet temperature (iv) the recuperator(s) terminal cold and hot end temperature 377 

differences, (v) the recuperator(s) pinch point(s) temperature difference and (vi) the temperature difference 378 

between streams in the mixing process(es). In order to reduce the complexity of the numerical problem the 379 

parameters (i-iv) are optimized by a dedicated optimization algorithm while parameters (v-vi) are investigated 380 

with a sensitivity analysis and considered as a constraint to the optimization process. These last parameters should 381 
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be considered in order to catch the tradeoff between heat source heat recovery and cycle internal heat recovery 382 

effectiveness. Cycle minimum and maximum pressures are selected considering the trade-off between the need of 383 

having high cycle expansion ratio and the need to increase compressor fluid average density by exploiting the low 384 

compressibility factor of the CO2 in the proximity of the critical point. An increase of cycle maximum temperature 385 

positively affects the cycle thermodynamic efficiency thanks to the increased turbine specific work but may 386 

negatively impact on the heat recovery factor for recuperative cycles.  387 

The location of a selected pinch point temperature difference in sCO2 cycle recuperator(s) is non-trivial since real 388 

gas effects on the cold and high-pressure CO2 side involve a nonlinear trend of specific heat. Pinch point 389 

temperature difference can be located within the heat exchanger instead of being on the hot or cold end of the 390 

recuperator depending on the minimum and maximum pressure of the cycle. Moreover, for configurations 391 

provided by recuperator bypass (SRCB and RRCB) and for the TSF configuration it is possible to design the 392 

recuperator (HTR for RRCB and TSF) having the minimum temperature difference at cold end, at hot end, or at 393 

both extremities by tuning the bypass split ratio. For this reason, the terminal cold end and hot end temperature 394 

differences of recuperators are included as optimization variables while desired pinch point temperature 395 

differences are considered as constraints to the optimization algorithm and varied by an enumerative approach. 396 

The optimization algorithm selected to maximize the net power output of the systems is the patternsearch 397 

algorithm available in the MATLAB optimization toolbox. Patternsearch is a direct search algorithm for 398 

constrained optimization problems which evaluates, at each iteration step, the objective function over an 399 

increasing/decreasing/rotating mesh of tentative solution and it does not require gradient calculation [61]. As 400 

result it can deal with non-continuous and non-differentiable functions and shows a good ability in avoiding local 401 

minimum/maximum. This algorithm has been preferred to simple fmincon and complex genetic or particle swarm 402 

algorithms because it shows a good compromise between computational time and accuracy of the solution. The 403 

number of free variables for each cycle configuration is reported in Table 3 and it increases with cycle complexity 404 

reaching six optimization variables plus four sensitivity analysis parameters for the RRCB configuration. Figure 405 

2.a depicts the flow diagram at the base of the single simulation and the design optimization iterative procedure 406 

for the SRCB configuration. Scheme shows all the interconnections between the assumptions, the optimization 407 

variables and the calculation of the different thermodynamic points and quantities. 408 

 409 

Table 3. Optimization variables for the different cycle layouts 410 

 SRC SRCB RRC RRCB TSF Lower 

Bound 

Upper 

Bound 

Parameters varied by sensitivity analysis and considered as constraints for the optimization algorithm 

Tpp,REC, °C  X X    10 75 

Tpp,LTR, °C   X X X 10 75 

Tpp, HTR, °C   X X X 10 75 

Tmix,REC,outlet  orTmix,LTR,outlet, °C  X X X  -30 +30 

Tmix,HTR,outlet, °C    X  -30 +30 

Optimization variables varied by patternsearch optimization algorithm to maximize 𝜂𝑝𝑙𝑎𝑛𝑡   and respect 

recuperator(s) pinch point temperature difference and mixing process temperature difference constraints 

pmin, bar X X X X X 75 150 

pmax, bar X X X X X 150 250 

Tmax, °C X X X X X 200 525 

Tcold-end,REC, °C  X X    10 75 

Thot-end,REC, °C   X    10 75 

Tcold-end,LTR, °C    X X X 10 75 

Thot-end,LTR   X X  10 75 

Tcold-end,HTR, °C     X 10 75 

Thot-end,HTR, °C    X X 10 75 

 411 

 412 
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 413 
Figure 2. Flow diagrams representing all the interconnections between assumptions, optimization variables and 414 

calculated quantities for the design optimization routine (a) and the part-load routine (b) referred to SRCB 415 

configuration. 416 

 417 

Heat exchanger design is carried out with a dedicated set of numerical routines for the calculation of the heat 418 

transfer coefficients, the volume of fluid and the mass of the heat exchangers. The recuperators are modelled as 419 

printed circuit heat exchangers (PCHE) according to the model suggested in [62] integrated with manufacturer 420 

data already presented in [19] and reported in Table 4. The minimum temperature difference in each recuperator 421 

directly affects the thermal duty while the assumed hot side allowable pressure drop directly affects the CO2 422 

velocity in the heat exchanger, the heat transfer coefficients and the channels length. The numerical code assumes 423 

perfect counter-current flow arrangement and the same number of channel flows on both hot and cold side. Hot 424 

fluid velocity is varied in order to match the desired pressure drop and eventually, the global heat transfer 425 

coefficient referred to the internal surface (𝑈𝑖𝑛𝑡) (Eq. 5), the actual heat transfer area (Eq. 6) and metal mass of 426 

the heat exchanger as well as the pressure drops on the cold side are computed. Each heat exchanger is discretized 427 

in 30 sections in order to catch local variations of fluid thermophysical properties and calculate the needed heat 428 

transfer area with higher accuracy The PHE and the BHE (if present) are modelled as finned tube heat exchangers 429 

with CO2 inside the tubes and flue gas flowing outside the tubes bundles. The HRU is modelled as a shell and 430 

tubes (S&T) heat exchanger with the CO2 flowing into the tubes while cold water flows in the shell. CO2 pressure 431 

drop side in BHE is set equal to the cold side pressure drop of the bypassed recuperator, in order to limit the 432 

mixing irreversibilities at the end of the two components. In the HRU, the cooling water pressure drops are 433 

considered fixed and assumed equal to 1.5 bar, while in the PHE and BHE the hot gas side pressure drops are 434 

neglected. The HRU, PHE and BHE tubes thicknesses have been computed through Eq. 4 starting from the internal 435 

diameters reported in Table 4, adopting ASME allowable stress value (𝜎𝑚𝑎𝑥) [63] and considering a safety factor 436 

of 1.15. 437 

 438 

𝑡 = 1.15 [
𝑝 ⋅ 𝑑𝑒𝑥𝑡

2𝜎𝑚𝑎𝑥(𝑇) + 𝑝
+ 0.005𝑑𝑒𝑥𝑡] Eq. 4 

 439 

From the design of each heat exchanger, and assuming a connecting piping length value between the different 440 

cycle components, the nominal CO2 plant inventory is calculated. The piping length is assumed equal to 15 m for 441 

each pipe connected to the PHE and the HRU while all other pipes are assumed to be 2 m long. The internal piping 442 

diameter has been computed considering a maximum CO2 velocity equal to half the erosional one [64], while the 443 

external diameter and piping thickness has been computed through Eq. 4. For simplicity, the piping thermal losses 444 

and their pressure drops are neglected. Table 4 reports the main assumptions related to the heat exchangers design 445 

adopted in this work.  446 

 447 
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𝑈𝑖𝑛𝑡 =

(

  
1

ℎ𝑡𝑐𝑖𝑛𝑡
 +  

𝑑𝑖𝑛𝑡 ⋅ ln (
𝑑𝑒𝑥𝑡
𝑑𝑖𝑛𝑡

)

2𝑘𝑚𝑒𝑡𝑎𝑙
 +  

1

𝐴𝑒𝑥𝑡,𝑓𝑖𝑛𝑛𝑒𝑑
𝐴𝑒𝑥𝑡,𝑝𝑙𝑎𝑖𝑛

 ⋅  
𝐴𝑒𝑥𝑡,𝑝𝑙𝑎𝑖𝑛
𝐴𝑖𝑛𝑡

 ⋅  ℎ𝑡𝑐𝑒𝑥𝑡

 

)

 

−1

 Eq. 5 

𝐴𝑖
𝑑𝑒𝑠 = ∑

𝑄𝑖,𝑛

𝑈𝑖,𝑛∆𝑇𝑖,𝑛

30
𝑛=1 , with 𝑖 = [𝐻𝑅𝑈, 𝑅𝐸𝐶, 𝐿𝑇𝑅, 𝐻𝑇𝑅, 𝐵𝐻𝐸, 𝑃𝐻𝐸] Eq. 6 

 448 
Table 4. Main assumptions for the heat exchangers design. 449 

REC/LTR/HTR 

HX type PCHE 

Thickness of plate, mm 1.5 

Diameter of semi-circular channel, mm 2 

Thickness of wall between channels, mm 0.4 

Heat exchanger material SS316L 

Heat transfer correlation hot side Gnielinski 

Heat transfer correlation cold side Gnielinski 

PHE/BHE 

HX type Finned tube HX 

Tube internal diameter, mm 20 

Ratio of tube pitch to external diameter 1.25 

Ratio of finned to plain external area 12 

Tube material Inconel 617 

Heat transfer coefficient flue gas side 125 W/m2K 

Heat transfer correlation CO2 side Dittus-Boelter 

HRU 

HX type S&T 

Tube internal diameter, mm 20 

Ratio of tube pitch to external diameter 1.25 

Ratio of finned to plain external area 12 

Tube/fin material Copper/Aluminum 

Heat transfer coefficient water side 7500 W/m2K 

Heat transfer correlation CO2 side Gnielinski 

 450 

 451 

.  452 
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3. DESIGN RESULTS 453 
In this section the results for the optimal design of the five investigated cycles configurations are presented and 454 

discussed. Not all the free variables reported in Table 3 have the same impact on cycle performance and for this 455 

reason their role is first discussed with separate sensitivity analyses on maximum cycle temperature, pinch point 456 

temperature difference in recuperators and streams temperature difference before mixing processes while 457 

minimum and maximum cycle pressures and recuperators terminal hot and cold end temperature differences are 458 

optimized at all times. Final optimal results are discussed at the end of this section. 459 

 460 

3.1 Effect of maximum cycle temperature 461 
In order to evaluate the effect of the maximum cycle temperature on plant performance, a sensitivity analysis is 462 

carried out optimizing both minimum and maximum cycle pressures for every considered maximum cycle 463 

temperature while considering fixed minimum temperature differences in the recuperators at the lower bound 464 

(10°C) and isothermal mixing. Figure 3 depicts the results of the sensitivity analysis on cycle maximum 465 

temperature for the simplest cycle configuration (SRC), for the most complex one (RRCB) and for the TSF 466 

configuration, to highlight the importance of optimizing this parameter independently of the cycle architecture. 467 

The cycle maximum temperature affects both the cycle thermodynamic efficiency and the heat recovery factor: a 468 

tradeoff between these two figures is evident for both the SRC configuration (Figure 3.a1) and the RRCB 469 

configuration (Figure 3.a2). Cycle efficiency is positively affected by the increase of turbine inlet temperature as 470 

typical of gas cycles because of the increase of turbine specific work with respect to compressors specific 471 

consumption (Figure 3.b1 and b2). On the contrary, the heat recovery factor is penalized due to the higher CO2 472 

temperature at PHE inlet when maximum cycle temperature increases (Figure 3.c1 and c2) which entails a poor 473 

utilization of the available heat and eventually a lower CO2 mass flow rate (Figure 3.b1 and b2). For both SRC 474 

and RRCB architectures, the turbine inlet temperature that maximizes the overall plant efficiency is fairly below 475 

the maximum limit (525°C) defined as the heat source inlet temperature minus the pinch point temperature 476 

difference at PHE (25°C). Optimal values are 391.8°C and 335.6°C for SRC and RRCB configurations 477 

respectively, giving the possibility to increase the plant efficiency by more than 3.05 and 6.94 points of efficiency 478 

with respect to the case with the highest possible value of turbine inlet temperature. 479 

Different considerations can be stated for the TSF configuration: for this cycle architecture, the adoption of the 480 

maximum allowable turbine inlet temperature (525°C) does not imply a poor utilization of the available heat: 𝜒 is 481 

equal to 91.9% while the same figure is around 57.5% and 40% for the SRC and RRCB configurations respectively 482 

at the same maximum cycle temperature. This implies that the range of turbine inlet temperature to be investigated 483 

is narrower than for the other cycles and with a maximum temperature of 450°C a complete utilization of the 484 

available thermal power is obtained. In this temperature range (450°C-525°C) the cycle efficiency change is more 485 

marked than for the other two configurations because of the adoption of two turbines and larger than the relative 486 

increase of heat recovery factor 𝜒, thus reducing the main turbine inlet temperature is not convenient from 487 

thermodynamic perspective. 488 

 489 

3.2 Effect of recuperator temperature difference  490 
The effect on the plant efficiency of assuming different recuperators pinch point temperature differences is not 491 

trivial: enhancing the effectiveness of the internal heat recovery process certainly allows to reduce the 492 

irreversibility of the compressed CO2 heating process but, on the other hand, involves an increase of the PHE inlet 493 

temperature with a consequent limitation of heat source exploitation. In literature generally the recuperators pinch 494 

point temperature difference is always assumed equal to a fixed value (ranging generally from 5°C to 15°C) and 495 

rarely is subject to optimization. An exception is represented by the work of Held [33] where the heat exchangers 496 

UA value (overall heat transfer coefficient, U, multiplied by the heat transfer surface, A) is selected as an 497 

optimization variable rather than pinch point temperature differences. Figure 4 depicts the trend of the three figures 498 

of merit (ηcycle,  and ηplant) as function of ΔTpp of recuperator for non-recompressed cycle configurations (SRC 499 

and SRCB): turbine inlet temperature, minimum and maximum pressures are optimized at all times and isothermal 500 

mixing assumption at the exit of SRCB recuperator is adopted. For SRC plant (Figure 4.a), pinch point temperature 501 

difference can be located at recuperator cold end or within the heat exchanger depending on the cycle minimum 502 

and maximum pressure which changes from case to case. Adopting the minimum investigated ΔTpp (i.e.10°C) the 503 

cycle efficiency is maximized while the heat recovery factor is around 83%. A better heat exploitation can be 504 

obtained by increasing the ΔTpp but the overall effect on the plant efficiency is penalized by the contextual, and 505 

more marked reduction of cycle thermodynamic efficiency. All the optimal solutions have the pinch point 506 

temperature difference located at recuperator cold end because of the higher specific heat of cold high-pressure 507 

fluid with respect to the hot low pressure one. For SRCB plant the minimum temperature difference can be located 508 

within the recuperator, at cold end, at hot end or at both depending on the bypass mass flow rate and fluid 509 

pressures. For this configuration (Figure 4.c), the adoption of the recuperator bypass allows to totally exploit the 510 

heat source (which minimum allowable temperature is 150°C) even at minimum recuperator temperature 511 

differences, so any increase of this parameter simply contributes to a penalization of the net power output. From 512 

thermodynamic perspective, the solution with pinch point at both cold and hot ends is particularly attractive since 513 
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it allows to reach the highest internal heat recovery effectiveness without penalizing the heat recovery but, on the 514 

other hand, it entails a larger heat transfer area and investment cost. 515 

 516 

   
(a1) (b1) (c1) 

   
(a2) (b2) (c2) 

   
(a3) (b3) (c3) 

Figure 3. (a) Trends of the main system efficiencies and (b) of the net power output, of the CO2 mass flow rate, 517 

of the specific power output as function of the maximum turbine inlet temperature. (c) T-Q diagrams of the 518 

CO2-flue gas heat exchangers for two extreme cycles maximum temperatures and for the optimal one (blue 519 

line). The cycle configurations considered are (1) the simple recuperated cycle (SRC), (2) the recompressed 520 

recuperative cycle with HTR bypass (RRCB) and (3) the turbine split flow (TSF). 521 

 522 
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(a) (b) 

Figure 4. Trend of the three figures of merit (ηcycle, χ and ηplant) as function of ΔTpp of recuperator for SRC (a) 524 

and SRCB (b) configurations. 525 

 526 

The same analysis, applied to recompressed cycles configurations (RRC and RRCB), is less trivial because of the 527 

presence of two recuperators (LTR and HTR) and the possibility of varying both components minimum 528 

temperature differences. For the RRC cycle the heat capacity of the cold stream of the LTR is modulated by 529 

varying the split ratio at the entrance of the HRU towards the secondary compressor while the HTR works with 530 

the same mass flow rate on both sides. As result the pinch point temperature difference of the LTR may be located 531 

at cold end, at hot end or within the component while for the HTR the pinch point temperature difference is always 532 

at cold end because the high pressure cold fluid always has an average specific heat higher than the low pressure 533 

hot fluid. Considering the constraint of isothermal mixing it results that it is only possible to investigate designs 534 

with ΔTpp,HTR ≥ ΔTpp,LTR and the two temperature differences coincide when the pinch point is located at hot end 535 

of LTR and at cold end of HTR. Figure 5.a depicts the cycle thermodynamic efficiency, the heat recovery factor 536 

and the plant efficiency for the RRC configuration as function of HTR pinch point temperature difference while 537 

optimal ΔTpp,LTR is always equal to the minimum value (10°C) because higher values lead to an increase of the 538 

thermal power released to the HRU with penalizing effects on cycle thermodynamic efficiency. For each point 539 

the performance is maximized by varying the cycle minimum and maximum pressure, the turbine inlet 540 

temperature, the ΔTcold‑end,LTR  and the ΔThot‑end,LTR  (also equal to ΔTcold‑end,HTR  because of the constraint of 541 

isothermal mixing at LTR outlet). Adopting the minimum value of ΔTpp for both LTR and HTR results in a very 542 

high thermodynamic efficiency (27.9%) but in a poor utilization of the heat source (69.2%) finally resulting in a 543 

plant efficiency of 19.3%. Increasing the ΔTpp,HTR the HTR duty progressively decreases (Figure 5.b), reducing 544 

the boiler inlet temperature and increasing the heat exploitation. Results clearly show that the optimal RRC 545 

configuration collapses on the SRC configuration substantially eliminating both the HTR (by employing a very 546 

high ΔTpp) and the secondary compressor (using split fraction close to 1) as reported in both Figure 6.b and in the 547 

Ts diagram in Figure 5.c. 548 

 549 

   
(a) (b) (c) 

Figure 5. Results for the RRC configuration: (a) trend of ηcycle, χ and ηplant as function of ΔTpp of HTR, (b) trend 550 

of recuperators duty and main compressor split fraction as function of ΔTpp of HTR, (c) T-s diagram of optimal 551 

RRC configuration. Dashed lines in (c) represent the cold and hot extremities of the recuperators 552 

 553 

For the RRCB configuration thanks to the HTR bypass it is possible to consider cases where the ΔTpp,HTR is 554 

located at the hot end of the heat exchanger thus enabling the possibility to investigate solutions with HTR 555 

minimum temperature difference lower than the LTR value. Sensitivity analysis is carried out varying the pinch 556 

Plant efficiency 

[%]

Heat recovery 

factor [%]

Cycle efficiency

[%]

P
la

n
t 
a

n
d

 c
y
c
le

 e
ff

ic
ie

n
c
y
 [
%

]

H
e
a

t 
re

c
o
v
e
ry

 f
a

c
to

r 
[%

]

Plant efficiency 

[%]

Heat recovery 

factor [%]

Cycle efficiency

[%]

P
la

n
t 
a

n
d

 c
y
c
le

 e
ff

ic
ie

n
c
y
 [
%

]

H
e
a

t 
re

c
o

v
e

ry
 f
a

c
to

r 
[%

]

Plant efficiency [%]

Heat recovery 

factor [%]

Cycle efficiency

[%]

P
la

n
t 
a
n
d
 c

y
c
le

 e
ff
ic

ie
n
c
y
 [
%

]

H
e

a
t 

re
c
o

v
e

ry
 f
a

c
to

r 
[%

]

Main 

compressor 

split fraction [-]

LTR duty

[MWth]

HTR duty

[MWth]

L
T

R
 a

n
d
 H

T
R

 d
u
ty

 [
M

W
th

]

M
a
in

 c
o

m
p

re
s
s
o

r 
s
p

lit
 f

ra
c
ti
o

n
 [

-]

1

2

3

4

5

6

7

8

Tpp,LTR = 10°C

Tpp,HTR = 75°C



 

 

15 

 

point temperature difference of LTR and HTR and by optimizing the performance by varying the cycle maximum 557 

temperature, the cycle maximum and minimum pressures, the ΔTcold‐end,LTR, the ΔThot‑end,LTR and the 558 

ΔThot‐end,HTR while always considering a isothermal mixing a both LTR and HTR recuperators. Best result is 559 

obtained adopting the minimum temperature difference (10°C) at LTR and HTR but adopting a larger value 560 

(15.6°C) for the ΔTcold‐end,HTR. Maximum efficiency is 23.2% that is almost 1.3 points of efficiency higher than 561 

the performance attainable by adopting 10°C for all the three temperature differences. 562 

On the contrary, the TSF configuration thanks to the very high heat recovery factor, benefits from adopting the 563 

low pinch point temperature difference in the recuperators and optimal solution is obtained considering 10°C for 564 

ΔTcold‑end of both recuperators and for ΔThot‐end,HTR . 565 

 566 

3.3 Effect of imposing isothermal rather than non-isothermal mixing processes 567 
General assumption in literature is to impose isothermal mixing for the recompressed cycle configuration (RRC 568 

and RRCB) at secondary compressor/LTR cold stream outlet and for the cycles with recuperator bypass (SRCB 569 

and RRCB) at recuperator/BHE outlet. This constraint involves the adoption of a specific value for the split or 570 

bypass ratio (depending on the cycle configuration) which may lead to suboptimal solutions. A sensitivity analysis 571 

is carried out in order to highlight the correctness of this assumption by varying the ΔTmix (namely T3a-T3b and 572 

T4a-T4b) in a range of -30°C/+30°C thus investigating the effect of a non-isothermal mixing process. The results 573 

show that it is always beneficial to have ΔTmix equal to zero at the outlet of high temperature recuperator bypass 574 

(namely at the outlet of REC in SRCB and HTR in RRCB configurations) while for the RRCB configuration 575 

optimal ΔTmix at LTR recuperator outlet (T3a-T3b) is pushed towards negative values in order to reduce the duty 576 

in the LTR. This results in a final RRCB design that collapses on the SRCB configuration which has a higher 577 

efficiency. This numerical test shows also the stability of the numerical algorithm that, independently of the 578 

selected cycle configuration, when provided by a sufficient number of optimization variables, is able to optimize 579 

the system by excluding some components and to numerically converge to the optimal configuration. 580 

 581 

3.4 Optimal selected cycles 582 
Table 5 reports the overall results and the power balance of SRC, SRCB and TSF configurations optimal design 583 

while both recuperative RRC and RRCB configurations are discarded since their numerical optimization converge 584 

towards the simple cycles SRC and SRCB configurations respectively, as discussed in the previous sensitivity 585 

analysis. Figure 6 depicts the Ts diagram and the T-Q charts for heat introduction, internal heat recovery and heat 586 

rejection processes in the three selected cycle configurations. Finally, Table 6 reports the main results related to 587 

component preliminary sizing with a quantification of overall heat exchangers metal mass.  588 

The two cycle configurations with the highest performance are the TSF and the SRCB with very similar plant 589 

efficiency equal to 27.8% and 27.4% respectively. 590 

The TSF configuration reaches a higher cycle thermodynamic efficiency (30.3%) than the SRCB configuration 591 

(27.4%) with an almost total exploitation of the available thermal power (91.9%) while the SRCB configuration 592 

thanks to the use of the recuperator bypass can reach a total heat recovery factor confirming the crucial role of 593 

recuperator bypass for WHR systems exploiting a variable temperature heat source. Both TSF and SRCB 594 

configurations show a recuperator with ΔTpp on both heat exchanger hot and cold ends thus maximizing the 595 

effectiveness of the internal heat recovery process.  596 

TSF configuration can benefit from a more compact design of some heat exchangers: in particular, metal mass of 597 

the HRU and the recuperators (LTR+HTR) is 11.6% and 31.2% lower with respect to the SRCB. However, the 598 

metal mass of the PHE in TSF configuration is nearly twice than the sum of PHE and BHE in SRCB configuration, 599 

leading to an overall heat exchangers metal mass which is 30% higher in the TSF configuration. This implies a 600 

higher investment cost and a higher system footprint. 601 

Results can be confirmed by verifying the correctness of turbomachinery efficiency assumptions against the 602 

results attainable with correlations developed for sCO2 components as function of pressure ratio and size 603 

parameter [60]. Considering single-stage and multi-stage turbomachinery the efficiency for SRCB configuration 604 

ranges between 80.74% and 81.42% for the compressor and 84.32% and 87.68% for the turbine confirming that 605 

the calculated SRCB performance is realistic though a little conservative. On the contrary, TSF configuration 606 

adopts two turbines which size parameter is smaller than for the SRCB configuration because of the high pressure 607 

flow split: considering data from reference an efficiency below 85% for the primary turbine (below 82% 608 

considering a single-stage expander) and below 82% for the secondary turbine (below 79% considering a single-609 

stage expander) is expected meaning that the calculated performance are not conservative and a realistic system 610 

efficiency is expected to be lower than the efficiency of the SRCB configuration. Considering the high 611 

performance, the lower overall metal mass and the need of a single expander the SRCB configuration looks the 612 

more promising one among the two. 613 

With respect to RRC and SRCB configuration the SRC can reach a lower plant efficiency (21.8%) due to both 614 

lower thermodynamic efficiency (26.4%) and heat recovery factor (82.7%) but dramatically differ in required heat 615 

exchanger surface and metal mass. The recuperator metal mass in SRC is 4.7 times smaller than for the SRCB 616 

configuration because the lack of recuperator bypass does not allow to balance the heat capacity of cold and hot 617 
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side of the recuperator causing large temperature differences in the heat transfer process. Also heat introduction 618 

process of SRC configuration requires a lower heat transfer area and metal mass which is around 60% of the sum 619 

of PHE and BHE for the SRCB configuration. As result the overall metal mass of SRC configuration is less than 620 

half the metal mass required for the optimized SRCB.  In conclusion, the SRC can be certainly considered as a 621 

possible solution when a low complexity, low capital cost and low footprint power plant is required by the end 622 

user or when the minimum exhaust temperature is high (e.g. 250°C-300°C) allowing to reach a plant performance 623 

of at least 28.6% and making this configuration an attractive solution against other WHR systems like ORC which 624 

efficiency generally ranges between 15-25% [31].  625 

Considering the result of the optimization procedure for the three selected cycle configurations it is possible to 626 

highlight that the maximum pressure is pushed to the upper bound (250 bar) while minimum pressure is close to 627 

the CO2 critical point (80 bar) for all cases in order to exploit real gas effects and high density during compression. 628 

Cycle pressure ratio results around 3 confirming the possibility to adopt compact turbomachinery with a limited 629 

number of stages. As final consideration, the results also highlight that the choice of sCO2 cycle configuration 630 

must be always tailored to the considered application and that the adoption of configurations suggested for other 631 

applications (i.e. RRC and RRCB for high temperature cases like fossil fuel combustion or solar tower technology) 632 

may lead to questionable system design characterized by poor efficiency and very expensive equipment.  633 

 634 

Table 5. Overall results and power balance for SRC, SRCB and TSF configurations optimal design. 635 

 SRC SRCB TSF 

Optimization variables optimal values 

Maximum cycle pressure 𝑝2, bar 250 250 250 

Minimum cycle pressure 𝑝1, bar 79.19 79.88 79.18 

Turbine inlet temperature, °C 391.78 411.17 525 

Tpp,REC, °C 10 10 - 

Tpp,LTR, °C - - 10 

Thot end,REC, °C  - 10 - 

Tcold end HTR, °C - - 10 

Thot end HTR, °C - - 10 

System performance 

Cycle thermodynamic efficiency, % 26.39 27.44 30.28 

Heat recovery factor, % 82.68 100 91.86 

Plant efficiency, % 21.82 27.44 27.82 

Second law efficiency % 42.60 53.55 54.31 

Power balance 

Thermal power recovered, MWth 19.02 23.00 21.13 

Main turbine electric power, MWel 7.48 9.19 5.58 

Secondary turbine electric power, MWel - - 3.40 

Main compressor electric power, MWel 2.37 2.77 2.48 

Heat rejection auxiliaries consumption, kWel 95.28 113.55 100.00 

Net electric power, MWel 5.02 6.31 6.40 

Mass flow rates 

CO2 mass flow at turbine inlet, kg/s 73.13 87.18 76.75 

CO2 mass flow at bypass, kg/s - 25.53 - 

CO2 mass flow at secondary turbine, kg/s - - 33.11 

Cooling water mass flow rate, kg/s 462.12 550.71 484.94 

 636 

 637 

 638 
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 639 
(a) (b) (c) (d) 

 640 
Figure 6. (a) T-s diagram of the best cycle design and corresponding T-Q diagrams of the heat source/CO2 heat 641 

exchangers (b), of the cycle recuperators (c) and of the heat rejection unit (d). Dashed lines in (a) represent the 642 

cold and hot extremities of the recuperators. 643 

 644 

Table 6. Main results related to component preliminary sizing for SRC, SRCB and TSF configurations optimal 645 

design. 646 

 SRC SRCB TSF 

Total metal mass 

(piping excluded), kg 

11455.41 24040.41 31018.84 

Total metal mass 

(piping included) kg 

17434.47 33570.24 35854.46 

Total CO2 inventory 

(piping excluded), kg 
673.33 1224.14 1304.80 

Total CO2 inventory 

(piping included), kg 
1338.68 2170.25 1929.89 

HRU 

Duty, MWth 13.54 16.14 14.21 

Tmln, °C 27.32 27.00 27.33 

U (int), W/m2K 3752.51 3790.16 3748.78 

Aint, m2 153.28 180.39 161.02 

Aext, m2 171.47 202.00 180.14 

Metal mass, kg 1727.24 2052.59 1814.32 
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CO2 mass, kg 245.93 297.47 257.83 

REC (SRC, SRCB) or LTR (TSF) 

Duty, MWth 17.13 22.52 7.69 

Tmln, °C 48.69 18.38 63.45 

U, W/m2K 1446.24 845.44 1615.06 

A, m2 334.05 1557.92 112.18 

Metal mass, kg 2083.02 9714.72 699.52 

CO2 mass, kg (hot/cold) 12.43/58.46 51.98/209.80 4.25/21.05 

HTR (TSF) 

Duty, MWth - - 16.31 

Tmln, °C - - 24.66 

U, W/m2K - - 779.25 

A, m2 - - 959.37 

Metal mass, kg - - 5982.34 

CO2 mass, kg (hot/cold) - - 28.20/112.85 

BHE (SRCB) 

Duty, MWth - 9.33 - 

Tmln, °C - 64.76 - 

U (int), W/m2K - 718.47 - 

Aint, m2 - 224.31 - 

Aext, m2 - 288.71 - 

Metal mass, kg - 6155.97 - 

CO2 mass, kg - 432.21 - 

PHE 

Duty, MWth 19.02 13.67 21.13 

Tmln, °C 94.25 82.30 32.00 

U (int), W/m2K 964.72 981.29 899.19 

Aint, m2 262.39 208.76 743.59 

Aext, m2 341.82 272.27 976.52 

Metal mass, kg 7645.15 6117.13 22522.66 

CO2 mass, kg 356.51 232.67 880.62 

Turbine 

Vin, m3/s 0.375 0.463 0.276 

Vout, m3/s 0.919 1.130 0.689 

Zin 1.011 1.017 1.042 

Zout 0.969 0.975 0.997 

Vr 2.45 2.44 2.49 

h, kJ/kg 106.06 109.32 132.62 

PR 3.08 3.06 3.08 

SP 0.050 0.055 0.041 

Secondary turbine (TSF) 

Vin, m3/s - - 0.168 

Vout, m3/s - - 0.415 

Zin - - 1.011 

Zout - - 0.969 

Vr - - 2.47 

h, kJ/kg - - 106.50 

PR - - 3.11 

SP - - 0.034 

Compressor 

Vin, m3/s 0.123 0.143 0.129 

Vout, m3/s 0.100 0.118 0.105 

Zin 0.230 0.226 0.230 

Zout 0.526 0.523 0.526 

Vr 1.22 1.21 1.23 

h, kJ/kg 31.19 30.60 31.20 

PR 3.16 3.13 3.16 

SP 0.028 0.030 0.022 
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 647 

3.5 Economic analysis 648 
Finally, an evaluation of the capital investment cost for the three selected cycle configurations is carried out. Each 649 

component is described by a specific cost correlation obtained from literature, however for some components 650 

different references are available leading to a different evaluation of equipment cost and thus plant specific cost. 651 

Two main sets of cost correlations, the first one from Weiland [65] and the second from Carlson [66], are adopted 652 

in this analysis and integrated with cost correlation for sCO2/exhaust heat exchanger (BHE and PHE) from 653 

[42][43]. Main differences between the two sets rely in the cost of turbomachinery: for the same turbine (e.g. 10 654 

MW) Carlson correlations estimates a specific cost which is around 30% higher than the specific cost of Weiland 655 

radial turbine and around triple with respect to Weiland axial turbine (including gearbox and generator cost). 656 

Similarly, Carlson compressor cost (e.g. 5 MW) is almost two times the Weiland estimation (including motor). 657 

On the contrary, heat exchangers cost calculated with Carlson reference is 40% lower with respect to the Weiland 658 

one for the HRU and 24% lower for the recuperator. It is important to highlight that the turbine size of this paper 659 

is below the minimum size of cost correlations from literature (10 MW for axial turbine and 8 MW for radial 660 

turbine) and thus the cost of this piece of equipment is extrapolated with possible inaccuracy in economic 661 

evaluation. However, minimum turbine size is 3.4 MW for the TSF configuration while for the SRCB the turbine 662 

power output (9.19 MW) is very close to the correlation range of validity and so the economic results reported in 663 

Table 7 can be considered reliable taking into account the ±30% accuracy suggested by the authors for the cost 664 

correlations. Table 7 reports the cost breakdown of the capital investment cost of the three selected configurations 665 

carried out considering Weiland and Carlson set of correlations and using both axial and radial correlation in case 666 

of Weiland reference. Despite the different cost share obtained with the different correlations, the range of 667 

calculated specific cost is relatively narrow and comparable among the three selected configurations. Specific cost 668 

is lower for SRC configuration that benefits from very compact heat exchangers which low cost is not totally 669 

balanced by the reduction of power output, on the contrary TSF configuration shows the highest specific cost 670 

because of the larger heat transfer area and the smaller turbine size. SRCB specific cost ranges between 1617 671 

$/kWel (Weiland with axial turbine) and 2223 $/kWel (Carlson): values of waste heat recovery ORC for the same 672 

range of power output are around 2000 €/kWel [67]. 673 

 674 

Table 7. Cost breakdown of the capital investment cost of SRC, SRCB and TSF configurations optimal design. 675 

 SRC SRCB TSF 

 
Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

Weiland 

(axial) 

Weiland 

(radial) 
Carlson 

PHE 1.27 1.27 1.27 1.02 1.02 1.02 3.34 3.34 3.34 

BHE - - - 0.80 0.80 0.80    

Turb1 0.57 2.09 3.57 0.64 2.47 4.11 0.48 1.65 2.92 

GB Turb 1 0.29 0.29 - 0.31 0.31 - 0.27 0.27 - 

Turb 2 - - - - - - 0.37 1.11 2.08 

GB Turb 2 - - - - - - 0.24 0.24 - 

Generator 0.33 0.33 - 0.37 0.37 - 0.36 0.36 - 

Compressor 1.71 1.71 3.02 1.82 1.82 3.41 1.74 1.74 3.14 

Motor comp 0.36 0.36 - 0.40 0.40 - 0.37 0.37 - 

Recuperator 0.98 0.98 0.66 2.05 2.05 1.65 - - - 

LTR - - - - - - 0.47 0.47 0.28 

HTR - - - - - - 1.34 1.34 0.97 

HRU 1.09 1.09 0.76 1.25 1.25 0.89 1.13 1.13 0.80 

Contingency 0.46 0.57 0.65 0.61 0.73 0.83 0.71 0.84 0.95 

Engineering 0.73 0.89 1.02 0.95 1.15 1.31 1.11 1.32 1.49 

Total IC 

[M$] 
7.78 9.58 10.95 10.20 12.36 14.03 11.95 14.21 15.97 

Specific cost 

[$/KW] 
1550.86 1908.45 2181.98 1616.89 1958.39 2223.29 1867.75 2220.94 2496.75 

 676 
  677 
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4 PART-LOAD METHODOLOGY 678 
The part load operation of a sCO2 system strongly depends on the cycle configuration and on the type of 679 

components installed. The part-load strategy usually aims at maximizing the plant performance while respecting 680 

a set of constraints on the components and on the sub-systems connected to the power block like the main 681 

industrial process upstream or possible thermal users downstream the WHR system. Real part-load operation 682 

inevitably refers to the direct control of some physical quantities of the system while the thermodynamic of the 683 

cycle spontaneously follows and adapts to the new operating condition. The numerical approach to part-load 684 

operation acts on different variables by imposing quantities that usually result from real plant operation (like 685 

components efficiency and temperature differences in heat exchangers) and by calculating quantities that are 686 

usually imposed in real plant (like the fluid inventory) but inevitably the final results must coincide. 687 

The power plant part-load strategy is briefly proposed below, then the numerical approach adopted in this work 688 

is presented to provide a full explanation of the methodology and of the algorithms employed. 689 

 690 

4.1 Real power plant part-load operation 691 
In a real power plant, the off-design operation strategy is strongly linked to system dynamic and control. When a 692 

variation of the boundary conditions occurs, the system goes through a controlled transient to ensure proper 693 

operation of the different components and to maximize the performance in the new steady-state operative 694 

condition. The study of the dynamic and the control of sCO2 power plants is beyond the scope of this paper, but 695 

the actions that can be reasonably done to control the system are listed below. This list of actions shall not be 696 

considered as a sequence of operation since all of them must be taken simultaneously. 697 

 Cooling water pump rotational speed is varied to control the inlet temperature at the main compressor. 698 

Considering the very low nominal minimum temperature of the cycle (2°C above the critical point) it is 699 

seems reasonable to control the cooling medium mass flow rate to keep the minimum cycle temperature 700 

equal to the nominal one1. Increasing this temperature, (i.e. reducing the cooling water mass flow rate) 701 

is generally detrimental from an efficiency perspective since it involves an increase of main compressor 702 

specific work due to the CO2 density reduction. On the other hand, reducing the main compressor inlet 703 

temperature (i.e. increasing the cooling water mass flow rate) may improve the efficiency of the system 704 

but it could possibly involve issues related to cavitation in the compressor due to vapor bubbles formation 705 

during fluid acceleration in the compressor distributor and stator [68].  706 

 Turbine is not controlled with rotational speed, Inlet Guide Vanes (IGV) or variable degree of admission, 707 

but it is its sliding pressure operative curve (i.e. corrected mass flow vs pressure ratio) which determines 708 

the cycle maximum pressure as function of turbine inlet temperature and mass flow rate. The use of a 709 

more complex turbine design provided with features that allow to vary the machine operative curve may 710 

help to reach higher efficiencies in part load but are not strictly recommended for sCO2 power plants. 711 

For TSF configuration the mass flow rate repartition between main and secondary turbine in part load 712 

can be different from the nominal value possibly resulting in different inlet pressures to the expanders. 713 

In this case the compressor outlet pressure is set equal to the highest value and control valves are required 714 

to guarantee a correct fluid repartition. 715 

 Main compressor volumetric mass flow rate is varied in order to obtain the desired turbine inlet 716 

temperature while for RRC and RRCB configurations the secondary compressor mass flow rate is varied 717 

in order to ensure a desired ΔTmix between the temperature of the streams at LTR and secondary 718 

compressor exit (T3a-T3b). 719 

 Both main and secondary compressor operating points are set acting on available control strategies (IGV 720 

aperture and/or rotational speed variation) in order to provide the desired mass flow rate at the correct 721 

pressure while maximizing compressor adiabatic efficiency within the component operative map. These 722 

features look particularly effective for WHR sCO2 power plants where the expected operative range is 723 

relatively wide [69]. Compressor operability is ensured by an anti-surge bypass loop which activates if 724 

the compressor operative point falls too close to the surge line.  725 

 Recuperator bypass and HTR bypass split ratio, for SRCB and RRCB respectively, are varied to ensure 726 

a desired ΔTmix between the streams at recuperator (REC or HTR) and BHE outlets (T3a-T3b for SRCB 727 

and T4a-T4b for RRCB). 728 

 Fluid inventory is varied in order to achieve a specific objective. Considering sliding pressure turbines, 729 

when CO2 mass flow rate is reduced also cycle maximum pressure decrease and, without an active control 730 

on fluid inventory, the minimum cycle pressure would increase to compensate the density reduction of 731 

gas in high pressure side of the cycle. The adoption of a pressurized CO2 storage vessel may allow to 732 

                                                           
1 Controlling the HRU operation measuring main compressor inlet temperature may lead to difficulties and system 

instability as small variations of temperature around the critical point, due to delay in response or measurements errors, 

result in dramatic variations of fluid density and thus in volumetric flow at compressor inlet. For this reason, a HRU control 

based on the direct measure of density at main compressor inlet with Coriolis mass flow and density meter looks more 

reliable [74]. 
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vary the CO2 mass in the system, freely vary the minimum pressure of the cycle. Fluid inventory can be 733 

varied in order to maximize plant performance or to satisfy a specific constraint like the need to control 734 

the flue gas minimum temperature due to downstream process specifications or because the need of 735 

avoiding acid condensation or fouling deposition on heat transfer surface. The CO2 inventory storage can 736 

be constituted by a system of small vessels in parallel in order to limit the safety risk and to maintain the 737 

storage pressure nearly constant independently of stored mass. The storage system can be designed to 738 

operate with a pressure between the actual cycle maximum and minimum pressure. In this manner it is 739 

possible to depressurize the system and store fluid opening a throttling valve on the high-pressure side 740 

of the plant towards the storage and increase the fluid inventory by opening a throttling valve towards 741 

the low-pressure side of the plant. Another option is to design the inventory storage with a pressure 742 

between saturation pressure at ambient temperature and critical pressure (57 bar-73.8 bar) in order to 743 

condensate the fluid mass removed from the cycle and store it in liquid phase with less issues regarding 744 

leakages, however in this case a pump is required to fill again the system. 745 

 746 

4.2 Numerical approach to part load operation 747 
The numerical part load analysis is carried out varying the flue gas mass flow rate coming from the main upstream 748 

process between 30-100% of the nominal value and by imposing a set of cycle parameters: some of them are kept 749 

constant for the whole part-load operation while others are varied in order to maximize plant performance or to 750 

satisfy a specific constraint. 751 

 Heat source maximum temperature (fixed): always equal to the design value thus neglecting variation of 752 

upstream main process gas cooling at part load condition. This assumption can be valid for a generic 753 

industrial or chemical process while it may not be accurate for gas turbine WHR since turbine outlet 754 

temperature can sensibly increase at part load as result of pressure ratio reduction and turbine efficiency 755 

decay, unless the gas turbine is controlled keeping the Turbine Outlet Temperature (TOT) constant 756 

[70][71]. 757 

 Cooling water minimum temperature (fixed): always equal to the design value according to the focus of 758 

this work on the part load analysis. Variation of minimum temperature of the cooling medium on nigh-759 

day and seasonal base can clearly affect system performance but the penalizing effect on annual energy 760 

yield can be rather limited when water cooled or wet and dry HRU solutions are adopted [57]. 761 

 Main compressor inlet temperature (fixed): always equal to the design value according to the need of 762 

exploiting real gas effects in main compressor without issues related to cavitation. 763 

 Temperature difference at mixing processes (fixed): always equal to zero in order to limit the 764 

irreversibility of the mixing process in SRCB, RRC and RRCB configurations. 765 

 Main compressor inlet pressure (varied): this parameter affects the cycle pressure ratio with consequent 766 

effect on turbine and compressors operating point and it can be varied in order to maximize the cycle 767 

efficiency or to match a specific constraint. An example can be the need of keeping the minimum flue 768 

gas temperature at PHE/BHE outlet above a certain threshold. 769 

 Turbine inlet temperature (varied): this parameter can be set constant or varied in part load in order to 770 

maximize plant performance. For example, a reduction of the TIT at part load could lead to an increase 771 

in the power output if the benefit related to the increase of CO2 mass flow rate outweighs the detrimental 772 

effect related to the reduction of the turbine specific power. 773 

 774 

Once the aforementioned parameters are set, the steady-state part load operating condition is obtained by solving 775 

a system of nonlinear equations each one representing the part load behavior of a component in the system (system 776 

constraints in Table 8). Table 8 also reports the selected closing variables of the off-design problem, namely those 777 

quantities, unknown a priori, that are varied by the solving algorithm in order to verify system constraints. Once 778 

the off-design problem is solved, the power output is computed and the fluid inventory variation within the system 779 

is calculated knowing the internal volume of each component, the connecting piping volume and the 780 

thermodynamic conditions of sCO2. Table 8 only refers to the SRCB configuration which is the one selected for 781 

part load operation detailed analysis. Figure 2.b depicts the flow diagram for the SRCB part load analysis: only 782 

the first four closing variables and system constraints (referred to heat exchangers constant area) are reported in 783 

the diagram while the other ones (referred to pressure drops and turbomachinery efficiency) are omitted for sake 784 

of clarity. 785 

 786 

 787 

 788 

 789 

 790 

 791 
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Table 8. Numerical constraints and closing variable for the system of non-linear equations representing the part 792 

load (pl) numerical problem for the SRCB configuration. * labels closing variables directly handled by the 793 

solving numerical algorithm. 794 

SRCB 

System constraint Closing variable 

𝐴𝐻𝑅𝑈
𝑝𝑙

= 𝐴𝐻𝑅𝑈
𝑑𝑒𝑠  ∆𝑇𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑤𝑎𝑡𝑒𝑟

𝑝𝑙−(∗)
 

𝐴𝑅𝐸𝐶
𝑝𝑙

= 𝐴𝑅𝐸𝐶
𝑑𝑒𝑠  ∆𝑇𝑐𝑜𝑙𝑑 𝑒𝑛𝑑 𝑅𝐸𝐶

𝑝𝑙−(∗)
 

𝐴𝐵𝐻𝐸
𝑝𝑙

= 𝐴𝐵𝐻𝐸
𝑑𝑒𝑠  ∆𝑇ℎ𝑜𝑡 𝑒𝑛𝑑 𝑅𝐸𝐶

𝑝𝑙−(∗)
 

𝐴𝑃𝐻𝐸
𝑝𝑙

= 𝐴𝑃𝐻𝐸
𝑑𝑒𝑠  𝑝𝑚𝑎𝑥

𝑝𝑙−(∗)
 

∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑅𝐸𝐶,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−(∗)

= ∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑅𝐸𝐶,ℎ𝑜𝑡
𝑝𝑙−(∗)

 

∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝐵𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

= ∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝑃𝐻𝐸,𝑐𝑜𝑙𝑑
𝑝𝑙−(∗)

 

∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−(∗)

= ∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−𝑐𝑎𝑙𝑐

 ∆𝑝𝐻𝑅𝑈,ℎ𝑜𝑡
𝑝𝑙−(∗)

 

𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−(∗)

= 𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−𝑐𝑎𝑙𝑐

 𝜂𝑚𝑎𝑖𝑛 𝑐𝑜𝑚𝑝
𝑝𝑙−(∗)

 

𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−(∗)

= 𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−𝑐𝑎𝑙𝑐

 𝜂𝑡𝑢𝑟𝑏𝑖𝑛𝑒
𝑝𝑙−(∗)

 

 795 

As reported in Table 8, main closing variables are the temperature differences in the recuperators that are varied 796 

in order to match the calculated heat transfer area in part load (pl) operation with the design value (des). Off design 797 

heat transfer area of each heat exchanger is imposed equal to the design value and calculated considering the same 798 

discretization of the component in order to catch local variations of thermodynamic properties as reported in Eq. 799 

5 and Eq. 6. 800 

Pressure drops and heat transfer coefficients on the CO2 side are computed by adopting the same correlations used 801 

for the cycle design using the average stream properties in each heat exchanger subsection; for flue gas and cooling 802 

water, Eq. 7 and Eq. 8 are used for pressure drops and heat transfer coefficients respectively [72]. As CO2 side 803 

pressure drops directly affect fluid thermodynamic and transport properties, thus influencing both the heat 804 

exchanger duty and the heat transfer coefficients, from the numerical stability point of view it is preferable to 805 

include them as closing variables and constraints in the system of equations representative of the off-design 806 

problem as reported in Table 8.  807 

 808 

∆𝑝𝑝𝑙 = ∆𝑝𝑑𝑒𝑠 (
𝜌𝑑𝑒𝑠
𝜌𝑝𝑙

) (
𝑚̇𝑝𝑙

𝑚̇𝑑𝑒𝑠

)
2

 Eq. 7 

ℎ𝑡𝑐𝑋,𝑝𝑙 = ℎ𝑡𝑐𝑋,𝑑𝑒𝑠 (
𝑚̇𝑋,𝑝𝑙

𝑚̇𝑋,𝑑𝑒𝑠
)

𝛼

      with {
  𝑋 = 𝑔𝑎𝑠          𝛼 = 0.6
  𝑋 = 𝑤𝑎𝑡𝑒𝑟     𝛼 = 0.8

 Eq. 8 

 809 

Turbomachinery design can be assumed coherent with the design proposed by Baker Hughes General Electric 810 

(BHGE) in the framework of sCO2-Flex project [29] adopting the following design criteria and off design 811 

performances. 812 

Both main and secondary compressor are designed as multistage centrifugal compressors, each one mounted on a 813 

dedicated high-speed shaft driven by a variable speed electrical motor. In addition, compressors are provided by 814 

Inlet Guide Vanes (IGV) which are close to fully open position in nominal condition. Compressors efficiency 815 

variation at part-load is evaluated as function of normalized volumetric flow rate and normalized enthalpy rise 816 

ratios with respect to the nominal values, adopting dimensionless operative maps provided by BHGE [73].  817 

Compressors maps have been developed considering the possibility to act on both shaft rotational speed and IGV 818 

aperture in order to maximize the compressor efficiency for any operating condition. Main compressor map is 819 

reported in Figure 7 highlighting the iso-efficiency levels. 820 

In part load conditions the compressor can be operated in a high efficiency region down to low volumetric flow 821 

rates by contextually reducing the cycle pressure ratio and controlling the compressor mainly through speed 822 

variation and adjusting the IGV aperture only when rotational speed is close to lower or upper limit. However, if 823 

the variation of enthalpy head is too high, the operative point moves towards the choked flow region characterized 824 

by low turbomachinery performance (path A). On the contrary, if the enthalpy head remains fairly constant at part 825 

load, the compressor operative point approaches the surge line and the surge safety limit computed considering a 826 

10% margin with respect to the volumetric flow rate that causes an incipient surge condition for a given enthalpy 827 

head. If the volumetric flow rate falls below this limit, the anti-surge loop is activated to maintain a proper 828 

compressor inlet volumetric flow rate and avoid instability issues (path B). When compressor anti-surge bypass 829 
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is activated, a fraction of CO2 mass flow rate is recirculated from the outlet of the compressor, throttled down to 830 

cycle minimum pressure and cooled in order to keep compressor inlet conditions unchanged. 831 

The power plant HRU is used to cool down the main compressor bypass while an additional gas cooler is employed 832 

for the secondary compressor bypass for both RRC and RRCB cases. As result, the compressor elaborates a mass 833 

flow rate higher than the one required by the system, leading to an increase of the power plant internal 834 

consumption, HRU auxiliary consumptions and eventually involving a penalization of the plant overall efficiency. 835 

The compressors antisurge loops are depicted in green in Figure 1. 836 

The expander is designed as a full admission axial turbine, mounted on a high-speed shaft according to the very 837 

high machine power density and the small turbine diameter. High speed shaft is eventually connected through a 838 

gearbox to the 3000 RPM generator shaft. 839 

Turbine part load operative curve and off design performance is derived from BHGE calculations carried out in 840 

the frame of sCO2-Flex project [29]. Raw data on corrected mass flow rate and efficiency as function of the 841 

turbine pressure ratio (at fixed outlet pressure) have been normalized with respect to nominal quantities. Then the 842 

turbine off-design behavior has been implemented as the normalized corrected mass flow rate and the normalized 843 

efficiency (Figure 7.b) against the normalized load coefficient (Eq. 9) which is proportional to the normalized 844 

enthalpy drop for a fixed rotational speed turbine. Part load isentropic turbine efficiency remains fairly constant 845 

until the pressure ratio is above half of the critical value. Compressors and the turbine efficiencies affect the 846 

thermodynamic of the cycle and, as for the heat exchanger pressure drops, it is preferable to include them as 847 

unknown quantities in the system of equations representing the off-design problem as reported in Table 8. 848 

 849 

𝑘𝑖𝑠∗ =
∆ℎ𝑖𝑠

𝑝𝑙

∆ℎ𝑖𝑠
𝑑𝑒𝑠
(
𝑢𝑖𝑠
𝑑𝑒𝑠

𝑢𝑖𝑠
𝑝𝑙
)

2

 Eq. 9 

 850 

 851 

  
(a) (b) 

Figure 7. Normalized operative map of main compressor (a) and normalized operative curve of the turbine (b) 852 

(normalized corrected mass flow rate (red) and the normalized efficiency (blue) vs. the normalized load 853 

coefficient). 854 
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5. PART-LOAD RESULTS 857 
Part load analysis is carried out only for the SRCB configuration which represents a good compromise between 858 

design efficiency, system complexity and specific cost. Different part-load cycle operation strategies can be 859 

implemented in order to optimize the power production and/or to meet specific operational constraints. Two main 860 

parameters have been identified as optimization variables in part-load strategy definition namely the compressor 861 

inlet pressure, i.e. the cycle minimum pressure, and the turbine inlet temperature, i.e. the cycle maximum 862 

temperature. In addition, two main part-load operation constraints can be identified: the first one is related to the 863 

minimum stack temperature to be respected in order to avoid acid condenses while the second one is related to 864 

the inventory variation that can be imposed equal to zero to simulate a totally sealed cycle without the need of 865 

CO2 storage vessel. No additional constraint is introduced to limit the maximum cycle pressure to the design value 866 

(250 bar), anyhow, the maximum value obtained in all the investigated cases is 256 bar which should not entail 867 

any safety issue. 868 

Table 9 summarizes the different investigated strategies: strategies from S1 to S3 are obtained through CO2 869 

inventory change while strategies S4 and S5 with fixed CO2 mass within the cycle. The activation of a specific 870 

strategy constraint involves an additional closing variable: as result one strategy control variable must be 871 

calculated to satisfy the additional constraint instead of being varied with the aim at maximizing power output. 872 

Maximum flue gas temperature, minimum coolant temperature and compressor inlet temperature are constant and 873 

equal to the nominal value while performance are calculated by varying the flue gas mass flow rate from 100% 874 

down to 30%. 875 

 876 

Table 9. Summary of the different investigated part-load operation strategies. 877 

Strategy 

Strategy control variables Strategy constraints 

Turbine inlet 

temperature 

Compressor inlet 

pressure 

Minimum stack 

temperature 

Constant inventory 

S1 Equal to nominal Equal to nominal Not active Not active 

S2 optimized optimized Not active Not active 

S3 optimized calculated Active Not active 

S4 optimized calculated Not active Active 

S5 calculated calculated Active Active 

 878 

5.1 Part-load of cycles with CO2 storage vessel 879 
With reference to Table 9, three different strategies (S1-S2-S3) can be identified for plants that can implement 880 

inventory variation. Figure 8 reports the trends of the most relevant quantities as function of the flue gas mass 881 

flow rate: cycle maximum pressure and cycle minimum pressure (Figure 8.a), turbine inlet temperature and stack 882 

temperature (Figure 8.b), heat recovery factor and difference against S1 strategy (Figure 8.c), cycle 883 

thermodynamic efficiency and difference against S1 strategy (Figure 8.d), net power output and difference against 884 

S1 strategy (Figure 8.e), cycle pressure ratio and fluid inventory variation (Figure 8.f).  885 

 Strategy S1 is the simplest one, it does not include any optimization in order to maximize power output 886 

and it is reported here as term of comparison: both maximum temperature and cycle minimum pressure 887 

are not varied from nominal condition with the aim of not penalizing turbine power output and keeping 888 

the main compressor inlet condition in a region with marked real gas effects. Reducing the flue gas mass 889 

flow rate, the cycle maximum pressure decreases (from 250 bar to slightly below 135 bar at minimum 890 

load, Figure 8.a) because of the sliding pressure operation of the turbine leading to a reduction of the 891 

cycle pressure ratio (Figure 8.f) from 3.13 to 1.67 with a consequent penalization of the thermodynamic 892 

cycle efficiency (Figure 8.d). Moreover, main compressor outlet temperature decreases while turbine 893 

outlet temperature increases enhancing the internal heat recovery process. Recuperator is oversized at 894 

part-load operation as it features a thermal duty lower than the nominal one leading to an increase in heat 895 

transfer effectiveness, partially balancing the detrimental effect caused by the reduction of pressure ratio 896 

on the cycle thermodynamic efficiency. For this reason, cycle thermodynamic efficiency (Figure 8.d) is 897 

above the nominal value for flue gas mass flow rates between 85% and 100% and below the nominal one 898 

for normalized flue gas mass flow rate values below 85%: at minimum load thermodynamic cycle 899 

efficiency loss is around 6.2 points. The reduced flue gas and working fluid mass flow rates involve also 900 

a higher effectiveness of PHE and BHE which operate with lower average temperature differences, 901 

involving a reduction of stack temperature (Figure 8.b) and thus a heat recovery factor higher than 100% 902 

(Figure 8.c). Minimum stack temperature is around 139°C for a flue gas mass flow rate equal to 43% of 903 

the nominal one. This aspect must be carefully considered in case of the presence of a minimum stack 904 

temperature limit due to acid condenses formation or requirements of downstream processes (other 905 

industrial heat use or flue gas treatment section). Power output (Figure 8.e) always decreases with a trend 906 

which is determined by both heat recovery factor and cycle thermodynamic efficiency trends in part load. 907 

Fluid inventory (Figure 8.f) is progressively reduced because of the lower cycle maximum pressure with 908 
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a minimum value at the minimum flue gas mass flow rate corresponding to -21% (-470 kgCO2) of fluid 909 

inventory with respect to the inventory in nominal conditions. 910 

 Strategy S2 aims at optimizing cycle power output by varying both minimum pressure (compressor inlet) 911 

and maximum cycle temperature (turbine inlet). Figure 9.a depicts the trend of power output variation 912 

against strategy S1 attainable by the adoption of different cycle maximum temperatures and by 913 

optimizing the cycle minimum pressure (Figure 9.b) at all times. Results show that in part-load it is 914 

always convenient to reduce both the cycle minimum pressure and maximum temperature in order to 915 

increase the main compressor volume flow rate and to limit the reduction of cycle pressure ratio. Only 916 

the optimal results of strategy S2, namely the envelope of iso-maximum temperature lines of Figure 9, 917 

are reported in Figure 8. By optimizing both the cycle maximum temperature and minimum pressure it 918 

is possible to increase the plant power output with respect to S1 strategy for any value of flue gas mass 919 

flow rate. For nominal flue gas mass flow rate, it is possible to increase the power output of 25 kWel 920 

(Figure 8.e) thanks to the adoption of a slightly higher maximum pressure (255.8 bar vs. 250 bar) (Figure 921 

8.a), a higher minimum pressure (81.7 bar vs. 79.9 bar) (Figure 8.a) and a lower cycle maximum 922 

temperature (400.3°C vs. 411.2°C) (Figure 8.b) while keeping nearly the same pressure ratio (Figure 923 

8.b). As result, the cycle thermodynamic efficiency decreases (-0.4%) (Figure 8.d) while the heat 924 

recovery factor increases at 101.9% with a consequent slightly positive effect on power output. For a flue 925 

gas mass flow rate lower than the nominal one, it is convenient to reduce both cycle minimum pressure 926 

(Figure 8.a) and cycle maximum temperature (Figure 8.b) which are 77.0 bar and 378.1°C respectively 927 

at minimum load. In this manner it is possible to operate the compressor in a region of high efficiency 928 

and to further reduce the stack temperature with a minimum value of 125.9°C (Figure 8.b). At minimum 929 

load the power output is around 93 kWel higher with respect to S1 strategy. Plant CO2 inventory is higher 930 

than strategy S1 for flue gas mass flow rates above 50% of the nominal one and lower (-692 kgCO2 with 931 

respect to nominal baseline fluid inventory) at minimum load. 932 

 Strategy S3 aims at optimizing the power output at any load also respecting the constraint of a minimum 933 

stack temperature equal to the nominal value (Figure 8.a). Only cycle maximum temperature is optimized 934 

while cycle minimum pressure is calculated in order to respect the stack temperature constraint2. Heat 935 

recovery factor (Figure 8.c) is always equal to the nominal value (100%) and the overall plant efficiency 936 

is thus equal to the cycle thermodynamic efficiency (Figure 8.d). Since the algorithm cannot further 937 

reduce the flue gas stack temperature, it pushes the cycle thermodynamic efficiency at the maximum 938 

attainable with values that are always higher than the ones found both with S1 and S2 strategies. It should 939 

be mentioned that for a nominal flue gas mass flow rate the cycle operation differs from design point 940 

because the optimization algorithm slightly increases both the maximum cycle temperature (413.0°C vs. 941 

411.2°C) (Figure 8.b) and the cycle minimum pressure (81.3 bar vs. 79.9 bar) (Figure 8.a) with respect 942 

to the nominal values in order to get a power output increment lower than 1 kWel thanks to a slightly 943 

higher compressor efficiency: this solution proves the capability of the optimization procedure but also 944 

highlights that very similar values of net power output can be obtained with different combinations of 945 

cycle maximum temperature and minimum pressure. Cycle maximum pressure (Figure 8.a) decreases at 946 

lower flue gas mass flow rates with a trend similar to both strategies S1 and S2 while cycle minimum 947 

pressure is always below the one of case S2 and higher than the nominal one only for flue gas mass flow 948 

rates above 91% of the nominal one. Power output (Figure 8.e) is lower than the nominal for flue gas 949 

mass flow rates between 48% and 100% of the nominal one (with a maximum difference of -28 kWel) 950 

but reaches similar values of S2 strategy at minimum load, performing better than S1 strategy (+85 kWel). 951 

 952 

 953 

 954 

 955 

                                                           
2 The same result can be obtained by optimizing cycle minimum pressure and calculating the cycle maximum 

temperature. 
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(a) (b) (c) 

   
(d) (e) (f) 

Figure 8. Trend of cycle maximum pressure and cycle minimum pressure (a), turbine inlet temperature and 956 

stack temperature (b), heat recovery factor (c), cycle thermodynamic efficiency (d), net power output (e), cycle 957 

pressure ratio and fluid inventory variation (f) against normalized flue gas mass flow rate for the strategy S1, S2 958 

and S3. 959 

 960 

  
(a) (b) 

Figure 9. (a) Net power output variation with respect to S1 strategy attainable by varying cycle maximum 961 

temperatures and optimizing cycle minimum pressure at all times, (b) corresponding optimal compressor inlet 962 

pressure for the different cycle maximum temperatures. 963 

 964 

Figure 10.a reports the main compressor operative points path on the compressor map for strategies S1, S2 and 965 

S3: each marker represents a 10% reduction of normalized flue gas mass flow rate, ranging from 100% to 30%. 966 

It is possible to highlight that the main compressor operative points for the three operating strategies are almost 967 

overlapped in the 100%-60% range, while, for further reductions of flue gas mass flow rates, S1 path drifts away 968 

from S2 and S3 paths approaching the lower limit of the compressor operative map and getting close to anti-surge 969 

limit. S2 and S3 strategies, tuning the cycle minimum pressure, allow to increase the cycle pressure ratio keeping 970 
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the main compressor operative point closer to nominal one, leading to a lower turbine efficiency penalization 971 

(Figure 10.b). 972 

  
(a) (b) 

Figure 10. a) S1, S2 and S3 strategies main compressor operative points and b) turbine efficiency in the range 973 

100%-30% normalized flue gas mass flow rate. 974 

 975 

5.2 Part-load of cycles without CO2 storage vessel 976 
Inventory variation involves an inevitable increase of system complexity and its control represents a non-trivial 977 

challenge because of the transients related to charging and discharging operation of the carbon dioxide vessels. 978 

Moreover, considering the relatively small size of WHR applications in industrial facilities and the need of ease 979 

installation and simplicity of operation, the possibility to design a totally sealed system that does not require 980 

inventory variation during part load looks particularly attractive. Results are shown in Figure 11 comparing the 981 

results of the two proposed constant inventory strategies (S4 and S5) against the corresponding variable CO2 982 

inventory strategy: namely S4 against S2 (both without active constraint on minimum stack temperature) and S5 983 

against S3 (both with active constraint on minimum stack temperature). Strategy S4 aims at maximizing plant 984 

power output through optimization of cycle maximum temperature while keeping constant the fluid inventory by 985 

variation of cycle minimum pressure. On the contrary, strategy S5 aims at keeping the inventory constant and the 986 

stack minimum temperature above the nominal value: as a consequence, both cycle maximum temperature and 987 

cycle minimum pressure are computed to satisfy these constraints and power output cannot be maximized. Main 988 

compressor operative points and turbine efficiency values as function of normalized flue gas mass flow rate are 989 

reported in Figure 12. Considerations common to both strategies regard the trend of cycle minimum pressure 990 

(Figure 11.a) which increases at part load given the need to compensate the fluid density reduction on high 991 

pressure side of the cycle due to the sliding pressure operation of the turbine. As result, cycle pressure ratio (Figure 992 

11.f) decreases more than in variable inventory strategies (S1-S3) leading to main compressor operative point 993 

very close to map lower bound with a penalization of compressor efficiency (Figure 12.a) and a larger drop of 994 

turbine efficiency (Figure 12.b) with respect to strategies S1-S3. The effect is more marked for S5 strategy due to 995 

the need of limiting the stack temperature variation (Figure 11.b) which involves a higher cycle maximum 996 

temperature (Figure 11.b) and consequently a higher cycle minimum pressure. On the contrary, S4 strategy is 997 

optimized by decreasing the cycle maximum temperature and the stack temperature, thus leading to a heat 998 

recovery factor greater than 100% (Figure 11.c). Imposing a constant CO2 inventory strongly penalizes cycle 999 

thermodynamic efficiency3 (Figure 11.d) because of the stronger reduction of pressure ratio and turbomachinery 1000 

efficiencies: performance are fairly constant down to 75% of normalized flue gas mass flow rate while at minimum 1001 

load the plant efficiency results to be 18.3%, equivalent to a drop of around 9.1 percentage points with respect to 1002 

the nominal case (-33% on relative base). From the point of view of net electric power output (figure 11.e) both 1003 

S4 and S5 strategies are penalized with a maximum loss of net power output equal to 124 kWel (-7.8%) and 347 1004 

kWel (-15.2%) for S4 and S5 strategies respectively when compared to S2 and S3 strategies. 1005 

 1006 

                                                           
3 For S5 strategy, this parameter is proportional to system efficiency because of constant heat recovery factor. 
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(a) (b) (c) 

   
(d) (e) (f) 

Figure 11. Trend of cycle maximum pressure and cycle minimum pressure (a), turbine inlet temperature and 1007 

stack temperature (b), heat recovery factor (c), cycle thermodynamic efficiency (d), net power output (e), cycle 1008 

pressure ratio (f) against normalized flue gas mass flow rate for the strategy S4 and S5. 1009 

 1010 

  
(a) (b) 

Figure 12. S4 and S5 strategies main compressor operative points (a) and turbine efficiency (b) in the range 1011 

100%-30% normalized flue gas mass flow rate. 1012 

 1013 

5.3 Final comparison 1014 
Among the five proposed part load strategies, S3 and S5 have been selected as the most relevant ones as they 1015 

respect the minimum stack temperature limit, avoiding an excessive cooling of the flue gases at part load. Figure 1016 

13 depicts the temperature-specific entropy diagrams for S3 and S5 strategies at 70%, 50% and 30% of normalized 1017 

flue gas mass flow rate. It is possible to appreciate the fact that both strategies keep the cycle maximum 1018 

temperature close to the nominal one while cycle minimum pressure is higher for S5 strategy pushing main 1019 

compressor inlet condition to the left of the critical point. Finally, Table 10 reports the main results for S3 and S5 1020 

strategies at different normalized flue gas mass flow rates: it is possible to appreciate that, even if plant efficiency 1021 

is fairly similar for both strategies (∆ηplant=1.3%) down to 70% normalized flue gas mass flow rate, at minimum 1022 
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load the adoption of a constant CO2 inventory strongly penalizes the plant efficiency which for S5 strategy results 1023 

4.7% points lower than for S3 strategy (-20% on relative base). 1024 

Figure 14 reports the breakdown of CO2 inventory variation within the plant components against normalized flue 1025 

gas mass flow rate for strategies S3 and S5. It is possible to highlight that for strategy S3 both maximum and 1026 

minimum pressures decrease leading to a homogeneous reduction of fluid inventory in all the plant components. 1027 

At minimum load about one-third of the overall CO2 inventory needs to be stored in an external CO2 vessel.  1028 

On the contrary, in strategy S5, as no external CO2 vessel is considered, the cycle maximum pressure reduction 1029 

due to the turbine sliding pressure operation involves a shift of the CO2 from the high-pressure side components 1030 

(cold side REC, BHE, PHE, and piping to/from PHE) to the low-pressure side components (hot side REC, HRU 1031 

and piping to/from HRU) of the plant. The higher amount of CO2 can fit in the low-pressure side of the system 1032 

thanks to the reduced average temperature of the HRU and thanks to the increase of the minimum cycle pressure. 1033 

 1034 

   
(a) (b) (c) 

Figure 13. Comparison between optimized Ts diagrams of constant stack temperature S3 (variable inventory) 1035 

and S5 (constant inventory) strategies for 70% (a), 50% (b), and 30% (c) normalized flue gas mass flow rate. 1036 

 1037 

Table 10. main results for S3 and S5 strategies at different normalized flue gas mass flow rates. 1038 

 S3 strategy S5 strategy 

Normalized flue gas mass flue rate [%] 90.0% 70.0% 50.0% 30.0% 90.0% 70.0% 50.0% 30.0% 

Normalized electric power output [%] 90.9% 70.7% 48.4% 25.1% 90.3% 67.3% 43.2% 20.0% 

Plant efficiency [%] 27.7% 27.7% 26.5% 23.0% 27.5% 26.4% 23.7% 18.3% 

Gross power output [MW] 5.81 4.49 3.06 1.59 5.76 4.26 2.73 1.26 

HRU consumption [MW] 0.07 0.03 0.01 0.00 0.06 0.01 0.00 0.00 

Net power output [MW] 5.74 4.46 3.05 1.58 5.70 4.25 2.72 1.26 

Turbine inlet temperature [°C] 414.93 417.96 415.24 393.18 417.90 424.02 424.48 418.77 

Maximum cycle pressure [bar] 233.64 201.20 169.04 138.16 234.94 208.52 182.48 153.16 

Minimum cycle pressure [bar] 79.69 78.29 77.51 76.78 83.00 90.00 96.85 102.50 

Compressor pressure ratio [-] 2.93 2.57 2.18 1.80 2.83 2.32 1.88 1.49 

Turbine isentropic efficiency [%] 85.0% 84.9% 84.0% 80.4% 85.0% 84.5% 82.2% 76.1% 

Compressor isentropic efficiency [%] 80.2% 80.1% 80.0% 79.5% 80.2% 80.0% 80.0% 79.1% 

Inventory variation [kg] -87.05 -303.03 -521.29 -788.99 0.00 0.00 0.00 0.00 

Inventory variation [%] -3.8% -13.3% -22.9% -34.7% 0.0% 0.0% 0.0% 0.0% 

 1039 
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(a) (b) 

Figure 14. Breakdown of CO2 inventory variation within the plant components against normalized flue gas 1040 

mass flow rate for strategy S3 (a) and S5 (b). For S3 strategy (a) the difference between actual CO2 inventory 1041 

and nominal fluid inventory correspond to the CO2 mass sent to the storage. 1042 

 1043 

  1044 
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6. CONCLUSIONS 1045 
In this work the numerical optimization of sCO2 power plants for a WHR application has been performed and the 1046 

best control strategies in part load operation have been identified. Assuming as heat source a flue gas stream of 1047 

50 kg/s at 550°C with a minimum stack temperature of 150°C, a preliminary sizing heat exchanger and the 1048 

definition of turbomachinery main parameters has been also carried out, as well as an analysis on the system 1049 

investment cost. The main outcome of the study is that sCO2 cycles are a viable technical solution for industrial 1050 

waste heat recovery applications showing nominal efficiencies higher than ORC, comparable plant specific costs 1051 

and nearly stable part-load performance down to 50% of the thermal input. More detailed conclusions can be 1052 

listed referring to design and part-load results. 1053 

 1054 

Conclusions on cycle design optimization 1055 

 Not all the cycle configurations are appropriate for WHR applications. In particular, recompressed 1056 

cycles, due to their effective internal heat recovery, show a poor utilization of the heat source and thus a 1057 

lower overall plant efficiency. 1058 

 Cycle minimum pressure needs to be optimized for any operating conditions according to the 1059 

assumptions on all the other cycle parameters. As a general observation, the variation of the optimal 1060 

cycle minimum pressure between the different configurations is rather limited in order to allow the 1061 

operation of the main compressor in the proximity of the CO2 critical point in order to benefit from the 1062 

consequent marked real gas effects. 1063 

 Sensitivity analysis demonstrates that optimal turbine inlet temperature can be significantly lower than 1064 

the maximum allowable cycle temperature: in most of the cycles it is convenient to reduce this parameter 1065 

in order to improve waste heat utilization, while for the TSF configuration the cycle maximum 1066 

temperature is pushed to the upper bound as this does not limit the heat recovery factor. 1067 

 Adopting the minimum allowable pinch point temperature difference in the recuperators and minimizing 1068 

the temperature difference at mixing processes is generally correct unless it leads to a poor exploitation 1069 

of the heat source. This is the case for the recompressed RRC and the RRCB configurations which 1070 

optimization collapse towards SRC and SRCB configurations respectively when those quantities are 1071 

optimized. 1072 

 The three best cycle configurations are the SRC, the SRCB and TSF. Overall plant efficiency of SRCB 1073 

and TSF is relatively similar (around 27.5%) but the first one can benefit from the adoption of a single 1074 

turbine, a more compact heat exchangers design and eventually a lower system specific cost. The plant 1075 

efficiency of the SRC configuration (22%) is significantly lower than the one of SRCB but also allow 1076 

for lower Capex investment. 1077 

 At a similar plant specific cost, sCO2 power plants can reach a higher overall conversion efficiency with 1078 

respect to ORCs, as organic compounds feature a limited maximum allowable temperature due to thermal 1079 

stability and decomposition issues. 1080 

 1081 

Conclusions on cycle part load analysis 1082 

 Different part load strategies can be implemented depending on the equipment installed in the system 1083 

and on the choice of part-load active constraints. In particular both variable and constant inventory 1084 

systems are analyzed. 1085 

 Best result is obtained by optimizing at each part-load condition both the cycle minimum pressure and 1086 

the cycle maximum temperature by actively controlling the cycle inventory. Imposing a limit in heat 1087 

source minimum temperature (in order to avoid condensed formation or because specific needs of 1088 

downstream processes) involves a very little penalization of the power output and thus is a viable option 1089 

in industrial field. 1090 

 The use of an external CO2 storage vessel and thus the possibility of varying the CO2 inventory in the 1091 

cycle components has a positive impact on part-load system performance. In particular at low flue gas 1092 

mass flow rates (30% of nominal one), an increase of power output equal to 20% can be attained with 1093 

respect to constant inventory strategies. 1094 

 Totally sealed cycles with constant inventory can be attractive thanks to their easiness of installation and 1095 

operation but are more penalized in part-load due to the increase of cycle minimum pressure and the 1096 

marked reduction of cycle pressure ratio. However, they can operate with nearly constant efficiency for 1097 

industrial processes characterized by rather high minimum load (>75%) 1098 

 1099 

Future works 1100 
Future steps of the present research will focus on the techno-economic optimization of different cycle 1101 

configurations and fixed Capex comparison among different cycle architectures. Moreover, the analysis will be 1102 

extended to different type of waste heat recovery applications, as well as on a deeper comparison with state-of-art 1103 

technologies for the conversion of these sources. 1104 

  1105 
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NOMENCLATURE1106 

Symbols 

A Area (m2) 

cp Specific heat capacity (J/kgK) 

d Diameter (m) 

h Specific enthalpy (kJ/kg) 

htc Heat transfer coefficient (W/m2K) 

k Thermal conductivity (W/mK) 

ṁ Mass flow rate (kg/s) 

mln Logarithmic mean 

p Pressure (bar) 

PR Pressure ratio 

Q̇ Thermal power (W) 

s Specific entropy (kJ/kgK) 

SP Size parameter (m) 

T Temperature (°C) 

U Overall heat transfer coefficient (W/m2K) 

V Volumetric flow rate (m3/s) 

Vr Volumetric ratio 

u peripheral blade speed (m/s) 

Ẇ Power (W) 

Z Compressibility factor 

η Efficiency (%) 

𝜒 Heat recovery factor (%)

 

Acronyms 

APH   Air Preheater 

BHE  Bypass Heat Exchanger 

CSP  Concentrating Solar Power 

GB   Gearbox 

HRU  Heat Rejection Unit 

HTR  High Temperature Recuperator 

HTRB High Temperature Recuperator 

Bypass 

HX  Heat Exchanger 

IGV  Inlet Guide Vanes 

LTR  Low Temperature Recuperator 

ORC  Organic Rankine Cycle 

PCHE  Printed Circuit Heat Exchanger 

PHE  Primary Heat Exchanger 

REC  Recuperator 

RRC  Recompressed Recuperated Cycle 

RRCB Recompressed Recuperated Cycle 

with HTR bypass 

sCO2  Supercritical CO2 

S&T   Shell &Tube 

SR  Split Ratio 

SRC  Simple Recuperated Cycle 

SRCB Simple Recuperated Cycle with 

Recuperator Bypass 

TIT  Turbine Inlet Temperature 

TOT  Turbine Outlet Temperature 

TSF  Turbine Split Flow Cycle 

WHR  Waste Heat Recovery
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