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ABSTRACT

Low-medium temperature heat sources in the range 5—50 MW, are made available by many industrial fields but they may also be of interest for biomass,
geothermal and solar energy applications. ORC has been proposed in the last 20 years as a reliable solution for the exploitation of these energy sources
since the alternative represented by steam cycles leads to an inefficient conversion of such small available thermal powers. However, the use of organic
fluids involves a number of safety and environmental issues, either related to fluid flammability (for hydrocarbons) or to their high Global Warming
Potential (for halogenated fluids), and of limitations to the achievable cycle maximum temperature, due to fluids thermal decomposition. To overcome
these limitations, in recent years CO-based transcritical and su-percritical cycles have been proposed as a viable option for this kind of applications. The
present work aims to present a comparison between four CO, cycle configurations and four ORC layouts using a working fluid selected from 47
candidates. The final result is a set of performance maps that allow for an easy selection of the best solution for applications exploiting low-medium

temperature heat sources.
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1. Introduction

Among closed-cycle power plants the steam Rankine cycle plays
a dominant role in large-scale stationary power generation. This
power plant is widely used worldwide in different configurations
depending on the heat source, the maximum attainable tempera-
ture and the thermal power availability. Ultra-Super Critical (USC)
and future AUSC (advanced USC) are the most efficient solution and
are commonly adopted for large scale (up to 1 GW) fossil fuel based
applications [1,2]. Indeed, high performances are achieved by the
use of steam at very high pressure (300 bar) and temperature
(620 °C), which involves the use of expensive materials and justify
the convenient application of these cycles to high-temperature and
large-scale applications. To recover lower temperature heat sources
represented for example by hot gases discharged by gas turbines
(450 °C - 600 °C), subcritical superheated steam cycles without
feed-water preheating represent a common solution. Improved
results can be achieved adopting two or three evaporation levels
plus vapor reheating as for combined cycles at the state-of-the art
[3]. Subcritical steam plants are also used in large scale CSP
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(Concentrating Solar Power) applications based on either parabolic
trough [4] or solar tower system [5—7]. Those adopt an opportune
high temperature oil (390 °C) or molten salt (565 °C) [8] as Heat
Transfer Fluid (HTF) in the solar field and in the storage system.
Finally, saturated steam cycles with maximum temperature around
300 °C are commonly used in nuclear plants in both BWR and PWR
(Boiling and Pressurized Water Reactors) configurations [9]. All the
steam cycle applications mentioned above concern the exploitation
of medium-high power grades (50 MW—1.5 GW).

By contrast, the low efficiency of steam Rankine cycles eventu-
ally used to exploit relatively small available thermal powers (from
few hundreds of kW up to tens of MW) and/or low-medium heat
source temperatures (namely between 80 and 400 °C) actually
prevents the use of water as working fluid [10]. This kind of ap-
plications concern small biomass plants, small and low-
temperature solar systems, small-scale industrial Waste Heat Re-
covery (WHR) and geothermal plants. The exploitation of low
temperature heat sources by means of steam cycles would entail, in
fact; the use of subcritical cycles with very low evaporation tem-
perature and a large enough superheating grade to guarantee a
sufficiently high vapour quality at turbine discharge, leading to a
strong penalization of cycle thermodynamic performance. Also,
steam cycles with low thermal input would involve the
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Nomenclature and acronyms

CR Cascaded Recuperative
CSp Concentrated Solar Power
ECO Economizer

EVA Evaporator

HRU Heat Rejection Unit

HTF Heat Transfer Fluid

p Pressure

PHE Primary Heat Exchanger
Q Thermal Power

Rec Recuperator

RR Recompressed Recuperative
S Specific Entropy

miniaturization of the turbine still having very high enthalpy drops
with a consequent reduction of the expansion isentropic efficiency
and the increased component specific cost [11]. The use of a
working fluid alternative to water, characterised by more appro-
priate thermodynamic properties, actually allows to avoid the
occurrence of the aforementioned issues and to achieve higher
plant efficiency. This technology generally based on the use of
organic compounds (hydrocarbons, halogenated hydrocarbons, si-
loxanes) is named Organic Rankine Cycle (ORC) and currently
represents the most reliable option available on the market for the
exploitation of low-medium temperature heat sources in a large
range of plant power outputs (from few kW to tens of MW).
Compared to water, in fact, organic fluids enable the reduction of
the evaporation pressure, the increase of the condensation one,
leading to a lower number of stages and reduced costs of the tur-
bine and, likely, to higher cycle efficiency. In the last 20 years, the
ORC technology has been able to penetrate the market in a more
effective way with respect to other technologies, such as the Kalina
cycle and the Goswami cycle [12] or the thermoacoustic Stirling
engine [13], reaching more than 2.8 GW of installed power and
more than 1700 installed plants [14]. However, organic fluids suffer
from low thermal stability that causes fluid cracking at tempera-
tures around 350 °C preventing their reliable use at higher tem-
peratures [15]. Considering the mentioned actual applications of
steam cycles and ORG, it is possible to observe that there exists a
spectrum of conditions in which these technologies can compete.
Such a set of cases includes medium-to-high temperature heat
sources and medium power outputs (from 5 MW to 20 MW). The
ORC community is used to refer to such a spectrum of conditions as
“steam vs. ORC grey zone”, underling that the choice between the
two power systems is by no means self-evident [10].

Another technology being able to compete with steam cycles in
different applications is the closed-cycle CO, power plant which
has gained, in recent years, a large interest from both the Industry
and the Scientific Community [16]. Transcritical and supercritical
CO; cycles are typically envisaged for large (50 MW to hundreds of
MW) and high-temperature (>600 °C) power plants coupled with
different thermal sources: solar energy (solar tower technology)
[17], nuclear energy (IV generation nuclear reactors) [18] and fossil
fuels [19,20]. In these fields of application, CO, plants can compete
against conventional steam cycles thanks to their smaller invest-
ment cost, more compact turbomachines, simpler plant arrange-
ment, higher efficiency and flexibility. A number of experimental
plants have been designed and tested in recent years with a focus
on solar [21,22] and nuclear applications [23,24]. A 25 MW plant is
in construction in Texas with a turbine manufactured by Toshiba
[25]. It is thus possible to identify another set of conditions in
which steam cycles do not represent the only possibility but,
conversely,

Sat-R Saturated Recuperative

Sat-nR Saturated non Recuperative
Sh-nR Superheated non Recupaerative
sCO, Specific entropy supercritical CO,
SH Superheating

Sh-R Superheated Recuperative

SnR Simple non-Recuperative

SP Turbine size parameter

SR Simple Recuperative

T Temperature

Vr Turbine volume ratio

WHR Waste Heat Recovery

n Efficiency

an alternative to CO; cycles. In such a “steam vs. CO; grey zone” the
choice between steam and CO, is indeed not straightforward
[26—29].

Moreover, besides the already mentioned high-temperature
application of CO; power cycles, this technology may be also
considered as a solution for the exploitation of medium tempera-
ture heat sources comparably viable to the one represented by ORC
and possibly preferred thanks to the valuable advantage of using an
environmental friendly, widely available, safe and thermally stable
working fluid. In the United States this concept is investigated by
Echogen [30—32], which manufactures supercritical simple recu-
perated CO, cycles for waste heat recovery applications which
operate close to the critical point, offering, in addition, efficient
Combined Heat and Power solutions (CHP). Scientific literature
lacks in providing a clear comparison among ORC and CO; cycles
for low-medium temperatures since (i) calculations performed by
different authors rely on different assumptions, (ii) ORC are rarely
optimized by varying different cycle parameters and investigating
several working fluids and (iii) studies on CO, power plants are
more focused on large-scale and high temperature applications.
This paper aims to delineate the “ORC vs. CO, grey zone”,
providing performance maps that could enable a straightforward
and fair thermodynamic comparison as well as an easier selection
between ORC and CO, power plants in a wide range of applications
where they may compete.

In order to investigate a large range of possible applications, the
analysis is carried out considering both constant and variable
temperature heat sources with a maximum temperature ranging
from 200 °C to 600 °C. Each point of the performance maps pro-
vided by the paper indicates the optimal efficiency of the most
performant ORC or CO, power cycles, considering their most suit-
able configuration among those investigated.

As regards ORC, those are modelled as both saturated and su-
perheated subcritical Rankine cycles, possibly adopting a recuper-
ator. The use of 47 different pure working fluids in these cycles is
thus compared. Concerning CO; cycles, four plant layouts are
investigated: simple non-recuperative, simple recuperative,
recompressed recuperative and cascade recuperative configura-
tions. In all cases, the considered expander is a three-stage axial
turbine and its efficiency is evaluated with a correlation which
accounts for the effect of volume ratio (Vr) and size parameter (SP)
[33].

The analysis is performed considering both high- and low-
temperature heat sinks, representative of the use of, respectively,
ambient air or water. In the first case, heat is rejected to the
ambient with an air-cooled condenser, limiting the CO; cycle to a
non-condensing Brayton configuration. In the second case, the
availability of water enables cooling the CO, below its critical



temperature (31 °C), thus entailing the possibility to condensate
the CO, which, consequently, allows for the less-power-consuming
compression of liquid CO, as well as for the more thermodynami-
cally favored low-temperature heat rejection.

2. Methodology and general assumptions

The comparison between ORC and CO, power cycles is per-
formed in this work considering several heat sources as represen-
tative of all the possible applications where ORC and CO, power
systems may compete in the low-medium temperature range (see
Fig. 1-a). These applications include: (i) power plants which exploit
hot geothermal brines (with a maximum temperature of 250—300
°C if Enhanced Geothermal Systems are considered); (ii) solar
power plants characterized by low maximum temperature (up to
450 °C) of the HTF in solar field and small power output (up to
around 20 MW); (iii) medium-small biomass fired power plants
(1-5 MW); (iv) WHR applications with a wide range of possible
heat sources which might differ both on the type of industrial
process they originate from and on the primary engine that releases
the flue gases (gas turbine or endothermic engine). All these ap-
plications differ not only in the heat source maximum temperature
but also in the minimum temperature that limits the cooling of the
hot stream, as detailed herein. The reinjection temperature of
geothermal brines is limited by the need to prevent well depletion
or scaling issues involving silica deposition on heat exchanger
surfaces and pump blades. Limitations on minimum temperatures
also regard CSP and biomass applications, where the diathermic oil
used as HTF (into the solar field or in the biomass boiler) cannot be
cooled down to very low temperature because of the necessity to
avoid pouring issues or an excessive fluid viscosity, which would
increase the power consumption of circulating pumps. Finally, in
the case of heat recovery from flue gases, the minimum cooling
temperature is generally limited to 80—150 °C to avoid the
condensation of acid compounds but it can be higher if other waste
heat recovery processes exploit the same hot stream.

For all the calculations, we consider heat sources characterized
both by different maximum temperatures, Tsmax, (comprised be-
tween 200 °C and 600 °C) and by different cooling grades ATy
(varying from 0 to 100%). The cooling grade is defined as the ratio
between the maximum allowable temperature variation of the heat
source and the maximum temperature difference given by Ts max —
To, where Ty is the temperature of the heat sink, respectively 15 °C
for water and 25 °C for ambient air. Minimum temperature of the
heat source are thus calculated with the following equation, eq. (1).

Ts,min = Ts,max - AT%(Ts,max - TO) (1)
where Ts max, ATy and To will be specified to represent specific
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applications.

This approach allows to investigate a wide number of cases,
from completely isothermal heat sources (ATy = 0%) to hot streams
undergoing complete cooling down to ambient temperature (ATy =
100%). Fig. 1-a shows the different applications investigated in this
study, considering a maximum temperature of the heat source
comprised between 200 °C and 600 °C. Fig. 1-b then reports the
minimum temperature of the heat source, calculated as a function
of Tsmax, ATy and Tp = 15°C. Moreover, for each case-study iden-
tified by Tsmax and ATy, Fig. 1-c shows the plant efficiency attain-
able with a reversible process, namely a Carnot cycle for the
exploitation of isothermal heat sources and trapezoidal or trian-
gular Lorenz cycles for non-isothermal heat source applications. In
all the treated cases, the thermal power made available by the heat
source (Qmax) is fixed to 30 MWy, representative of the small-
medium power systems under comparison. For each heat source
condition, identified by Ts mqx and ATy in each point of the grids of
Fig. 1, four ORC cycle configurations and four CO, power cycle
configurations are thus optimized and compared. It is worth
observing that, in general, the thermal power actually entering an
optimized cycle (i.e. characterized by a maximal efficiency) may be
lower than the one made available by the complete cooling, from
Ts,max to Ts min, of heat source (30 MWy,). The maximization of cycle
efficiency, calculated as reported in eq. (2), depends on both the
heat actually entering the cycle (Qj;) and the cycle thermodynamic
efficiency. The increase of the cycle thermodynamic efficiency (by
adopting recuperators in CO; cycles or by increasing the evapora-
tion temperature in ORC systems) may lead to a non-complete
exploitation of the heat source and, thus, to a reduction of the heat
input to the cycle and a minimum heat source temperature higher
than the one reported in Fig. 1-b.

W )
Nplant = szlx = QIQHTZ;T (2)

The results which have been obtained are presented as perfor-
mance maps that present the resulting optimal configuration,
among the ones considered in this work and allow for an easy
comparison between ORC and CO; power systems. The analysis is
repeated for two different heat sinks, either available at 15°C (as
representative of cooling water from a borehole, a river or a lake) or
at 25 °C (representative of ambient air), thus resulting in the pro-
duction of two performance maps. The selection of two different
heat sink temperatures allows comparing ORC power systems with
both supercritical CO, cycles and transcritical CO, configurations, in
which CO, condensation is attainable thanks to the availability of
low-temperature (T = 15°C) heat sinks.

Table 1 summarizes the assumptions common to ORC and CO,
configurations, regarding their interaction with the heat source and
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Fig. 1. a) Field of application of the present methodology, b) Minimum temperature of the heat source and c) Reversible cycle maximum efficiency attainable from the heat source,
as a function of the maximum temperature of the heat source and of the cooling grade for water-cooled applications.



the heat sink and the design of the main components. The con-
sumption of the Heat Rejection Unit (HRU) has been accounted
differently, according to the different adopted cooling medium. For
air-condensed ORC, the fan consumption is calculated as described in
Ref. [34] assuming a pinch-point temperature difference in the
condenser equal to 1 °C that results in a specific fan consumption
equal to 0.0732 kW/m?.. For air-cooled CO; cycles the fan power is
set equal to 0.5% of thermal power rejected to the environment,
representative of the value of gas cooler consumption in refriger-
ation and air conditioning large scale applications [35]. In case of
cooling water for both ORC and CO; cycles, the pump consumption is
determined assuming a fixed temperature rise in the unit equal to 7
°C and an overall pressure drop on the water loop equal to 1.5 bar.

In the following sections 3 and 4 we describe in more details the
configurations of ORC and CO, power cycles, providing the applied
specific assumptions and the description of the optimization pro-
cess. Each simulation has been performed in Matlab® [36] using
Refprop 9.1 [37] for the calculation of thermodynamic properties.

3. CO, power plants
3.1. Plant configurations description

In CO; cycles the working fluid is compressed, heated, expanded
and eventually cooled down in a closed loop configuration. In this
study, four different cycle configurations are investigated starting
from the simple non-recuperative cycle and moving towards so-
lutions oriented to an increase of systems efficiency and power
output. Fig. 2 depicts the four water-cooled cycles layouts and the
T-s and T-Q diagrams of the optimal solutions obtained by
exploiting a heat source with Tpax equal to 600 °C and cooling
grade equal to 60%.

The simplest configuration (Fig. 2-a) is the simple non-
recuperative (SnR) closed cycle, consisting in a compressor (or a
pump) that pressurizes the CO, up to the specified cycle maximum
pressure, a primary heat exchanger where the CO; is heated to the
cycle maximum temperature, a turbine extracting and converting
the CO; enthalpy drop into useful mechanical power and a gas
cooler heat exchanger that releases heat to the ambient cooling the
CO; down to the cycle minimum temperature. In spite of its
simplicity and its ability to exploit heat sources with a high-cooling
grade, this cycle suffers from a poor thermodynamic efficiency and
requires large pressure ratios thus reducing the possibility to
conveniently exploit, during compression, real gas effects in the
proximity of the critical point.

The use of a recuperator in simple recuperative (SR) cycle

configurations (Fig. 2-b) is generally suggested, as it reduces the
optimal pressure ratio and improves cycle efficiency. The recuper-
ator recovers a large fraction of the thermal power available at the
turbine discharge, allowing the pre-heating of the compressed fluid
thus leading to two main advantages: (i) a reduction of both the
heat input and the heat rejected to the environment (and, conse-
quently, a further reduction of auxiliaries power consumption) and
(ii) an increase of the power output due to a larger mass flow rate
of the working fluid, for a given thermal input. However, a
recuperator with large heat exchange surfaces can be
disadvantageous as it may reduce the grade of exploitation of the
available heat source; in such a case, the pinch-point temperature
difference in the recu-perator (representative of the surface of the
heat exchange), ATy, e, should thus be optimized. However, a
preliminary analysis has shown that the highest efficiency is
always obtained with the smallest possible value of ATy rec, also for
heat sources character-ized by a high cooling grade. In fact, if the
recuperator is considered with its pressure drops, it is always
preferable to adopt recuper-ators characterised by an extended
heat exchange surface (i.e., reduced ATy ), in order to reduce
energy consumptions related to heat rejection unit. From an
economic point of view, the intro-duction of a recuperator in a
closed gas cycle generally does not involve a marked increase of
capital cost (differently to open gas cycles) since the presence of
this component allows to reduce the size of both the PHE and the
HRU. Similar considerations also apply to the system flexibility
(start-up time, load variation, etc.), strongly dependent on the
thermal inertia of the heat exchangers. Moreover, Simple
Recuperative (SR) CO, power cycles should conveniently operate
with a minimum pressure and temperature close enough to the
critical point in order to decrease the compression work, taking
advantage from the remarkably lower compressibility factor
(0.2—0.4) which characterises the fluid around the critical region. If
real gas effects lead to the reduction of the power required for
pressurization on one side, those represent, on the other side, a
limit for the efficacy of the recuperator in the simple recuperative
cycle (SR). The difference in the specific heat capacities of CO, be-
tween the low temperature and high pressure cold side of the
recuperator and the higher temperature and lower pressure hot
one leads to relevant temperature difference between the two
sides of the recuperator (see the T-Q diagram in Fig. 2-b) and a
more irreversible heat transfer process.

In order to mitigate this penalization, the recompressed recu-
perative cycle (RR) (Fig. 2-c), originally proposed by Angelino [38],
has also been considered in this work. Differently from the simple
recuperative (SR) cycle configuration, the internal recovery process
of the recompressed cycle takes place in two different heat

Table 1
General assumptions for ORC and CO, configurations.
CO, ORC
Heat sink temperature 15°C 25°C 15°C 25°C
water cooled air cooled water cooled air cooled
Minimum working fluid temperature 25°C 40°C 25°C 40°C
ATap,PHE, ATpp, PHE, ATpprec 10°C 5°C
ATsubcoo]ing - 5°C
Ap (or, whether relative, Ap/pin) PHE 2% 50 kPa (ECO),
AT =1°C (EVA),
2% (SH)

Ap (or, whether relative, Ap/pin) REC

Compressor/pump hydraulic efficiency 0.85

Generator electrical efficiency
Mechanical efficiency
Pump electrical motor efficiency 0.97

2% (hot side),
2% (cold side)
Ap (or, whether relative, Ap/pin) HR 2%

2% (hot side),
50 kPa (cold side)
2% (desuperheating),
AT = 0.5 °C (condensation)
0.75
0.97
0.97
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Fig. 2. Plant layout, T-s and T-Q diagrams for the four CO, cycle configurations under investigation.



exchangers. The cold and high-pressure side of the Ilow-
temperature recuperator is characterized by a reduced CO, mass
flow rate to better balance the heat capacities of the hot and cold
recuperator sides, in order to reduce the average temperature dif-
ference between the two streams and, thus, increase the cycle ef-
ficiency. The remaining portion of the low-pressure CO, which
bypasses the HRU is pressurized in a separate compressor and then
reinjected in the main stream at the outlet of the low-temperature
recuperator. As already mentioned, the main drawback of opti-
mized recuperative configurations, especially the recompressed
one (RR), is related to the very high mean temperature of the heat
introduction process which limits the exploitation of heat sources
featuring a high cooling grade. To efficiently exploit this kind of
heat sources it is crucial to find the best trade-off between the in-
crease of cycle thermodynamic efficiency and the reduction of heat
input.

A possible proposed solution is represented by the adoption of
the cascade recuperative cycle (CR) [39]. In this cycle configuration
(Fig. 2-d), the CO, mass flow rate is split just after the pump unit:
the main stream after a preheating is heated up to the maximum
cycle temperature in the PHE while the secondary stream is heated
by a recuperator which recovers the heat available at the discharge
of the high-temperature turbine. The heat available after the low-
temperature turbine is partially recovered to preheat the main
stream in a second recuperator. As a result, this cycle is charac-
terised by a lower efficiency with respect to the one of the optimal
recompressed recuperative cycle, but it enables a more complete
exploitation of variable temperature heat sources.

In case of water-cooled cycle, the CO, plant is condensative
while, for the air-cooled configuration, the cycle minimum tem-
perature is above the critical temperature of CO,, thus resulting in a
supercritical configuration which adopts a compressor (directly
connected to the turbine shaft) instead of a pump for working fluid
compression.

3.2. Optimization methodology and results

The optimal design of each configuration is the one that maxi-
mises the plant efficiency and hence the power output. The set of
optimizing variables changes depending on the cycle configuration
and the available heat sink. The maximum pressure of the cycle is
optimized at all times (considering an upper bound equal to 300
bar) as well as the minimum pressure in case of non-condensing
cycles. When water is used as cooling medium, both condensing
and non-condensing cycles are evaluated. In addition, also the split
ratio is optimized for recompressed recuperative (RR) and cascade
recuperative (CR) cycles. Turbine efficiency is computed with the
equation presented in Ref. [33] as function of the turbine Size
Parameter (SP) and of the volume ratio (V;), considering a three-
stage axial turbine. This correlation allows considering the effects
of both turbine dimension and expansion volume ratio on the
machine isentropic efficiency. The smaller is the turbine dimension
(low SP) the higher is the efficiency penal-ization due to secondary
and leakage losses. On the other hand, the higher is the volume
ratio (Vr), the lower is the maximum attainable efficiency because
of the difficulties in handling large volume flow rates variations in
few stages, presence of supersonic velocities, large flaring angles
and high stage loading. For the calculation of plants power output,
we considered the compressors as connected to the turbine shaft
and the pump, which is present in case of condensative water-
cooled cases, as connected to an electrical motor.

A first analysis is carried out considering different CO, water-
cooled configurations. In water-cooled CO, cycles, CO, can
condensate at cycle minimum temperature leading to a reduced

pump consumption and to an increased plant efficiency.

Fig. 3-a shows the efficiency of the optimal simple non-
recuperative (SnR) CO; cycle. The power output increases with the
maximum temperature of the heat source, as a result of the larger
difference between turbine production and pump con-sumption
for a given pressure ratio. It is interesting to note that for low
maximum temperature of the heat source and high cooling grades,
the optimal pressure ratio of a closed gas cycle is small resulting in
a condensing optimal cycle configuration. On the contrary, for
higher temperature heat sources, the optimal pressure ratio for a
non-recuperative gas cycle is higher than the ratio be-tween the
maximum pressure upper bound and the saturation pressure at 25
°C, resulting in an optimal non-condensing cycle. In these cases, it
is preferable to increase the cycle pressure ratio instead of
exploiting the real gas effects during compression. Heat source
conditions for which the non-condensing cycle results more
efficient than the condensing one are represented by the black
solid line in Fig. 3-a. Improved efficiencies can be attained with the
simple recuperative (SR) cycle (Fig. 3-b) which is more efficient
than the simple non recuperative (SnR) cycle at all times except for
low-temperature heat sources characterised by a high cooling
grades. In such cases, in fact, the heat recovered in SR recuperator is
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reduced and recuperator pressure drops contribute to the reduc-
tion of cycle efficiencies (Fig. 3-c). Recompressed recuperative cy-
cles (RR) are more efficient than simple recuperative ones (SR) for
heat source temperatures higher than 250 °C and a cooling grade
lower than 40%, as shown by Fig. 3-d and Fig. 3-e. Finally, cascade
recuperative cycles (CR) (Fig. 3-f and Fig. 3-g) are recommended for
high cooling grade heat sources since they perform better than SR
and RR cycles. In Fig. 3-c-e-g, regions where the performance of
two adjacent plant configurations differ by less than 2.5% are
highlighted with a line pattern. Fig. 4 shows the variation of the
efficiency and power output of the four configurations as a function
of the heat source cooling grade, considering a maximum tem-
perature of the heat source equal to 450 °C. In particular, Fig. 4
highlights that the recompressed recuperative cycle (RR) domi-
nates at low cooling grade while the cascade recuperative cycle
(CR) is the most promising solution when the heat source can be
cooled down to low temperature. The trend of efficiencies reveals a
maximum value when the heat source results to be completely
exploited.

The same comparison has been performed with air-cooled cy-
cles and results are reported in Fig. 5. Similar conclusions as for the
water-cooled cycles can be drawn.

4. ORC plants
4.1. Plant configurations description

Two decisional variables mainly affect the design of an ORC: (i)
the selection of the working fluid and (ii) the cycle configuration.
However, those participate in a correlated way to the definition of
the optimal cycle and must be, thus, selected simultaneously: the
working fluid, which fixes the thermodynamic backbone of the
cycle, influences the design of each component; vice versa, the
preferable utilization of one or the other configuration may lead to
the selection of one or the other working fluid. In particular:

o the critical temperature of the fluid affects in a relevant way the
pressure levels within the cycle. High critical temperatures
involve low pressures at both evaporation and condensation
levels and an increase of turbine pressure ratio and volume ra-
tio; this is detrimental for the application of large size ORCs
which, on one side, involves issues related to the presence of
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cycle configuration among the four types investigated along the study (b).

non-condensable gas leakages and, on the other, requires an
increase of turbine number of stages, diameter and cost [40]. On
the contrary, the use of high critical temperature fluids in small
size applications allows to design a compact, but not miniatur-
ized, turbine characterized by a good efficiency;
o the fluid molecular complexity mainly affects the shape of the
saturation boundaries (Andrews diagram) which separate, in a
T-s diagrams, the two-phase region from the single-phase ones.
In particular, increasing the molecular complexity leads to an
enhanced steepness of the saturation vapor curve that becomes
overhanging for highly complex fluids. Complex fluids thus
positively present dry expansions even starting from saturated
vapor conditions, resulting in improved turbine efficiency and
lifetime. In addition, a high molecular complexity leads to small
temperature drops in expansion, which involve higher tem-
peratures of the fluid at the turbine outlet thus enabling, by
means of a recuperative cycle configuration, to preheat the
compressed liquid and to increase cycle efficiency.
molecular mass also plays an important role in the assessment
of component design. Higher molecular mass involves the
reduction of both enthalpy drops during expansion and fluid
speed of sound, leading to turbines with a reduced number of
stages, low loading coefficients but supersonic velocities tri-
angles and the need of non-conventional blade design.

In this work, the use of 47 potential working fluids is investi-
gated. Thermodynamic calculations are performed with the prop-
erty package made available by Refprop 9.1 [37]. Among these 47
working fluids, there are 23 hydrocarbons, among which 15 are
alkanes, 16 halogenated fluids (with hydrogen atoms partially or
totally substituted by fluorine atoms) and 8 siloxanes. The set of
candidate working fluids spans from low critical temperature and
relatively low complexity fluids (R143a, propane, R134a) up to
heavy, complex and high critical temperature compounds (ben-
zene, MDM, decane). The complete list of considered fluids is re-
ported in Fig. 6 with their critical parameters and maximum
operating temperatures. This last property is dictated by the ther-
mal stability limit of the fluid, above which it starts to decompose
in lighter compounds that change the fluid thermodynamic proper-
ties, possibly leading to the detrimental formation of solid particles
that would damage the turbine blades and increase fouling on the
surfaces of the heat exchangers. For each specific fluid, we consider
this limit as the maximum temperature of the experimental dataset
used to calibrate the equation of state.

Regarding the ORC plant configurations, the analysis is limited
to subcritical cycles since the vast majority of the installed ORC
plants is based on this cycle layout. Despite supercritical and two
pressure levels ORCs may also be advantageous, these cycles have
not been considered here since it has only been used in a limited
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number of plants. Examples of supercritical cycles are the
geothermal installations by TAS in USA [41], the experimental ac-
tivity carried out by ENEL in Livorno [42] or in very few waste heat
recovery applications. Two evaporation levels cycles are instead
adopted by Exergy for the exploitation of low temperature
geothermal brines [43,44]. We decided to focus this work on con-
figurations being well-established in the current state-of-the-art of
the ORC technology, based on either superheated or saturated cy-
cles possibly provided with a recuperator. The considered general
plant layout is reported in Fig. 7, together with the T-s diagram of
ORC operating with butane as working fluid and corresponding to
the optimal cycles for air cooled applications, which exploit a 200
°C heat source with a 40% cooling grade.

4.2. Optimization methodology and results

Each plant is optimized from a thermodynamic perspective
varying: (i) the evaporation temperature, (ii) the condensation
temperature and, only for superheated cycles, (iii) the superheating
degree. Turbine efficiency is computed with the correlation pre-
sented in Ref. [33] as function of turbine SP and V;, considering a
three stages axial turbine, as for CO,-cycles.

For complex molecules having an overhanging saturation vapor
line, the maximum evaporation temperature for saturated cycles
coincides with the temperature corresponding to the maximum
saturated vapor entropy, in order to avoid two-phase flow expan-
sion in the first turbine stage. Differently, for superheated cycles,
the maximum evaporation temperature is set 10 °C below the
critical temperature and a minimum value of superheating is
imposed to 5 °C.

In case of simpler molecules characterized by non-overhanging
saturation vapor lines, we consider a penalization of turbine effi-
ciency due to the possible presence of liquid droplets: for vapor
quality below 0.95 we accounted for 1 percentage point of penal-
ization for each 1 percentage point of liquid fraction. To prevent
from air leakages resulting from the achievement of sub-
atmospheric minimum pressures by the organic working fluid, the
minimum condenser pressure is limited to 1 bar. It is recalled that,
in ORC, the removal of non-condensable gases by venting them in
the environment is not possible by using a deaerator like in steam
cycles, for safety, environmental and economic reasons. This
constraint penalizes especially high-critical temperature fluids that

result to be bounded to high condensing temperature. To quantify
the power production lost by the imposition of such a limit, the
effect of lower bound condensing pressures on ORC efficiency is
discussed.

Fig. 8-a shows the maximum efficiency attainable with ORC
water-cooled power plants: net power ranges from 3.6 MW to 9.5
MW respectively for low-temperature heat sources with high
temperature grades and for isothermal heat sources with temper-
atures higher than 500 °C. Fig. 8-b depicts the best cycle layout that
is always the superheated recuperative (Sh-R) one, except for low
temperature heat sources having a high cooling grade. In these
cases, in fact, the saturated cycle is the most efficient solution. Heat
source conditions with a power production gap between saturated
and superheated cycles lower than 2.5% are marked with a line
pattern meaning that also saturated cycles are appropriate in these
cases since they guarantee a good matching with the heat source.
Finally, for heat sources with low maximum temperature and high
cooling degree, the use of the recuperator is not strictly recom-
mended since the power output results to be slightly higher than
the non-recuperative cycle. An asterisk labels the heat source
conditions for which the difference between the power production
of the best recuperative and the best non-recuperative cycle is
lower than 2.5%. The optimal working fluid is reported in Fig. 8-c:
the higher the maximum average temperature of the heat source
(namely high-Ts mqx and low-ATy), the higher the critical temper-
ature of the optimal fluid. On the contrary, for heat sources with
higher temperature variations, it is preferable to adopt fluids with a
lower critical temperature because they allow condensing at low
temperatures while maintaining limited volume ratios and high
turbine efficiency. For maximum temperatures of the heat source
higher than 500 °C, the optimal ORC plant does not change as well
as the system efficiency, since the maximum temperature of the
cycle is bounded by the thermal stability limit of the fluid, rather
than by the heat source temperature profile.

Similar results are obtained for air-cooled power plants, which
prove to be characterized by a lower power production for low
critical temperature fluids, according to the higher condensation
temperature. The higher penalization on cycle efficiency (up to 2.3
efficiency points) is obtained for low maximum temperature and
high cooling degree heat sources, as reported in Fig. 9-a. On the
contrary, for high critical temperature fluids the condensation
temperature is limited by the constraint on minimum condensation
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Fig. 7. General plant layout for ORC power systems and Ts diagram for the four cycle configurations optimized for the exploitation of an heat source having maximum temperature

equal to 200 °C and cooling grade equal to 40% using butane as working fluid.
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pressure, higher than 1bar. Optimal fluids are almost unchanged
and superheated recuperative cycles are always the best option
although saturated and non-recuperative cycles are interesting for
low-temperature applications.

In order to highlight the effect of condensation pressure limit,
an additional case is investigated setting the lower bound of this
quantity equal to 0.05 bar (a typical value for steam power plant),
rather than 1 bar. In this case, the use of a common deaerator is
ruled out since organic fluids cannot be vented into the environ-
ment. Generally a vacuum pump is adopted to remove the non-
condensable gases from the condenser, followed by a gas treat-
ment unit in order to recover part of the organic fluid and reinsert
it into the working cycle [45]. The efficiency increases for both
water-cooled and air-cooled cycles as reported in Fig. 9-b and Fig.
9-c respectively. No changes in efficiency are observed for low-
temperature heat sources because the limit on condensation tem-
perature, dictated by the cooling medium temperature and the
assumed value of ATy, ¢ong, is more restrictive than the constraint
on condensation pressure.

Most of the organic fluids are either toxic or flammable and,
consequently, their use typically leads to environmental and safety

Heat source max. Temperature, °C

O O O O O 0O O O O
LS LS LS

Heat source max. Temperature, °C

O O P O L N L. 9
DR L R

issues and additional cost for hazard prevention. On the contrary,
CO; is a safe fluid that can be preferable in industrial and civil ap-
plications. To provide an additional comparison, which accounts for
such quality parameters of organic fluids, a last analysis is per-
formed limiting it to the use of safe organic fluids labelled with an
asterisk in Fig. 6. These constraints strongly limit the number of
utilizable fluids and, thus, lead to a marked reduction of obtainable
power outputs. The maximum attainable efficiency (Fig. 10) is ob-
tained with supercritical recuperative cycles working with R245fa
or R236ea: two fluids having a similar critical temperature, a
similar molecular formula and, thus, a similar molecular mass and
complexity (CF3-CH;-CHF; vs CF3-CHF-CHF,).

5. Comparison ORC vs CO,

The comparison of ORC and CO, performance maps presented in
sections 3 and 4 has led to the definition of additional maps, which
enable the easier assessment of the maximum efficiency attainable
either with ORC power plants or with CO; cycles for all the
considered conditions. Those are shown in Fig. 11 where areas with
line pattern highlight the heat sources conditions that result in a
difference in power production of ORC and CO, lower than the
2.5%. More details are specified in the following.

The first comparison is carried out between CO, cycles and ORC,
considering a condensation pressure limit equal to 1 bar in order to
avoid non-condensable gas leakage during operation. If water is
available as cooling medium (Fig. 11-a), ORC proves to be preferable
to CO; cycles for low-temperature heat sources (namely below 300
°C-350 °C). These cases are representative of biomass plants, solar
power technologies, where a loop of synthetic oil is used within the
furnace or in the solar field with temperatures usually ranging from
150 °C to 350°C, and of cycles applied to exploit hot geothermal
brines. On the contrary, CO, cycles are promising for higher-
temperature heat sources. The introduction of the cascade
recuperative cycle (CR) makes CO, very promising also for heat
sources with a high cooling grade. CO; cycles can find application in
waste heat recovery form industrial processes or from gas turbines
or endothermic engines flue gases. Both ORC and CO; air-cooled
plants (Fig. 11-b) are characterized by reduced performances with
respect to water-cooled solutions. However, the necessary use of
supercritical CO; cycles, when air is available as cooling medium,
enhances their penalization with respect to the one afflicting ORC,
confining CO, plants in a narrower region of the provided perfor-
mance maps and highlighting the large advantages in adopting
transcritical CO, cycles instead of supercritical ones.
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The second comparison is carried out considering a lower value
of the minimum condensation pressure for ORC (0.05 bar instead of
1 bar), leading to the possibility to design cycles having a larger
temperature difference and higher critical temperature fluids. ORC
power output increases especially for systems designed to exploit
high temperature heat sources; however, it is worth observing that,
in these cases, the plant requires higher investment and O&M costs
to limit the presence of non-condensable gases during operation.
As result, the range of possible application of ORC is wider than in
the previous comparison and the efficient use of CO; cycles results
to interest only high temperatures heat sources.
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with pcond>1bar and non-flammable fluids.

The last comparison is performed excluding flammable mole-
cules from ORC candidate working fluids. In this case, CO, becomes
a more interesting solution pushing the boundary of ORC applica-
tions towards lower heat source temperatures. ORC, however, still
remains the best options for applications with a maximum tem-
perature lower than 300 °C.

6. Conclusions

This work aims to compare performances of CO, power cycles and
ORC for waste heat recovery applications. Performance maps are
presented for both solutions, considering (1) heat sources charac-
terized by different maximum temperatures
(Ts,max =[200°C—600°C]) and cooling grades (ATy=[0—100]), (2)
water-cooled (T = 15 °C) and air-cooled (T, = 25 °C) cycles. The key-
points of the analysis and main outcomes are briefly described below.

e In this work, CO; cycles have been designed as (i) Simple non-
Recuperative (SnR), simple recuperative (SR), Recompressed
Recuperative (RR) and Cascade Recuperative (CR) configura-
tions, since they are recognized as the simplest and possibly the
most suitable configurations for small to medium size plants.
From the analysis it results that increasing cycle maximum
pressure and temperature is profitable at all times while the
cycle minimum pressure must be optimized considering the
effect on both turbine efficiency and compressor consumption.

e ORC plants can be designed according to different plant layouts
and they can adopt a large number of working fluids. Optimiza-
tion of both aspects is crucial to obtain high conversion efficiency
and to maximize power output. From the analysis reported in this
paper, superheated recuperative cycles turn out to be the best
solution for almost all the investigated cases with the exception of
heat sources having a very high cooling grade. On the other hand,
the optimal fluid critical temperature results to be strictly linked
to the thermodynamic quality of the heat source.

e ORCs are the most efficient solution in a large range of appli-
cations, especially for heat source temperature below 350 °C,
while CO, represents the most convenient solution for higher
temperatures. The availability of cooling water leads to an
improvement of the CO, efficiency thanks to the possible
adoption of condensing cycles which enable the strong reduc-
tion of power consumption of the pressurization system and of
HRU auxiliaries.

e Two other aspects are highlighted:

- considering a higher vacuum at ORC condenser allows to in-
crease the performance of these cycles, weakening even more
the competitiveness of CO, systems but leading to a more
complex ORC unit operation because of the need to extract
non-condensable gases,

- excluding flammable fluids from the optimization of ORC
systems makes CO; cycles the preferable solution even for
heat source temperature higher than 300 °C. However, CO,
cycles must deal with very high pressures that make the
design of the components non-trivial and also lead to safety
issues.

e Finally, it is worth to underlining that, for all the cases investi-
gated, ORC technology might compete with CO; cycles also at
higher temperatures if more efficient cycle layouts were
considered, such as the supercritical or the two evaporation
level configurations.
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